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Preface

The primary purpose of the Fourth Edition of Fluid Power with Applications
remains the same as that of the previous editions: to provide the student with a
sound, basic background in the vast field of fluid power. As such, this book covers
those subjects essential to understanding the design, analysis, operation, and
maintenance of fluid power systems. Similarly, it is written for engineering tech-
nologists, engineering technicians, and apprentices of industrial training pro-
grams.

As in the previous editions, although theory is presented where desirable,
the emphasis is placed on understanding how and why fluid power systems oper-
ate and on practical applications as well. In this way, the student learns not only
the “‘why" but also the “*how™ of fluid power system operation.

Based on input from users of the Third Edition and from my colleagues, the
following major changes have been incorporated in this book:

1. Learning objectives have been identified at the beginning of each chapter.
In this way the student can determine what important knowledge and problem-
solving techniques should be learned upon completing each chapter.

2. The exercises at the end of each chapter have been modified and grouped
according to subject categories. This allows the instructor to assign exercises
more readily to the student to improve learning and problem-solving techniques.

3. Section 1.8 on environmental issues has been incorporated to reflect the
ever-increasing need to conserve natural resources and protect the environment.
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Key environmental issues discussed are developing biodegradable fluids, reducing
oil leakage, and reducing noise levels.

4. A new section, Sec. 2.15, describes the proper ways 1o maintain and
dispose of hydraulic fluids. This section is consistent with the fact that it is very
important to minimize the generation of waste hydraulic fluids and to dispose of
them in an environmentally sound manner.

5. Section 5.13 has been added describing the use of computers to analyze
hydraulic systems. It is frequently desirable to optimize the operation of hydraulic
systems based on a performance-vs.-cost analysis. In order to perform the huge
number of calculations to optimize complete hydraulic systems in a reasonable
period of time, it is necessary (0 utilize computers. By using computers, the value
of any system parameter can be changed, and the effect on system performance
can be quickly determined and compared to the cost of changing the correspond-
ing component or fluid in the actual system.

6. Section 6.8 has been added to identify the principal sources of noise in
hydraulic systems and describe methods for reducing noise levels. Controlling
noise levels is critically important in terms of preventing human accidents due to
noise masking as well as protecting against permanent loss of hearing.

7. A section (Sec. 7.3) on the mechanics of hydraulic cylinder loadings has
been incorporated. This section discusses the use of various mechanical linkages
to increase or decrease the effective leverage and stroke of hydraulic cylinders.

8. A second chapter on pneumatics has been added to provide further cover-
age of this important segment of fluid power. Additional topics covered include
pneumatic circuit design considerations, vacuum systems, economic cost of en-
ergy losses due to friction and leakage, and power requirements of compressors.

9. Two sections (Secs. 14.6 and 14.7) on the subject of fluid contamination
have been added. These sections deal with the effect of entrained gases on hy-
draulic systems and the wear of moving mating parts due to solid-particle contami-
nation of the fluid. This new material reflects the fact that more than half of all
hydraulic system problems have been traced to the hydraulic fluid.

10. Greater emphasis has been placed on the metric system of units through-
out the Fourth Edition. For example, in the end-of-chapter exercises, the letter E
following the exercise number indicates that English units are used and the letter
M indicates metric units. This reflects the U.S. industry’s trend toward increased
usage of the metric system in the manufacture of all types of products.

As in the case of the previous editions, I am indebted to the numerous fluid
power equipment manufacturing companies for permitting the inclusion of their
photographs and other illustrations in this textbook.
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Learning Objectives

Upon completing this chapter, you should be able to:

e N -
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10.

11.

Explain what fluid power is.

Differentiate between the terms hydraulics and pneumatics.

Understand the difference between fluid power systems and fluid transport
systems.

Appreciate the history of the fluid power industry.

Discuss the advantages of fluid power.

Describe key applications of fluid power.

Specify the basic components of fluid power systems.

Recognize the various types of fluid power-control systems.

Appreciate the size and scope of the fluid power industry.

Identify the categories of personnel who are employed in the fluid power
industry.

Describe the environmental issues dealing with developing biodegradable
fluids, reducing oil leakage, and reducing noise levels.



2 Introduction to Fluid Power Chap. 1
1.1 WHAT IS FLUID POWER?

Fluid power is the technology {hat deals with the generation, control, and trans-
mission of power-using pressurized fluids. It can he said that fluid power is the
muscle that moves industry. This is because fluid power is used to push, pull,
regulate, or drive virtually all the machines of modern industry. For example, fluid
power steers and brakes automobiles, launches spacecraft, moves earth, harvests
crops, mines coal, drives machine tools. controls airplanes. processes food, and
even drills teeth. In fact, it is almost impossible o find a manufactured product
that hasn't been *“fluid-powered™ in some way at some stage of its production or
distribution.

Since a fluid can be either a liquid or a gas, fluid power is actually the general
term used for hydraulics and pneumatics. Hydraulic systems use liquids such as
petroleum oils, water, synthetic oils. and even molten metals. The first hydraulic
fluid to be used was water because it is readily available. However, water has
many deficiencies. It freezes readily, is a relatively poor lubricant, and tends to
rust metal components. Hydraulic oils are far superior and hence are widely used
in licu of water. Pneumatic systems use air as the gas medium because air is very
abundant and can be readily exhausted into the atmosphere after completing its
assigned task.

It should be realized that there are actually two different types of fluid
systems: fluid transport and fluid power.

Fluid transport systems have as their sole objective the delivery of a fluid
from one location to another to accomplish some useful purpose. Examples in-
clude pumping stations for pumping water 10 homes. cross-country gas lines, and
systems where chemical processing takes place as various fluids are brought
together.

Fluid power systems arc designed specifically to perform work. The work is
accomplished by a pressurized fluid bearing directly on an operating cylinder or
fluid motor, which, in turn, provides the muscle to do the desired work. Of course,
control components are also needed to ensure that the work is done smoothly,
accurately, efficiently, and safely.

Liquids provide a very rigid medium for transmitting power and thus can
provide huge forces to move loads with utmost accuracy and precision. On the
other hand, pneumatic systems exhibit spongy characteristics due to the com-
pressibility of air. However, pneumatic systems are less expensive to build and
operate. In addition, provisions can be made to control the operation of the
pneumatic actuators that drive the loads.

Fluid power equipment ranges in size from huge hydraulic presses to minia-
ture fluid logic components used to build reliable control systems,

How versatile is fluid power? In terms of brute power, a feather touch by an
operator can control hundreds of horsepower and transmit it to any location
where a hose or pipe can go. In terms of precision such as applications in the
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machine tool industry, tolerances of one ten-thousandth of an inch can be
achieved and repeated over and over again. Fluid power is not merely a powertul
muscle: it is a controlled, flexible muscle that provides power smoothly, effi-
ciently, safely, and precisely to accomplish useful work.

Figure [-1 shows a pneumatically controlled dextrous hand designed to
study machine dexterity and human manipulation in applications such as robotics
and tactile sensing. Servo-controlled pneumatic actuators give the hand human-
like grasping and manipulating capability. Key operating characteristics include
high speed in performing manipulation tasks, strength to easily grasp hand-sized
objects that have varying densities, and force grasping control. The hand pos-
sesses three fingers and an opposing thumb, each with four degrees of freedom.
Each joint is positioned by two pneumatic actuators (located in an actuator pack
with the controlling servo valve) driving a high-strength tendon. Performance and
configuration constraints concerning the weight. size, gcometry, cleanliness, and
availability of individual actuators led to the choice of pneumatic actuation.

Figure 1-1. Pneumatically controlled dextrous hand. (Courtesy of Sarcos, Ine.,
Salt Lake City, Urah.)
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1.2 HISTORY OF FLUID POWER

Fluid power is probably as old as civilization itself. Ancient historical accounts
show that water was used for centuries to produce power by means of water-
wheels. and air was used to turn windmills and propel ships. However. these early
uses of fluid power required the movement of huge quantities of fluid because of
the relatively low pressures provided by nature.

Fluid power technology actually began in 1650 with the discovery of Pascal’s
law: Pressure is {ransmitted undiminished in a confined body of fluid.

Pascal found that when he rammed a cork down into a jug completely full of
wine. the bottom of the jug broke and fell out. Pascal’s law indicated that the
pressures were equal at the top and bottom of the jug. However, the jug has a
small opening area at the top and a large area at the bottom. Thus, the bottom
absorbs u greater force due to its larger area.

In 1750, Bernoulli developed his law of conservation of energy for a fluid
flowing in a pipeline. Pascal’s law and Bernoulli's law operate at the very heart of
all fluid power applications and are used for analysis purposes. However. it was
not until the Industrial Revolution of 1850 in Great Britain that these laws would
actually be applied to industry. Up to this point in time, electrical energy had not
been developed to power the machines of industry. Instead, it was fluid power
that, by 1870, was being used to drive hydraulic equipment such as cranes,
presses, winches, extruding machines, hydraulic jacks, shearing machines, and
riveting machines. In these systems, steam engines drove hydraulic water pumps,
which delivered water at moderate pressures through pipes to industrial plants for
powering the various machines. These early hydraulic systems had a number of
deficiencies such as sealing problems because the designs had evolved more as an
art than a science.

Then, late in the nineteenth century, electricity emerged as a dominant
technology. This resulted in a shift of development effort away from fluid power.
Electrical power wis soon found to be superior to hydraulics for {ransmitting
power over great distances. There was very little development in fluid power
technology during the last 10 yr of the nincteenth century.

The modern era of fluid power is considered to have begun in 1906 when a
hydraulic system was developed 10 replace electrical systems for elevating and
controlling guns on the battleship USS Virginia. For this application. the hydrau-
lic system developed used oil instead of water. This change in hydraulic fluid and
the subsequent solution of sealing problems were significant milestones in the
rebirth of fluid power.

In 1926 the United States developed the first unitized, packaged hydraulic
system consisting of a pump. controls, and actuator. The military requirements
leading up to World War I1 kept fluid power applications and developments going
at a good pace. The naval industry had used Auid power for cargo handling.
winches, propeller pitch control, submarine control systems, operation of ship-
hoard aircraft elevators, and drive systems for radar and sonar.
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The demands of World War Ll and the expanding economy that followed led
to the present situation where there are virtually a limitless number of fluid power
applications. Today fluid power is used extensively in practically every branch of
industry. Some typical applications are in automobiles, tractors. airplanes, mis-
siles, boats, and machine tools. In the automobile alone, fluid power is utilized in
hydraulic brakes, automotive transmissions, power steering, power brakes, air
conditioning, lubrication, water coolant, and gasoline pumping systems,

Relative to automotive applications, Fig. 1-2 is a diagram showing the Ben-
dix Hydro-Boost Power Brake System. The basic system consists of an open
center spool valve and hydraulic cylinder assembled in a single unit (see Fig. 1-3).
Operating pressure is supplied by the power steering pump. Hydro-Boost pro-
vides a power assist to operate a dual master-cylinder braking system. Normally
mounted on the engine compartment fire wall, it is designed to provide specific

Basic System Diagram

Pawer Stearing Pump & Resarvalr (Unimedified)

— e S U e _----N

_-_-J
_-_-\

Power Siaaring
Gear (Unmodified)

Ancumulator

Masser Cylindar

Combination Valve —_— alt*

Hydro-Boos:
Power Brake

Frant Brakes
{drum or dise)

Rear Brakes
{drurm o disc |

LEGEND

T OAAKE LINES - CONTAINING BRAKE FLUID
e HYDRAULIC AFETURN LINES
e ALTERNATE HIGH & LOW PRESSURE LINES

Figure 1-2. Bendix Hydro-Boost Power Brake System. (Courtesy of Bendix
Corp., South Bend, Indiana.)
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Figure 1-3. Bendix Hydro-Boost attached to master cylinder, (Courtesy af Ben-
dix Corp., South Bend, Indiana.)

“shrake-feel’” characteristics throughout a wide rangc of pedal forces and travel. A
spring accumulator sStores energy for reverse stops. From one to three stops are
available depending on the magnitude and duration of the brake application, This
system was developed by Bendix Corporation as an answer to crowded engine
compartments and replaces the larger vacuum units,

1.3 ADVANTAGES OF FLUID POWER

There are only three basic methods of transmitting power: electrical, mechanical,
and fluid power. Most applications actually use a combination of the three meth-
ods to obtain the most efficient overall system. To properly determine which
principle method to use, it is important to know the salient features of each type.
For example, fluid systems can transmit power more economically over greater
distances than can mechanical types. However, fluid systems are restricted to
shorter distances than are electrical systems.

The secret of fluid power’s success and widespread use is its versatility and
manageability. Fluid power is not hindered by the geometry of the machine as is
the case in mechanical systems. Also, power can be transmitted in almost limitless
quantities because fluid systems are not sO limited by the physical limitations of
materials as are the electrical systems. For example, the performance of an elec-
tromagnet is limited by the saturation limit of steel. On the other hand. the power
limit of fluid systems is limited only by the strength capacity of the material.

Industry is going 1o depend more and more on automation in order to in-
crease productivity. This includes remote and direct control of production opera-
tions, manufacturing processes, and materials handling. Fluid power is the muscle

of automation because of advantages in the following four major categories.
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1. Ease and accuracy of control. By the use of simple levers and push but-
tons, the operator of a fluid power system can readily start, stop, speed up or slow
down, and position forces that provide any desired horsepower with tolerances as
precise as one ten-thousandth of an inch. Figure 1-4 shows a fluid power system
that allows an aircraft pilot to raise and lower his landing gear. When the pilot
moves a small control valve in one direction, oil under pressure flows (o one end
of the cylinder to lower the landing gear. To retract the landing gear, the pilot
moves the valve lever in the opposite direction, allowing oil to flow into the other
end of the cylinder,

2. Multiplication of force. A fluid power system (without using cumbersome
gears, pulleys. and levers) can multiply forces simply and efficiently from a frac-
tion of an ounce to several hundred tons of output. Figure 1-5 shows an applica-
tion where a rugged, powerful drive is required for handling huge logs. In this
case, a turntable, which is driven by a hydraulic motor, can carry a 20.000-1b load
at a 10-ft radius under rough operating conditions.

3. Constant force or torque. Only fluid power systems are capable of provid-
ing constant force or torque regardless of speed changes. This is accomplished
whether the work output moves a few inches per hour. several hundred inches per
minute, a few revolutions per hour, or thousands of revolutions per minute.
Figure 1-6 depicts an application in oceanography that involves the exploration
and development of the ocean’s resources for the benefit of humankind. In this
instance, it is important for the operator to apply a desired constant grabbing force
through the use of the grappling hooks.

OIL
RESERVOIR

Figure 1.4, Hydraulic operation of
aircraft landing gear. (Courtesy of
Nutional Fluid Power Associdtion,
Milwawukee, Wiscansin.)
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B

Figure 1-5. Hydraulically driven turntable for handling huge logs. (Courtesy of
Eaton Corp., Fluid Power Division, Eden Prairie, Minnesota.)

4. Simplicity, safety, economy. In general, fluid power systems use fewer
moving parts than comparable mechanical or electrical systems. Thus, they are
simpler to maintain and operate. This, in turn, maximizes safety, compactness,
and reliability. Figure 1-7 shows a power steering control designed for off-highway
vehicles. The steering unit (shown attached to the steering wheel column in Fig.

Figure 1-6. Fluid power application in oceanography. (Courtesy of National
Fluid Power Association, Milwaukee, Wisconsin.)
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Figure 1-7. Power steering control
system for off-highway vehicles. Typi-
cal Orbitrol Power Steering Systems.
(Courtesy of Eaton Corp., Fluid Power
Division, Eden Prairie, Minnesota.)

1-7) consists of a manually operated directional control valve and meter in a single
body. See Fig. 1-8 for a cutaway of this steering unit. Because the steering unit is
fully fluid-linked, mechanical linkages, universal joints, bearings, reduction gears,
etc., are eliminated. This provides a simple, compact system. In addition, very
little input torque is required to produce the control needed for the toughest
applications. This is important where limitations of control space require a small
steering wheel and it becomes necessary to reduce operator fatigue. The compact
design and versatility of the control system allow the unit to control many large
and high-powered systems with a high degree of reliability. The steering unit
shown in Fig. 1-8 contains a check valve that converts the unit to a hand-operated
pump for emergency power-off steering.

Figure 1-8. Cutaway of steering unit used in power steering control systems, (Courtesy of
Eaton Corp., Fluid Power Division, Eden Prairie, Minnesota.)
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Additional benefits of fluid power systems include instantly reversible mo-
tion. automatic protection against overloads, and infinitely variable speed control.
Fluid power systems also have the highest horsepower per weight ratio of any
known power source.

In spite of all these highly desirable features of fluid power, it 1s not a
panacea for all power {ransmission problems. Hydraulic systems also have some
drawbacks. Hydraulic oils are messy, and leakage is impossible to ¢liminate com-
pletely. Hydraulic lines can burst, possibly resulting in human injury due to flying
objects, if proper design is not implemented. Also, most hydraulic oils can cause
fires if an oil leak occurs in an arca of hot equipment. Therefore, each application
must be studied thoroughly to determine the best overall design. It is hoped that
this book will not only assist the reader in developing the ability to make these
types of system selection decisions but also present in a straightforward way -
the techniques for designing, analyzing, and troubleshooting basic fluid power
systems.

1.4 APPLICATIONS OF FLUID POWER

Although a number of cases of fluid power have already been presented in this
chapter, the following additional applications should give the reader a broader
view of the widespread use of fluid power in today's world.

1. Fluid power drives high-wire overhead tram. Most overhead trams require
a haulage or tow cable to travel up or down steep inclines. However, the 22-
passenger, 12,000-Ib hydraulically powered and controlled Skytram shown in Fig.
1-9 is unique. It is self-propelled and travels on a stationary cable. Because the
tram moves instead of the cable, the operator can stop, start, and reverse any one
car completely independently of any other car in the tram system. Integral to the
design of the Skytram drive is a pump (driven by a standard eight-cylinder gaso-
line engine), which supplics pressurized fluid to four hydraulic motors. Each
motor drives two friction drive wheels.

Eight drive wheels on top of the cables support and propel the tram car. On
steep inclines, high driving torque is required for ascent and high braking torque
for descent. Dual compensation of the four hydraulic motors provides efficient
proportioning of available horsepower to meet the variable torque demands.

2. Fluid power is applied to haryest corn. The world’s dependence on the
United States for food has resulted in a great demand for agricultural equipment
development. Fluid power is being applied to solve many of the problems dealing
with the harvesting of food crops. Figure 1-10 shows a hydraulically driven eleva-
tor conveyor system, which is used to send harvested, husked ears of corn to a
wagon trailer. Mounted directly to the chain-drive conveyor, a hydraulic motor
delivers full-torque rotary power from start-up to full rpm.



Figure 1-9. Hydraulically powered and controlled Skytram. Hydraulic Motor Dual Com-
pensation Feature, designed by Les Haisen. Sperry Vickers, Torrance, California. (Cour-
tesy of Skytram Systems, Inc., Scottsdale, Arizona.)

Figure 1-10. Hydraulically driven elevator convevor for use in harvesting of
corn. (Courtesy of Eaton Corp., Fluid Power Division, Eden Prairie, Minnesota.)

11
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Figure 1-11. Hydraulic power brush drive. (Courtesy of Eaton Corp., Fluid
Power Division, Eden Prairie, Minnesota.)

3. Hydraulics power brush drives, Figure 1-11 shows a fluid power—driven
brush drive used for cleaning roads, floors, etc., in various industrial locations.
Mounted directly at the hub of the front and side sweep-scrub brushes, compact
hydraulic motors place power right where it’s needed. They eliminate bulky me-
chanical linkages for efficient, lightweight machine design. The result is continu-
ous, rugged industrial cleaning action at the flip of a simple valve.

4. Fluid power positions and holds parts for welding. In Fig. 1-12, we see an
example of a welding operation in which a farm equipment manufacturer applied
hydraulics for positioning and holding parts while welding is done. It is a typical
example of how fluid power can be used in manufacturing and production opera-
tions to reduce costs and increase production, This particular application required
a sequencing system for fast, positive holding. This was accomplished by placing
a restrictor (sequence valve) on the flow of oil in the line leading to the second of
the two cylinders (rams), as illustrated in Fig. 1-13. The first cylinder extends to
the end of its stroke. Oil pressure then builds up, overcoming the restrictor set-
ting, and the second cylinder extends to complete the “hold" cycle. This unique
welding application of hydraulics was initiated to increase productivity by making
more parts per hour. In addition, the use of hydraulics reduced scrap rates and
operator fatigue as well as increasing productivity from 5 pieces per shift to more
than 20—a 400% increase.

5. Fluid power performs bridge maintenance. A municipality had used fiuid
power for years as a means for removing stress from structural members of
bridges, making repairs, and replacing beams. As many as four or five bulky, low-
pressure hand pumps and jacking ram setups were used to remove stress from
beams needing replacement. Labor costs were high, and no accurate methods
existed for recording pressures. An excessive downtime problem dictated that a
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Figure 1-12. Welding equipment using
hydraulic controls. (Courtesy of Owa-
tonna Tool Co., Owatonna, Minne-
sora.)

new system be designed for the job. A modern fluid power system was designed
that located several 100-ton rams on the bridge structure, as illustrated in Fig.
1-14. One portable pump was used to actuate all of the rams by the use of a special
manifold. This made it easy to remove stress from members needing repair or

SEQUENCE VALUE

PRESSURE
SWITCH
\

" PUMP

Figure 1-13. Hydraulic circuit for welding application. (Courtesy of Owatanna
Tool Co., Owatonna, Minnesota.)
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BRIDGE STRUCTURE POWER TWIN RAMS

SHUT OFF __|
VALVE

COUPLER

e
MANIFOLD

_—4-WAY VALVE

_PORTABLE ¥-26 . . :
PLUMP Figure 1-14. Fluid power system for

relieving stresses in structural members
of bridge. (Courtesy of Owatonna Tool
Co., Owatonna, Minnesotd.)

replacement. This new fluid power system cut the setup time and labor costs for
each repair job to one-third that required with the hand pump and jacking ram
setups previously used.

6. Fluid power is the muscle in industrial lift trucks. Figure 1-15 shows an
industrial hydraulic lift truck having a 5000-lb capacity. The hydraulic system
includes dual-action tilt cylinders and a hoist cylinder. Tilting action is smooth and
sure for better load stability and easier load placement. A lowering valve in the
hoist cylinder controls the speed of descent even if the hydraulic circuit is broken.
Hydrostatic power steering is available as an optional feature.

7. Fluid power drives front-end loaders. Figure 1-16 shows a front-end
loader filling a dump truck with soil scooped up by a large hydraulic-powered
bucket. Excellent load control is made possible with a specially designed flow
control valve. The result is low effort and precise control; this keeps the operator
working on the job longer and more efficiently. Thus, reduced operator fatigue 18
accompanied by increased production.

8. Fluid power preserves the heartbeat of life. Dr. Robert Jarvik made medi-
cal history with the design of an artificial, pneumatically actuated heart, which
sustained the life of Dr. Barney Clark for over 100 days. Figure 1-17 shows this
air-driven artificial heart that preserves the very heartbeat of life. Other health
applications include artificial kidneys and valve-assisted bladders, which employ
fluid power principles of pressure and flow. Miniature, oxygen-tight pumps are
implanted in patients to provide continuous medication. These microdelivery
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Figure 1-15. Industrial hydraulic lift truck. (Cowrtesy of Eaton Corp., Industrial
Trieck Division, Philadelphia, Pennsylvania.)

pumps can either be permanent for internal use or disposable for external infusion
of medicine.

9. Hydraulics power robotic dextrous arm. Figure 1-18 shows a hydraulically
powered robotic arm that has the strength and dexterity to torque down bolts with
its fingers and yet can gingerly pick up an eggshell. This robotic arm is adept at
using human tools such as hammers, electric drills, and tweezers and can even bat
a baseball, The arm has a hand with a thumb and two fingers, as well as a wrist.
elbow, and shoulder. It has ten degrees of freedom, including a three-degree-of-
freedom end effector (hand) designed to handle human tools and other objects
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Figure 1-18. Hydraulically Powered Dextrous Arm. (Courtesy of Sarcos, Inc..
Saft Lake City, Utah.)

List of Components

A—Reservoir E—Directional Valve

B— Electric Motor F—Flow Control Valve

C-—Pump G—Right-Angle

D—Maximum Pressure Check VYalve
(Relief] Valve H—Cylinder

Figure 1-19. Basic hydraulic system with linear hydraulic actuator (cylinder).
(Courtesy of Sperry Vickers, Sperry Rund Corp., Troy. Michigan.)
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VALVE
1 |
MOTOR
PUMP
RESERVOIR Fi.g'll'l'l.? 1-20.  Basic hydraulic system
with rotary hydraulic actuator (motor).
(Canrresy of Sperey Viekers, Sperry
[ A Rand Corp.. Trov. Michigan.)

Figure 1-21. Two different-sized, complete, hydraulic power units. (Couriesy
af Continental Hydraulics, Division of Continental Machines, Inc., Savage, Min-
nesata.)
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[y
.

An air tank to store a given volume of compressed air

ke

A compressor to compress the air that comes directly from the atmosphere

-

An electric motor or other prime mover to drive the compressor
Valves to control air direction, pressure. and flow rate

Actuators. which are similar in operation to hydraulic actuators

L

. Piping to carry the pressurized air from one location to another

Figure 1-22 shows a compact, self-contained pneumatic power unit complete
with tank, compressor, electric motor, and miscellancous components such as
valves, piping, and pressure gages.

It should be noted in pneumatic systems that after the pressurized air is
spent driving actuators, it is then exhausted back into the atmosphere. On the
other hand, in hydraulic systems the spent oil drains back to the reservoir and is
repeatedly reused after being repressurized by the pump as needed by the system.

Figure 1-22. Compact, self-contained pneumatic power unit with electric-driven
compressor. (Courtesy of Ingersoll-Rand, Phillipshurg, New Jersey.)
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1.6 TYPES OF FLUID POWER CONTROL SYSTEMS

Fluid power systems are also classified by the type of control system utilized.
There are five basic types of fluid power control systems: closed-loop, open-loop,
electrical, fluid logic, and programmable logic. The following is a brief description
of cach of these five control systems.

1. Closed-loop control system. A closed-loop system is one that uses feed-
back. This means that the state of the output from the system is automatically
sampled and compared (fed back) to the input or command signal by means of a
device called a feedback transducer, If there is a difference between the command
and feedback signals, action is taken to correct the system output until it matches
the requirement imposed on the system. Closed-loop systems are frequently
called servo systems, and the valves used to direct fluid to the actuators are
typically called servo valves.

2. Open-loop control system. An open-loop system does not use feedback.
The output performance of the system therefore depends solely on the character-
istics of the individual components and how they interact in the circuit. Most
hydraulic circuits are of the open-loop type. which are generally not so complex or
so precise as closed-loop systems. This is because any errors such as slippage (oil
leakage past seals, the magnitude of which depends on system pressure and
temperature) are not compensated for in open-loop systems. For example, the
viscosity of a hydraulic fluid decreases (fluid becomes thinner) as its temperature
rises. This increases oil leakage past seals inside pumps, which, in turn, causes the
speed of an actuator, such as a hydraulic motor, to drop. In a closed-loop system,
a feedback transducer (for example, a tachometer, which generates a signal pro-
portional to the speed at which it is rotated) would sense this speed reduction and
feed a proportional signal back to the command signal. The difference between the
two signals is used to control a servo valye, which would then increase the fluid
flow rate to the hydraulic motor until its speed is at the required level.

3. Electrical control system. This type is characterized by the fact that the
fluid power systemn interacts with a variety of electrical components for control
purposes. For example, electrical components such as pressure switches. limit
switches. and relays can be used to operate electrical solenoids to control the
operation of valves that direct fluid to the hydraulic actuators. An electrical sole-
noid control system permits the design of a very versatile fluid power circuit.
Automatic machines such as those used in the machine-tool industry rely princi-
pally on electrical components to control the hydraulic muscles for doing the
required work. The aircraft and mobile equipment industries have also found that
fluid power and electricity work very well together, especially where remote
control is needed. By merely pressing a simple push-button switch, an operator
can control a very complex machine to perform hundreds of machinery operations
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to manufacture a complete product. An electrically controlled fluid power system
can be either of the open-loop or closed-loop type, depending on the precision
required.

4. Fluid logic control system. This type is characterized by the fact that the
fluid power system interacts with fluid logic devices instead of with clectrical
devices for control purposes. Two such fluid logic systems are called moving-part
logic (MPL) and fluidics. which perform a wide variety of sensory and control
functions. Among these control functions are AND/NAND, OR/NOR. and
FLIPFLOP, logic capability. Fluid logic devices switch a fluid, usually air, from
one outlet of the device to another outlet. Hence an output of a fluid logic device is
either ON or OFF as it rapidly switches from one state to the other by the
application of a control signal.

MPL. devices are miniature valve-type devices that, by the action of internal
moving parts, perform switching operations in fluid logic systems. These MPL
devices are typically available as spool, poppet. and diaphragm valves, which can
be actuated by means of mechanical displacement, electric voltage. or fluid pres-
sure. Figure 1-23 shows an electronic driven MPL valve that readily interfaces
with electric and electronic circuits. This valve converts low-voltage (12 to 24 V)
signals into high-pressure (100 psi) pneumatic outputs. There are no sliding parts
and the total travel of the poppel (the only moving part) is a mere 0.007 in. As a
result, low power consumption (0.67 W) and long life are major benefits of this
design. Additionally, the very fast response time (5-10 ms) and small size make
this MPL valve well suited for a wide range of applications in biomedical, environ-
mental test equipment. textile machines, packaging machinery, compulerized in-
dustrial automation. and portable systems,

Figure 1-24 shows how either 8 or 12 of the electronic valves of Fig. [-23 can
be mounted on a manifold card to provide added convenience in interfacing elec-
tronics with pneumatics. The self-contained card includes a manifold mount for
single air supply, a fully wired circuit board, and instant plug-in with a 25 pin RS-
232 connector. This system allows low voltage signals from controllers, com-
puters, or other sources to operale powerful pneumatic valves with a minimum of
piping and hookup.

Figure 1-25 shows an industrial application using MPL controls: a micro-
orifice drilling machine. which is capable of drilling accurate holes down to 0.006
in. in diameter. The operator inserts the part to be drilled on the tip of the lower
probe, then presses two buttons to initiate the cycle. The bottom probe raises and
inserts the part into the drill jig. This maintains the clamping force and automati-
cally actuates the drill quill. The machine completes one cycle, the probe retracts
and the part is removed.

The second fluid logic system. fluidics, utilizes fluid flow phenomena in
components and circuits also to perform a wide variety of sensory and control
functions. Fluidic components (when kept free of contaminants, which can ob-
struct critical air passageways) are reliable because they contain no moving parts.
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Figure 1-24.  Electronic manifold cards using MPL valves, (Conrtesy of Clippard
Instrument Laboratory, Inc., Cincinnati, (hier.)

Fluidics is an offshoot of fluid power technology and is equivalent to elec-
tronics as an offshoot of the technology of electrical power. Just as electronic
devices use tiny currents as opposed to the huge currents flowing in electrical
power lines, fluidic devices use small flow rates at low pressures in contrast to the
high pressure and large flow rates required to operate a huge hydraulic press.
Fluidic systems (unlike electrical controls) cannot cause fire hazards due to sparks
in a potentially explosive environment. Because they operate with fluids, fluidic
components also interface readily within fluid power systems.

5. Programmable logic control system. In this type. programmable logic con-
trollers (PL.Cs) are used to control system operation. In recent years, PLCs have
increasingly been used in lieu of electromechanical relays to control fluid power
systems. A PLC is a user-friendly electronic computer designed to perform logic
functions such as AND, OR, and NOT for controlling the operation of industrial
equipment and processes. A PL.C consists of solid-state digital logic elements for
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Figure 1-25. Micro-orifice drilling
machine using MPL controls. (Courtesy
of Clippard Instrament Laborutory,
.\(‘-ﬁ Inc., Cincinnati, Ohio.)

making logic decisions and providing corresponding outputs. Unlike general-pur-
pose computers, a PLC is designed to operate in industrial environments where
high ambient temperature and humidity levels may exist. PLCs offer a number of
advantages over ¢lectromechanical relay control systems. Unlike electromechan-
ical relays, PLCs are not hard-wired to perform specific functions, Thus, when
system operation requirements change, a software program is readily changed
instead of having to physically rewire relays. In addition, PLCs are more reliable,
faster in operation, smaller in size, and can be readily expanded.

Figure 1-26 shows a PLC-based synchronous lift system used for precise
lifting and lowering of high-tonnage objects on construction jobs. Unlike complex
and costly electronic lift systems, this hydraulic system has a minimum number of
parts and can be run effectively and efficiently by one person. The PLC enables
the operator to quickly and easily set the number of lift points, stroke limit,
system accuracy, and other operating parameters from a single location. The PLC
receives input signals from clectronic sensors located at each lift point, and in turn
sends output signals to the solenoid valve that controls fluid flow to each hydraulic
cylinder to maintain the relative position and accuracy selected by the operator.
Because the sensors are attached directly to the load. they assure more exact
measurement of the load movement. The system accommodates loads of any size
and is accurate to £0.040 in. (1 mm).

The PLC unit of this system (see Fig. 1-27) contains a LCD display that
shows the position of the load at each lift point and the status of all system
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Figure 1-26. PLC synchronous lift system. (Contirtesy of Enerpuc, Applied Power
Ine., Butlér, Wiseonsin.)

operations so the operator can stay on top of every detail throughout the lift. The
PL.C unit, which weighs only 37 pounds and has dimensions of only 161in. by 161in.
by S in.. can control up to cight lifting points. The system diagram is shown in Fig.
1-28. in which components are identified using letters as follows:

Programmable logic controller
Solenoid directional control valve

Electronic load displacement Sensors

O owEZ

Sensor cables

Flow control valves for regulating movement of hydraulic cylinders

Figure 1-29 shows a PLC-based system that conlains electronic/pneumatic
interface valves mounted on & manifold card. & microprocessor on board below

the manifold card. and a microcomputer. This system provides machine control
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Figore 1-27.  PLC unit of synchronous
lift system. (Coartesy of Enerpec,
Applied Power Inc., Butler, Wisconsin,)

eI

Figure 1-28. Diagram of PLC synchronous lift system. (Conrtesy of Enerpac,
Applied Power Ine., Butler, Wisconsin,)
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Figure 1-29. PLC system with electronic/pneumatic interfuce valves. (Courfesy
of Clippard Instrument Laboratory, Inc., Cincinnati, Ohio.)

utilizing pneumatic outputs and actuators through a programmable series of se-
quentially executed steps. The system is easy to program through user-friendly
software and allows wide choices of programming devices including personal
computers and hand-held data-entry terminals. Figure 1-30 shows the micropro-
cessor, a computer on a board, that is arranged for case of connection and use
with the interface valves mounted on the manifold card.

These five basic types of fluid power control systems are studied in more
detail throughout this book. They are introduced here so that the reader can better
appreciate the total technology of fluid power at this time.

1.7 THE FLUID POWER INDUSTRY

The fluid power industry is huge and is truly a global industry, as evidenced by its
present annual sales figure for system components of $9.6 billion registered by
U.S. companies and $27.5 billion worldwide. It is also a fast-growing industry
with a 48% increase in terms of U.S. equipment sales during the period 1985-
1994. This is reflected in the fact that nearly all U.S. manufacturing plants rely on
fluid power in the production of goods. Over half of all U.S. industrial products
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Figure 1-30. Microprocessor of PLC
system. (Courtesy of Clippard Instru-
ment Laboratory, Inc.. Cincinnati,
Ohio.)

have fuid power systems or components as part of their basic design. As shown in
Fig. 1-31, the U.S. fiuid power industry is larger than many better-known U.S.
industries such as mining machinery, construction equipment, and machine
tools. About 75% of all fluid power sales are hydraulic, and 25% are pneumatic.

Personnel in industry who work in the fluid power field can generally be
placed into three categories:

1. Fluid power mechanics. Workers in this category are responsible for re-
pair and maintenance of fluid power equipment. They generally are high school
graduates who have undertaken an apprenticeship training program. Such a pro-
gram usually consists of three or four years of paid, on-the-job training plus
corresponding classroom instruction.

2. Fluid power technicians. These people usually assist engineers in areas
such as design, troubleshooting, testing, maintenance, and installation of fluid
power systems, They generally are graduates of 2-yr technical colleges, which
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award an associate degree in fluid power. The technician can advance into super-
visory positions in sales, manufacturing, or service management.

3. Fluid power engineers. This category consists of people who perform
advanced design, development, and testing of new, sophisticated fluid power
components or systems. The fluid power engineer typically is a graduate of a 4-
year college program. Most engineers who work on fluid power systems are
manufacturing. sales, or mechanical design oriented. They can advance into man-
agement positions in design. manufacturing. or sales.

The future of the fluid power industry looks very promising, especially when
one considers that the vast majority of all manufactured products have been
processed in some way by fuid power systems. As a result, carcer opportunities
are very bright. The fantastic growth of the fluid power industry has opened many
new opportunitics in all areas. including supervisors, engineers, technicians, me-
chanics, sales personnel, servicemen. and operators.

Figure 1-32 shows a fluid power engineer designing a fluid power circuit
using CAD software. a microcomputer, and a plotter.

In addition, a critical shortage of trained, qualified instructors presently
exists. This shortage exists at universitics and colleges as well as al two-year
technical colleges and high schools. It is hoped that this book will help in some
way in the education of these fluid power—inspired people.

Figure 1-32. Fluid power engineer using microcomputer. (Courfesy of Festo
Corp., Huuppage, NY.)
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1.8 ENVIRONMENTAL ISSUES

New environmental rules and regulations have recently been established concern-
ing the operation of fluid power systems. The fluid power industry is responding
by developing efficient, cost-effective ways to meet these new regulations, which
deal with three issues: developing biodegradable fluids, reducing oil leakage, and
reducing noise levels.

1. Developing biodegradable fluids. This issue deals with preventing envi-
ronmental damage caused by potentially harmful material leaking from fluid
power systems. Fluids commonly used in hydraulic systems are mineral-based
and hence are nol biodegradable. Qil companies are developing vegetable-based
fluids that are biodegradable and compatible with fluid power cquipment. Fluid
power—equipment manufacturers are testing their products to ensure suitability
with the new biodegradable fluids.

2. Reducing oil leakage. Hydraulic fluid leakage can occur at pipe fittings in
hydraulic systems and at mist-lubricators in pneumatic systems. This leakage
represents an environmental issue because the federal Environmental Protection
Agency (EPA) has identified oil as a hazardous air pollutant. To resolve this issue,
the fluid power industry is striving to produce zero-leakage systems. New seals
and fittings are being designed that can essentially eliminate oil leakage. In addi-
tion, prelube and nonlube pneumatic components are being developed to eliminate
the need for pipeline-installed lubricators and thus prevent oil mist leaks.

3. Reducing noise levels. Hydraulic power units such as pumps and motors
can operate at noise levels exceeding the limits established by OSHA (Occupa-
tional Safety and Health Administration). New standards for indoor systems re-
quires that pumps and motors operate at reduced noise levels without reducing
power or efficiency. Fluid power manufacturers are offering power units that
produce lower noise levels. In addition, noise-reduction methods such as modify-
ing hydraulic hose designs, adding sound filters, baffles. or coatings. and provid-
ing equipment vibration-absorbing mounts are being developed.

Meeling stricter environmental requirements represents a challenge to
which the fluid power industry is responding. These environmental issues make
careers in the fluid power industry both challenging and exciting. Dedicated peo-
ple who are educated in the field of fluid power are needed to ensure that the fluid
power industry continues to thrive and produce safe, cfficient, reliable, cost-
effective products to satisfy societal needs.

EXERCISES

1-1. List five fields of application where fluid power can be used more effectively than
other power sources.
1-2. Why is hydraulic power especially useful when performing heavy work?
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Compare the use of fluid power to a mechanical system by listing the advantages and
disadvantages of each.

What is the basic law that is important in applying fluid power. and what is 1ts
significance?

Comment on the difference between using pneumatic fiuid power and hydraulic fluid
power.

Define fluid power.

What hydraulic device creates a force that can push or pull a load?

What hydraulic device creates a force that can rotate a shaft?

What two factors are responsible for the high responsiveness of hydraulic devices?
Why can't air be used for all fluid power applications?

What is the prime mover?

Name the six basic components required in @ hydraulic cireuit.

Name the six basic components required in 4 pneumatic circuit.

Obtain from the Fluid Power Society or Fluid Power Foundation the requirements 1o
become & certified fluid power technician.

From publications such as Hydraulics and Pnewmatics {The Magazine of Fluid
Power and Control Systems), trace the economic growth of the fluid power industry
since World War 1L

From publications such as the Hydrauwlics and Preumatics, Lrace the economic
growth of pneumatics in the fluid power industry since World War 1L

From publications such as Hydraulics and Prelmatics, trace the history of moving-
part logic (MPL) applications in the fluid power industry.

Take a plant tour of a company that manufactures fluid power components such as
pumps, cylinders, valves, or motors. Write a report stating how at least one compo-
nent is manufactured. List the specifications and include potential customer applica-
tiens.

Why are some fluid power circuits controlled by electricity?

List five applications of fluid power in the automotive industry.

What is the difference between a closed-loop and an open-loop fluid power system?
What three types of personnel work in the fluid power field in industry?”

What is the significance of the phrase “fuid power preserves the heartbeat of life"™?
Cite two examples that support the subject phrase.

Discuss the phrase ‘“'the expanding size and scope of fluid power.” Cite two facts
that show the size and two additional facts that show the growth of the fluid power
industry.

What are moving-part logic devices?

Name three ways moving-part logic devices can he actuated.

What are fuidic devices?

What must be done to ensure that fluidic devices will operate reliably?

Give one reason why automotive hydraulic brakes might exhibit a spongy fecling
when a driver pushes on the brake pedal.



Chap. 1 Exercises 35

1-30.

1-31.

1-32.
1-33.
1-34.
1-35.
1-36.
1-37.

1-38.

1-39.
1-40.
1-41.
1-42.

1-43.

Relative to the automobile, is cruise control an open-loop or closed-loop system?
Explain your answer.

What is the difference hetween the terms fluid power and hyvdraulics and pneu-
maties”

Differentiate between fluid transport and fluid power systems.

Name one source of error that is compensated for in a closed-loop system.

Name five hydraulic applications and five pneumatic applications.

Name the components on one hydraulic application and give their functions.
Name the compoenents on one pneumatic application and give their functions.
Contact the National Fluid Power Association (o determine the requirements for
becoming a fluid power engineer.

From publications such as Hydraulics and Pnenmatics, trace the history of program-
mable logic control (PLC) applications in the fluid power industry.

What is a programmable logic controller?

How does a PLC differ from a general-purpose computer?

What is the difference between a PLC and an electromechanical relay control?
Name three advantages that PLCs provide over electromechanical relay control
systems.

Describe the environmental issues dealing with developing biodegradable fuids, re-
ducing oil leakage. and reducing noise levels.



2 Propemes of
Hydrauhc Flmds

Learning Objectives

Upon completing this chapter, you should be able to:

1.

Explain the primary functions of a hydraulic fluid.

2. Define the term fluid.

@A a W

10.
11.
12.
13.

14.
15.
16.
17.
18.

. Distinguish between a liquid and a gas.
. Appreciate the properties desired of a hydraulic fluid.

Define the terms weight, density, and specific gravity.
Understand the terms pressure, head, and force.
Differentiate between gage pressures and absolute pressures.

. Calculate the force created by a pressure.

Apply Pascal’s law to a hydraulic system.

Understand the terms kinematic viscosity and absolute viscosity.

Convert viscosity from one set of units to another set of units.

Explain the difference between viscosity and viscosity index.

Understand the significance of oxidation and corrosion prevention of hy-
draulic fluids.

Discuss the various types of fire-resistant fluids.

Recognize the significance of foam-resistant fluids.

Calculate, based on test results, the coefficient of friction of hydraulic fluids.
Understand the significance of the neutralization number of a hydraulic fluid.
Explain the environmental significance of properly maintaining and dispos-
ing of hydraulic fluids.
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2.1 INTRODUCTION

The single most important material in a hydraulic system is the working fluid
itself. Hydraulic fluid characteristics have a crucial effect on equipment perfor-
mance and life. It is important to use a clean, high-quality fluid in order to achieve
efficient hydraulic system operation.

Most modern hydraulic fluids are complex compounds that have been care-
fully prepared to meet their demanding tasks. In addition to having a base fluid,
hydraulic fluids contain special additives to provide desired characteristics.

Essentially, a hydraulic fluid has four primary functions:

1. To transmit power

2. To lubricate moving parts

3. To seal clearances between mating parts
4, To dissipate heat

To accomplish properly these primary functions and be practical from a
safety and cost point of view, a hydraulic fluid should have the following proper-
ties:

Good lubricity

Ideal viscosity

Chemical and environmental stability
. Compatibility with system materials
Large bulk modulus

Fire resistance

Good heat-transfer capability

Low density

S I T

. Foam resistance
. Nontoxic

. Low volatility
Inexpensive

. Readily available

ot
=

R

This is a challenging list, and no single hydraulic fluid possesses all of these
desirable characteristics. The fluid power designer must select the fluid that comes
the closest to being ideal overall for a particular application.

Hydraulic fluids must also be changed periodically, the frequency depending
not only on the fluid but also on the operating conditions. Laboratory analysis is
the best method for determining when a fluid should be changed. Generally speak-
ing, a fluid should be changed when its viscosity and acidity increase due to fluid
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Figure 2-1. Hydraulic fluid test kit.
(Courtesy of Gulf Oil Corp., Houston,
Texas.)

breakdown or contamination. Preferably, the fluid should be changed while the
system is at operating temperature. In this way, most of the impurities are in
suspension and will be drained off.

Much hydraulic fluid has been discarded in the past due to the possibility
that contamination existed—it costs more to test the fluid than to replace it. This
situation has changed as the need to conserve hydraulic fluids has developed.
Figure 2-1 shows a hydraulic fluid test kit that provides a quick, easy method to
test hydraulic system contamination. Even small hydraulic systems may be
checked. The test kit may be used on the spot to determine whether fluid quality
permits continued use. Three key quality indicators can be evaluated: viscosity,
water content, and foreign particle contamination level.

In this chapter we discuss the important characteristics of hydraulic fluids
and their effect on fluid power system operation. We also study the methods used
to measure various fluid properties. The proper understanding of the total function
of hydraulic fluids and of the effect each fluid property has on fluid power compo-
nent and system operation is an absolute must.

2.2 FLUIDS: LIQUIDS AND GASES

The term fluid refers to both gases and liquids. A liquid is a fluid that, for a given
mass, will have a definite volume independent of the shape of its container. This
means that even though a liquid will assume the shape of the container, it will fill
only that part of the container whose volume equals the volume of the quantity of
the liquid. For example, if water is poured into a vessel and the volume of water is
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[ FREE SURFACE [J

fa R WATER

| FREE SURFACE LAKE /_

ibh Figure 2-2. Free surface of a liquid.

not sufficient to fill the vessel, a free surface will be formed, as shown in Fig.
2-2(a). A free surface is also formed in the case of a body of water, such as a lake
exposed to the atmosphere [see Fig. 2-2(b)].

Liquids are considered to be incompressible so that their volume does not
change with pressure changes. This is not exactly true, but the change in volume
due to pressure changes is so small that it is ignored for most engineering applica-
tions. Variations from this assumption of incompressibility are discussed in Sec-
tion 2.7, where the parameter bulk modulus is defined.

Gases, on the other hand, are fluids that are readily compressible. In addi-
tion, their volume will vary to fill the vessel containing them. This is illustrated in
Fig. 2-3, where a gas is allowed to enter an empty vessel. As shown, the gas
molecules always fill the entire vessel. Therefore, unlike liquids, which have a
definite volume for a given mass, the volume of a given mass of a gas will increase
to fill the vessel that contains the gas. Gases are greatly influenced by the pressure
to which they are subjected. An increase in pressure causes the volume of the gas
to decrease, and vice versa.

Air is the only gas commonly used in fluid power systems because it is
inexpensive and readily available. Air also has the following advantages as a
power fluid:

000

[=]

%
0
)
o
o
(=]
o
o
(=]

Figure 2-3. A gas always fills its entire
vessel.
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1. It is fire resistant.
2. It is not messy.
3. It can be exhausted back into the atmosphere.

Its disadvantages include:

1. Due to its compressibility, it cannot be used in an application where accurate
positioning or rigid holding is required.

Because it is compressible, it tends to be sluggish.

Air can be corrosive, since it contains oxygen and water.

A lubricant must be added to lubricate valves and actuators.

U e

High pressures cannot be used due to the explosion dangers involved if
components such as air tanks should rupture.

2.3 WEIGHT, DENSITY, AND SPECIFIC GRAVITY

All objects, whether solids or fluids, are pulled toward the center of the earth by a
force of attraction. This force is called the weight of the object and is proportional
to the object’s mass, as defined by

F=W=mg @-1)

where, in the English system of units, used extensively in the United States, we
have
F = force in units of Ib,
W = weight in units of 1b,
m = mass of object in units of slugs,
g = proportionality constant called the acceleration of gravity,
which equals 32.2 ft/s/s, or ft/s>.

Il

From Eq. (2-1), W equals 32.2 b if m is 1 slug. Therefore, 1 slug is the amount of
mass that weighs 32.2 1b on the surface of the earth.

Figure 2-4 shows a cubic container full of water as an example for discussion
purposes. Since each side of the container has a dimension of 1 ft, the volume of
the container is 1 ft?, as calculated from

volume = (area of base) x (height)
(2-2)
volume = (1 ft x 1 ft) x (1 ft) = 1 ft’

It has been found by measurement that 1 ft* of water weighs 62.4 1b. This
brings us to the concept of density and specific gravity. Weight density (or specific
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1FT

1FT

!—4—-| Figure 2-4. Cubic container full of
ki water.

weight, as it is sometimes called) is defined as weight per unit volume. Stated
mathematically, we have

weight

weight density =
volume

or

<=

where y = weight density (Ib/ft?),
W = weight (Ib),
V = volume (ft?).

We can now calculate the weight density of water using Eq. (2-3):

W  62.41b
e = — = = ."I i3
Ywater Vv 10 62.4 1b/ft

If we want to calculate the weight density in units of Ib/in.?, we can perform
the following unit manipulation:

(ﬁ) B (‘Ib‘) » 1t
Y \in3, B Ve 1728 in.?
1 1 i
units wanted units have conversion factor

The conversion factor of 1/1728 is valid since 1 ft* = 1728 in.? and provides a
consistent set of units of Ib/in.? on both sides of the equal sign. The resulting units
conversion equation is
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Substituting the known value for the weight density of water in units of
Ib/ft3, we have

b 62.4 b
Ywater (m_3) = 1728 - :

Most oils have a weight density of about 56 Ib/ft*, or 0.0325 Ib/in.* However,
depending on the type of oil, the density can vary from a low of 55 Ib/ft? to a high
of 58 Ib/ft*.

The specific gravity (S,) of a given fluid is defined as the weight density of the
fluid divided by the weight density of water. Therefore, the specific gravity of
water is unity by definition. The specific gravity of oil can be found using

Sg = Yoil (2-4}

water

Substituting known values, we have

56 Ib/ft?
Syoil = 62.4 b/t 0.899

Note that specific gravity is a dimensionless parameter.

wntér :62.4 lb!‘fﬂ '. 0-00121 .

Thus water is 1/0.00121 times, or about 830 times, as heavy as air at 68°F and
under atmospheric pressure. It should be noted that since air is highly compress-
ible, the value of 0.00121 for S, is valid only at 68°F and under atmospheric
pressure.

The Greek symbol gamma (y) is used to denote weight density. We can also
talk about mass density, which is defined as mass per unit volume:

m
P=T (2-5)
where p = Greek symbol rho = mass density (slugs/ft),
m = mass (slugs),

V = volume (ft%).
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Since weight is proportional to mass (from the equation W = mg), it follows
that specific gravity can also be defined as the mass density of the given fluid
divided by the mass density of water. This is shown as follows:
W = mg
or
y¥ =plg

Solving for the mass density we have

¥
= 26
p : (2-6)

where y has units of |b/ft3,
¢ has units of ft/s?,
p has units of slugs/ft3.

Hence mass density equals weight density divided by the acceleration of
gravity. This allows us to obtain the desired result.

S, = Y __8 _ P (2-7)

Ywater 8P water Pwater

The mass density of water can be found from Eq. (2-6).

Ib
o 6245 T —
water — g 1 0 T 1 Tred
32.2% ft ft ft
s
_ slugs
= 1.94 o

Note that from Eq. (2-1), W = mg. Thus, we have the following equality of units:
Ib = slugs x ft/s2,
Therefore, the equivalent units for slugs are as follows:

e = 125
slugs = —¢

This confirms that the units for mass density are either

slugs Ib-s?
e ' e
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Knowing that the weight density (specific weight) of air at 68°F and under
atmospheric pressure is 0.0752 Ib/ft}, we can find the corresponding value of mass
density:

_0.0752 o
Pair at 68°F — V) = 0.00234 Slubffl

2.4 PRESSURE, HEAD, AND FORCE

The concept of pressure must be thoroughly mastered in order to clearly under-
stand fluid power. In fluid power systems it is pressure rather than force that is
transmitted equally in all directions. Pressure is defined as force per unit area.
Hence, pressure is the amount of force acting over a unit area, as indicated by

F
= — 2-8
P=7 (2-8)
where P = pressure,
F = force,
A = area.

P will have units of Ib/ft* if F and A have units of Ib and ft?, respectively.

Similarly, by changing the units of A from fi to in.2, the units for P will
become Ib/in.2, Let’s go back to our 1-ft? container of Fig. 2-4. The pressure acting
at the bottom of the container can be calculated using Eq. (2-8). knowing that the
total force acting at the bottom equals the 62.4-1b weight of the water:

p= 62]":_tzlb = 62.4 Ib/ft> = 62.4 psf

Note that units of Ib/ft*> are commonly written as psf. Also, since 1 ft? =
144 in.?, we have

Ib 1 ft? 1b :
P =624 E X W = 0.433 =T 0.433 psi

Units of Ib/in.?> are commonly written as psi.
We can now conclude that a 1-ft column of water develops at its base a
pressure of (.433 psi. The 1-ft height of water is commonly called a pressure head.
Let’s now refer to Fig. 2-5, which shows a 1-ft? section of water 10 ft high.
Since there are 10 ft* of water and each cubic foot weighs 62.4 1b, the total weight
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1. A FOOT-SQUARE 1FT.
SECTION OF WATER
10 FEET HIGH
CONTAINS 10 ™ —0.433 psi
CUBIC FEET. IF =
E\fcg CUBIC FOOT 3. IF 10 FEET OF WATER
EIGHS 62.4 POUNDS. .. L IS EQUIVALENT TO 4.33 psi,
ONE FOOT EQUALS 0.433
L 5 FEET EQUALS
2.165 AND 50 ON.
|
™ —2.165 psi
/'\
,—-”"\
2. THE TOTAL WEIGHT T
HERE IS 624 POUNDS,
THE PRESSURE DUE o
TO THE WEIGHT IS

624 = 144 SQUARE 4,33 psi
INCHES OR 4.33 psi.

Figure 2-5. Pressure developed by a 10-ft column of water. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)

of water is 624 |b. The pressure at the base is

F_ 6241b
Bty T e D ’z 21
P=a~gme =45

Thus each foot of the 10-ft head produces a pressure of 0.433 psi.
What happens to the pressure if the fluid is not water? Figure 2-6 shows a
1-ft* volume of oil. Assuming a density of 57 Ib/ft*, the pressure at the base is

F  571b
PSS ST ns

= 0.4 psi

Therefore, as depicted in Fig. 2-6, a 2-ft column of oil produces a pressure at
its bottom of 0.8 psi. These values for oil are slightly less than for water because
the density of oil is somewhat less than that for water.

Equation (2-9) allows calculation of the pressure produced at the bottom of
any column of any liquid. Observe, per the equation, that the pressure does not
depend on the area of the bottom of the column but only on the column height and
the specific gravity of the fluid. The reason is simple: Changing the cross-sectional
area of the column changes the force a proportional amount, and thus F/A (which
equals pressure) remains constant,
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1. A CUBIC FOOT OF

OIL WEIGHS ABOUT 2. IF THIS WEIGHT IS DIVIDED
55-58 POUNDS. EQUALLY OVER THE 144 SQUARE
INCHES OF BOTTOM, THE FORCE
ON EACH SQUARE INCH IS 0,4
POUNDS. PRESSURE AT THE
BOTTOM THUS IS 0.4 psi,

3. A TWO-FOOT COLUMN
WEIGHS TWICE AS MUCH, THUS
THE PRESSURE AT THE BOTTOM
IS 0.8 psi.

Figure 2-6. Pressures developed by I- and 2-ft columns of oil. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

P=yH (2-9)
Substituting the correct units for y and H produces the proper units for pressure:

P (2%) = P (psi) = y (s2) x H Gin,)

or

Equation (2-10) is a handy mathematical tool for calculating the pressure at the
bottom of any column of liquid if the specific gravity is known.

P = 0.433HS, (2-10)

where P = pressure (psi),
H = head (ft),
S, = specific gravity.
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What about the pressure developed on the surface of the earth due to the
force of attraction between the atmosphere and the earth? For all practical pur-
poses we live at the bottom of a huge sea of air, which extends hundreds of miles
above us. Neither Eq. (2-9) nor (2-10) can be used to find this pressure because of
the compressibility of air. This means that the density of the air in the atmosphere
is not a constant. The density is greatest at the earth’s surface and diminishes as
the distance from earth increases.

Let’s refer to Fig. 2-7, which shows a column of air [ in.? in cross section and

1. A COLUMN OF AIR ONE
SQUARE INCH 1N CROSS-
SECTION AND AS HIGH AS

THE ATMOSPHERE.
15Q. IN,

2. WEIGHS 14.7 POUNDS
AT SEA LEVEL. THUS
ATMOSPHERIC PRESSURE
15 14,7 psia

Figure 2-7. The atmosphere as a pressure head. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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as high as the atmosphere. This column weighs 14.7 Ib at sea level and thus
produces a pressure of 14.7 psi, which is called atmospheric pressure.

Why, then, does a deflated automobile tire read zero pressure instead of 14.7
psi when using a pressure gage? The answer lies in the fact that a pressure gage
reads gage pressure and not absolute pressure. Gage pressures are measured
relative to the atmosphere, whereas absolute pressures are measured relative to a
perfect vacuum such as that existing in outer space. To distinguish between them,
gage pressures are labeled psig or simply psi, whereas absolute pressures are
labeled psia.

This means that atmospheric pressure equals 14.7 psia or 0 psig. Thus, atmo-
spheric pressure is always an absolute pressure and must be measured with spe-
cial devices called barometers. Figure 2-8 shows how a mercury barometer works.
The atmospheric pressure to be measured can support a column of mercury equal
to 29.92 in. because this head produces a pressure of 14.7 psi.

This can be checked by using Eq. (2-10) and noting that the specific gravity
of mercury is 13.6:

P =0.433HS,
14.7 = 0.433 H(13.6)
or

H =249 ft = 29.9 in. of mercury

3. WITH A PERFECT VACUUM 2. WOULD SUPPORT A

HERE . \f"\ COLUMN OF MERCURY
- THIS HIGH ...

e

29.92 INCHES

! :

l

1. ATMOSPHERIC PRESSURE
HERE ...

Figure 2-8. Operation of a mercury barometer. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Thus, a water barometer would be impractical because it takes a 34-ft
column of water to produce a pressure of 14.7 psi at its base.

Of course, the atmospheric pressure changes a small amount depending on
the elevation of the particular surface on the earth and the weather conditions,
which affect the density of the air.

Figure 2-9 has a chart showing the difference between gage and absolute
pressures. Let’s examine two pressure levels: P, and P,. Relative to a perfect
vacuum they are

P, = 4.7 psia (a pressure less than atmospheric pressure)

P,

24.7 psia (a pressure greater than atmospheric pressure)

Relative to the atmosphere, they are

P = 10 psig suction (or vacuum) = —10 psig
P> = 10 psig
PRESSURE (PSIA)
PRESSURE P, —
10
24.7 GAGE PRESSURE
ABSOLUTE ATMOSPHERIC PRESSURE —
PRESSURE sl DS B e i )
} -10 (GAGE PRESSURE)
14.7 PRESSURE P, —3
ABSOLUTE | T
PRESSURE \soLUTE
1 PRESSURE ABSOLUTE ZERO PRESSURE (COMPLETE VACUUM) ¥

Figure 2-9. Difference between absolute and gage pressures.



50 Properties of Hydraulic Fluids Chap. 2

The use of the terms suction or vacuum and the use of the minus sign mean
that pressure P is 10 psi below atmospheric pressure. Also note that the terms psi
and psig are used interchangeably. Hence, P, also equals —10 psi and P, equals
10 psi.

As can be seen from Fig. 2-9, the following rule can be used in pressure
conversion calculations:

absolute pressure = gage pressure + atmospheric pressure

_ {}+ l4?z407 psia.

It should be noted that vacuum or suction pressures exist in certain locations
of fluid power systems (for example, in suction lines of pumps). Therefore, it is
important to understand the meaning of pressures below atmospheric pressure.
One way to generate a suction pressure is to remove some of the fluid from a
closed vessel initially containing fluid at atmospheric pressure.

2.5 THE SI METRIC SYSTEM

The SI metric system was standardized in June 1960 when the International Orga-
nization for Standardization approved a metric system called Le Systeme Interna-
tional d’ Unites. This system, which is abbreviated S1, has supplanted the old CGS
(centimeter-gram-second) metric system, and U.S. adoption of the SI metric sys-
tem is considered to be imminent.

In the SI metric system, the units of measurement are as follows:

Length is the meter (m).
Mass is the kilogram (kg).
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Force is the newton (N).
Time is the second (s).

Temperature is the degree Celsius (°C).
The relative sizes of length, mass, and force units between the metric and English
systems are given as follows:

One meter equals 39.4 in, = 3.28 f1.

One kilogram equals 0.0685 slugs.

One newton equals 0.225 |b,

A newton is the force required to give a mass of 1 kg an acceleration of
1 m/s?. Stated mathematically, we have

1 newton = 1 kilogram x 1 meter/second?

or, in abbreviated form,
IN =1kg x 1 m/s?

Since the acceleration of gravity at sea level equals 9.80 m/s?, a mass of 1 kg
weighs 9.80 N. Also, since 1 N = 0.225 Ib, a mass of 1 kg also weighs 2.20 Ib. For
comparison purposes, note that a mass of 1 slug weighs 32.2 Ib. Thus a newton is
only about one-fourth of a pound, and a kilogram is only about one-fifteenth of a
slug.

The SI metric system uses units of pascals to represent pressure. A pressure
of | Pa is equal to a force of 1 N applied over an area of 1 m?:

1 pascal = 1 newton/meter?

or, in abbreviated form,
I Pa=1N/m?
The conversion between pascals and psi is as follows:

1 Pa = 0.000145 psi

Atmospheric pressure in units of pascals is found as follows by converting 14.7 psi
into its equivalent pressure in pascals:

I Pa

Pyn (Pa) = 14,7 psi % “U_()O(Tspbl

= 101,000 Pa

Thus, atmospheric pressure equals 101,000 Pa absolute.
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Since the pascal is a very small unit, the bar is commonly used:

1 bar = 10° N/m? = 14.5 psi
Thus, atmospheric pressure equals 14.7/14.5 bars, or 1.014 bars.
The following equations permit density conversions between the English and

SI metric systems:
p (kg/m?) = 515p (slugs/ft?)
y (N/m?) = 157y (Ib/ft?)

Thus, the weight density of water in the SI metric system becomes

YH:0 (Nf’“ﬁ}

157y1,0 (Ib/f)

(157)(62.4) = 9797 N/m?

Similarly, the mass density of water becomes

PH,0 (kgfl‘n*) — 515]);{,_,(_) (Slugsfft3}

(515)(1.94) = 999.1 kg/m?

A value of 999.1 kg/m? happens to be the mass density of fresh water at 60°F and
atmospheric pressure.

As noted, the temperature in the metric system is measured in units of
degrees Celsius (°C), whereas temperature in the English system is measured in
units of degrees Fahrenheit (°F). Figure 2-10 shows a graphical representation of
these two temperature scales using a mercury thermometer reading a room tem-
perature of 68°F (20°C).

Relative to Figure 2-10 the following should be noted: The Fahrenheit tem-
perature scale is determined by dividing the temperature range between the freez-
ing point of water (set at 32°) and the boiling point of water (set at 212°) at
atmospheric pressure into 180 equal increments. The Celsius temperature scale is
determined by dividing the temperature range between the freezing point of water
(set at 0°) and the boiling point of water (set at 100°) at atmospheric pressure into
100 equal increments.

The mathematical relationship between the Fahrenheit and Celsius scales is

°F = 1.8(°C) + 32

Thus, to find the equivalent Celsius temperature corresponding to room tempera-
ture (68°F), we have:
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P =

o3 Co | || | D —— 100 —— BOILING
TEMPERATURE
OF WATER

~———— CAPILLARY
d TUBE

68|y |--------- 20— ROOM
TEMPERATURE

zZ2---——--- 0 —— FREEZING
TEMPERATURE

OF WATER
@ @EBULE
MERCURY Figure 2-10. Comparison of the Fahr-

°E B enheit and Celsius temperature scales.

°C = (°F — 32)/1.8 = (68 — 32)/1.8 = 20°C

The following prefixes are used in the metric system to represent powers of
10:

Name SI Symbol Multiplication Factor

giga G 10?
mega M 106
kilo k 10°
centi C 1072
milli m 103
micro " 1076
nano n 1077

Thus, for example:
1 kPa = 10} Pa = 1000 Pa

This means that atmospheric pressure equals 101 kPa absolute.
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energy law presented in Chapter 3. To answer this question, let’s analyze the
hydraulic press illustrated in Figure 2-13.

As shown, a downward input force F) is applied to the small-diameter piston
1, which has an area A,. This produces an oil pressure P, at the bottom of piston 1.
This pressure is transmitted through the oil to the large-diameter piston 2, which
has an area A,. The pressure P; at piston 2 pushes up on the piston to create an
output force F;.

By Pascal’s law, P; = P,. Since pressure equals force divided by area, we
have

ﬁ:_F—z—
A A
or
F, A ;
e @-11)

Thus a force amplification occurs from the input to the output of the press if the
output piston area is greater than the input piston area. The force ratio Fy/F,
equals the piston area ratio A,/A,. However, we will next show that the output
piston does not move as far as does the input piston. The ratio of the piston
movements can be determined by assuming the oil to be incompressible. Thus, the
volume of oil displaced by the input piston equals that for the output piston:

Vi=V,
So
A8 = AxS
Fin = Fy Fou=Fa2
—~ = rsa
PISTON PISTON
1 2
SI 111 ]
! P P,
OIL Figure 2-13. Operation of hydraulic
press.
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where 5, = the movement of piston |,
S» = the movement of piston 2.

Thus,

I-./‘
|2

(2-12)

n
e
Vs

Equation 2-12 shows that the large output piston does not travel as far as the
small input piston. Notice that the piston stroke ratio 5-/8, equals the piston arca
ratio A;/A,. Thus. for a piston area ratio ol 2. the output force increases by a
factor of 2, but the output motion decreases by a factor of 2. Hence. in a hydraulic
press we do not get something for nothing. The output force is greater than the
input force. but the output movement is less than the input movement. Combining
Equation 2-11 and 2-12 yields the corresponding relationship

—
1a "
wn

—
IL/*

Equation 2-13 can be rewritten as follows
F|S| = f‘_s_w

Now recall from physics that energy equals the product of force and the
distance moved by the force. Thus Eq. 2-13 states that the energy input to the
hydraulic press equals the energy output from the press. This result occurs be-
cause the force-amplification factors equals the motion-reduction factor. It should
be noted that in a real hydraulic press. friction between the piston and cylindrical
bore surface will produce frictional energy losses. This causes the output energy
actually to be less than the input energy. This loss of energy is taken into account
when the Bernoulli energy equation is used to solve hydraulic svstem problems.

equatio hém;;f;n ._t_l'l'e ‘metric and English units

weight density.
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1(}0 In lb

2.7 BULK MODULUS

The highly favorable horsepower-to-weight ratio and the stiffness of hydraulic
systems make them the frequent choice for most high-power applications. The
stiffness of a hydraulic system is directly related to the incompressibility of the oil.
Bulk modulus is a measure of this incompressibility. The higher the bulk modulus,
the less compressible or stiffer the fluid. Mathematically the bulk modulus is
defined by Eq. (2-14), where the minus sign accounts for the fact that as the
pressure increases, the volume decreases:

—AP

B=xviv (2-14)

where 8 = bulk modulus (psi),
AP = change in pressure (psi),
AV = change in volume (in.?),
V = original volume (in.%).

The bulk modulus of an oil changes somewhat with pressure and tempera-
ture, but within the operating ranges in most fluid power systems, this factor can
be neglected. A typical value for oil is 250,000 psi.

ecrease in vol "me',@.&méh js_h'ows that the oil is highly
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2.8 VISCOSITY AND VISCOSITY INDEX

Viscosity is probably the single most important property of a hydraulic fluid. Itis a
measure of the sluggishness with which a fluid moves. When the viscosity is low,
the fluid flows easily because it is thin and has a low body. A fluid that flows with
difficulty has a high viscosity and is thick in appearance with a high body.

In reality, the ideal viscosity for a given hydraulic system is a compromise.

Too high a viscosity results in

High resistance to flow, which causes sluggish operation.
Increased power consumption due to frictional losses.
Increased pressure drop through valves and lines.

High temperatures caused by friction.

On the other hand, if the viscosity is too low, the result is

Increased leakage losses past seals.

Excessive wear due to breakdown of the oil film between moving parts.
These parts may be internal components of a pump or even a sliding valve
spool inside its valve body, as shown in Fig. 2-14.

The concept of viscosity can be understood by examining two parallel plates

separated by an oil film of thickness y, as illustrated in Fig. 2-15. The lower plate is
stationary, whereas the upper plate moves with a velocity v as it is being pushed
by a force F' as shown. Due to viscosity, the oil adheres to both surfaces. Thus,

2. INSIDE ITS BODY ...
3. ON A THIN FILM OF
HYDRAULIC FLUID (SHOWN
GREATLY EXAGGERATED),

1. A TYPICAL SLIDING
VALVE SPOOL MOVES
BACK AND FORTH...

4. IF THIS PASSAGE IS UNDER
PRESSURE, THE FLUID FILM
SEALS IT FROM ADJACENT
PASSAGE.

Figure 2-14. Fluid film lubricates and seals moving parts. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)
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F |"_”_“| "
——  MOVING PLATE i
T OIL FILM
¥ VELOCITY PROFILE (SLOPE = 4
THICKNESS ( v}

[ STATIONARY PLATE |
. e )

Figure 2-15. Fluid velocity profile between parallel plates due to viscosity.

the velocity of the layer of fluid in contact with the lower plate is zero, and the
velocity of the layer in contact with the top plate is v. The consequence is a
linearly varying velocity profile whose slope is v/y. The absolute viscosity of the
oil can be represented mathematically:

_ 1 _F/A _ shear stress in oil 15
=%y ~ vly ~ slope of velocity profile )

where 7 = Greek symbol tau = the shear stress in the fluid in units of force per
unit area (Ib/ft?); the shear stress (produced by the force F) causes the
sliding of adjacent layers of oil;

= velocity of the moving plate (ft/s);

oil film thickness (ft);

Greek symbol mu = the absolute viscosity of the oil,

force applied to the moving upper plate (Ib),

area of the moving plate surface in contact with the oil (ft?).

e T~
Il

Checking units for w in the English system, we have

_ _Ib/f2  Ibs
K= syt e

If the moving plate has unit surface area in contact with the oil and the upper
plate velocity and oil film thickness are given unit values, Eq. (2-15) becomes

shear force  shear force F
- = —
shear area 1

= T
vly

T
H T
We can, therefore, define absolute viscosity as the force required to move a
flat plate of unit area at unit distance from a fixed plate with unit relative velocity
when the space between the plates is filled with a fluid whose viscosity is to be
measured.
If inches are used for the dimension of length, the units of u become Ib-s/in.2.
A viscosity of 1 Ib-s/in.? is called a reyn.
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Viscosity is often expressed in the CGS metric system. In the CGS metric
system, the units are

v dyne/cm?

- vly  (cm/s)/cm = dyng:sicm’

7

where a dyne is the force that will accelerate a 1-g mass at a rate of 1 cm/s?. The
conversions between dynes and newtons and between centimeters (cm) and me-
ters (m) are as follows:

I

1 N = 10° dynes

Il

1 m = 100 cm

A viscosity of 1 dyne-s/cm? is called a poise.

Both the reyn and the poise are very large units. More convenient units are
the microreyn (one-millionth of a reyn) and the centipoise (one-hundredth of a
poise). A centipoise is commonly abbreviated cP.

Calculations in hydraulic systems often involve the use of kinematic viscos-
ity rather than absolute viscosity. Kinematic viscosity (¥) equals absolute viscos-
ity (u) divided by mass density (p):

(2-16)

<
|
T I®

Checking units for v in the English system, we have

_dbsit? bt
Y7 Slugs/fe  (Ib/fO)/(fUs?) >

A viscosity of 1 in.%s is called a newt.
In the metric system the units for v are

_ dyne-s/em® _ dyne's/cm?

glem®  (dynefemd)/(cm/s) ein s

where 1 kilogram (kg) equals 1000 grams (g).

A viscosity of 1 cm?s is called a stoke.

Because the stoke is a large unit, viscosity is often reported in centistokes
(cS). A centistoke equals one-hundredth of a stoke.

The conversion formula changing absolute viscosity to microreyns from
centipoise is
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@ (microreyns) = 0.145 x u(cP) (2-17)

The conversion formula changing kinematic viscosity to newts from centi-
stokes is

v (newts) = 0.00155 x v (cS) (2-18)

The viscosity of a fluid is usually measured by a Saybolt viscosimeter, which
is shown schematically in Fig. 2-16. Basically, this device consists of an inner
chamber containing the sample of oil to be tested. A separate outer compartment,
which completely surrounds the inner chamber, contains a quantity of oil whose
temperature is controlled by an electrical thermostat and heater. A standard ori-
fice is located at the bottom of the center oil chamber. When the oil sample is at
the desired temperature, the time it takes to fill a 60-cm® container through the
metering orifice is then recorded. The time (t), measured in seconds, is the Viscos-
ity of the oil in official units called Saybolt Universal Seconds (SUS). Since a thick
liquid flows slowly, the SUS viscosity will be higher than for a thin liquid.

A relationship exists between the viscosity in SUS and the corresponding
metric system units of centistokes (cS). This relationship is provided by the fol-
lowing empirical equations:

v (cS) = 0.226r — g t = 100 SUS (2-19)
135
v (cS) = 0.220¢ — = ¢t = 100 SUS (2-20)

where the symbol v represents the viscosity in centistokes and ¢ is measured in
SUS or simply seconds.

Kinematic viscosity is defined as absolute viscosity divided by mass density
of the oil. Since, in the CGS metric system, mass density equals specific gravity
(because py,o = 1 g/cm?), the following equation can be used to find the absolute
viscosity if the kinematic viscosity is known:

_ u(cP)

v (c8) = =
g

(2-21)

Since the specific gravity of most hydraulic fluids equals about 0.9, Eaq.
(2-21) reduces to

w (cP)

v (cS) = 0.9
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* WHAT IS VISCOSITY?

Viscosity is a measure of ‘‘flow-
ability'' at definite temperatures.

TESTED /™
WHY THE TEST? 75
At operating temperature it is '?,/C
viscosity that determines fluid =
friction (friction within the oil it- -
self). Change in viscosity indi- ___
cates contamination or oxidation 2
instability. ; =
é =
=
h—
7/
THE FLOW A=
OF OlL 7
IS TIMED

HOW TO DETERMINE VISCOSITY

The unit of measure is time in seconds required for
60 ml of the oil to flow through a standard orifice
under a standard falling head and at a given tempera-
ture. 100F and 210F are common temperatures for
reporting viscosity. Saybolt Furol Viscosity is obtained
with the same instrument with a larger orifice, produc-
ing results approximately one-tenth those of the Uni-
versal orifice readings.

SAE at100F at210F

Typical Viscosity 10w 202 48
(Saybolt Universal) 20W 323 57
For SAE 30 538 68
Automotive Ratings 40 850 84
50 1174 100

Figure 2-16. Saybolt viscosimeter. (Courtesy of USX Corp., Pittshurgh, Pennsylvania.)
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1smos:ty nt 230 SUS at 150°F Fmd the corresponding viscosity in units

135 35

ch_ O 2201' e (0 220)(230) — = 50 cS

0 9v {CS) = {0 9)(50} = 45 cP

A quick method for determining the kinematic viscosity of fluids in ¢S and
absolute viscosity in cP is shown in Fig. 2-17. This test measures flow through a
capillary instrument using gravity flow at constant temperature. The time in sec-
onds is then multiplied by the calibration constant for the viscosimeter to obtain
the kinematic viscosity of the sample oil in centistokes. The absolute viscosity in
centipoise is then calculated using Eq. (2-21).

g ving:‘-a._'deg_sit'y' 'Qf'OZ.ZS‘) glem’ is tested using a kinematic viscosimeter. The
t of oil flowed through the capillary tube in 250 s. The calibration
00. Find the kinematic and absolute viscosities in units of ¢S and cP,

j v (e8) = (250)(0.100) = 25 ¢S

c wstem masﬁ denslty equals specific gravity. Therefore, S, = 0.89.
(2-21) for }.L, we have

n {cP‘) S, X p(cS) = 0.89 X 25 = 22.3 cP

Oil becomes thicker as the temperature decreases and thins when heated.
Hence, the viscosity of a given oil must be expressed at a specified temperature.
For most hydraulic applications, the viscosity normally equals about 150 SUS at
100°F. It is a general rule of thumb that the viscosity should never fall below 50
SUS or rise above 4000 SUS regardless of the temperature. Where extreme tem-
peratures are encountered, the fluid should have a high viscosity index.

Viscosity index (V1) is a relative measure of an oil’s viscosity change with
respect to temperature change. An oil having a low VI is one that exhibits a large
change in viscosity with temperature change. A high-VI oil is one that has a
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* WHAT IS KINEMATIC VISCOSITY?
Kinematic viscosity is the time required for
a fixed amount of an oil to flow through a
capillary tube under the force of gravity.
The unit of kinematic viscosity is the stoke
or centistoke (1 /100 of a stoke). Kinematic
viscosity may be defined as the quotient of
the absolute viscosity in centipoises divided
by the specific gravity of a fluid, hoth at
the same temperature—

Centipoises

Specific Gravity Centistokes

WHY THE TEST?

The test is a precise viscosity measurement
of fluids.

METHOD OF PLACE IN CONSTANT
CHARGING SAMPLE TEMPERATURE BATH

! | WILL UPON
YOUR INSISTENCE
BUT | HAVE MORE

FRICTIONAL RESISTANCE /

WHAT IS ABSOLUTE VISCOSITY?

Absolute viscosity is the tangential force
on unit area of either one of two parallel
planes at unit distance apart when the
space is filled with liquid and one of the
planes moves relative to the other with
unit velocity in its own plane. The egs unit
of absolute viscosity is the poise (which
has the dimensions, grams per centimeter
per second). The centipoise is 1/100 of
a poise and is the unit of absolute viscosity
most commonly used.

TYPICAL RESULTS

225x0.1200 = 27.0 Centistokes

Where 225 seconds = Flow Time
0.1200 cs/sec = Viscometer Constant

e : ol 218 ¥
ADJUST HEAD LEVEL SMM MEASURE FLOW TIME IN SECOMNDS
ABOVE STARTING MARK

FROM START TO STOP MARKS

Figure 2-17.  Kinemaltic viscosimeter. (Courtesy of USX Corp., Pittsburgh, Pennsylvania.)
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relatively stable viscosity, which does not change appreciably with temperature
change. The original VI scale ranged from 0 to 100, representing the poorest to
best characteristics known at that time. Today, with improved refining techniques
and chemical additives, oils exist with VI values well above 100. A high V1 oil is a
good all-weather-type oil for use with outdoor machines operating in extreme
temperature swings. This is where viscosity index is significant. For a hydraulic
system where the temperature is relatively constant, the viscosity index of the
fluid is not critical.
The VI of any hydraulic fluid can be found by using

L U
VI =7— % 100 (2-23)
where L = viscosity of 0-VI oil at 100°F,
U = viscosity of unknown oil at 100°F,
H = viscosity of 100-VI oil at 100°F.

The VI of an unknown oil is determined from tests. A reference oil of 0 VI
and a reference oil of 100 VI are selected, cach of which has uniquely the same
viscosity at 210°F as the unknown oil. The viscosities of the three oils are then
measured at 100°F to give values for L, U, and H.

Basically, the VI number of an oil represents the percent the unknown oil’s
viscosity sensitivity is from a 0-VI oil toward a 100-VI oil. Thus, a VI of 50
indicates an oil having characteristics halfway between a 0-V1 oil and a 100-V1 oil
relative to sensitivity with temperature.

Figure 2-18 shows the results of a viscosity index test where oil A is the 0-V1
oil and oil C is the 100-VI oil. The two unknown oils B and D were found to have
VI values of 50 and 140, respectively.

. Ex;\mw 2—11 _
A sample of 011 wuh a VI of 80 is tested with a 0-VI oil and a 100-VI oil whose

'_'_'__vmcosu;y valucs at 100°F are 400 and 150 SUS, respectively. What is the viscosity of
':-the samplc ml at iOO"F m umts of SUS?

_"':Saf{:@iia bsmuie dJrectly into Eq. (2-23):

ey
VI=§F—p x 100
g MU
T

. U=12008US



WHAT IS VISCOSITY INDEX? Viscosity Index is calculated as follows:
The Viscosity Index is an empirical number Vi= i x 100
indicating the rate of change in viscosity of L=ty

an oil within a given temperature range. A . o g
low viscosity index signifies a relatéi'vely U = viscosity in SUS at 100F of the oil
large change in viscosity with temperature, whose viscosity index is to be calcu-
whereas a high viscosity index shows a rela- lated.

tively small change in viscosity with tem- | — viscosity in SUS at 100F of an oil of
perature. Viscosity index cannot be used to 0 viscosity index having the same vis-
measure any other quality of an oil. cosity at 210F as the oil whose viscos-

ity index is to be calculated.

H = viscosity in SUS at 100F of an oil of
100 viscosity index having the same
viscosity at 210F as the oil whose vis-
cosity index is to be calculated.

THE SPREAD MAKES THE DIFFERENCE IN VISCOSITY INDEX
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Figure 2-18. Viscosity index. (Courtesy of USX Corp., Pittshurgh, Pennsylvania.)
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Another characteristic relating to viscosity is called the pour point, which is
the lowest temperature at which a fluid will flow. It is a very important parameter
to specify for hydraulic systems that will be exposed to extremely low tempera-
tures. As a rule of thumb, the pour point should be at least 20°F below the lowest
temperature to be experienced by the hydraulic system.

2.9 OXIDATION AND CORROSION PREVENTION

Oxidation, which is caused by the chemical reaction of oxygen from the air with
particles of oil, can seriously reduce the service life of a hydraulic fluid. Petroleum
oils are especially susceptible to oxidation because oxygen readily unites with
both carbon and hydrogen molecules. Most products of oxidation are soluble in oil
and are acidic in nature, which can cause corrosion of parts throughout the sys-
tem. The products of oxidation include insoluble gums, sludge, and varnish,
which tend to increase the viscosity of the oil.

There are a number of parameters that hasten the rate of oxidation once it
begins. Included among these are heat, pressure, contaminants, water, and metal
surfaces. However, oxidation is most dramatically affected by temperature. The
rate of oxidation is very slow below 140°F but doubles for every 20°F temperature
rise. Additives are incorporated in many hydraulic oils to inhibit oxidation. Since
this increases the costs, they should be specified only if necessary, depending on
temperature and other environmental conditions.

Rust and corrosion are two different phenomenons, although they both con-
taminate the system and promote wear. Rust is the chemical reaction between
iron or steel and oxygen. The presence of moisture in the hydraulic system pro-
vides the necessary oxygen. One primary source of moisture is from atmospheric
air, which enters the reservoir through the breather cap. Figure 2-19 shows a steel
part that has experienced rusting due to moisture in the oil.

Figure 2-19. Rust caused by moisture
in the oil. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Corrosion, on the other hand, is the chemical reaction between a metal and
acid. The result of rusting or corrosion is the ‘‘eating away’’ of the metal surfaces
of hydraulic components. This can cause excessive leakage past the sealing sur-
faces of the affected parts. Figure 2-20 shows a new valve spool and a used one,
which has areas of corrosion caused by acid formation in the hydraulic oil. Rust
and corrosion can be resisted by incorporating additives that plate on the metal
surfaces to prevent chemical reaction.

Figure 2-21 illustrates the technique and operation for performing the inhib-
ited oil oxidation test. The purpose of the test is to measure the resistance to
oxidation by measuring the change in acidity in the oil due to absorbed oxygen,
The test procedure is as follows: 300 ml of sample oil are placed in a tube and
immersed in an oil bath at 95°C. Three liters per hour of oxygen are allowed to
pass continuously through the sample for a period of 1000-4000 hr. The acidity of
the oil is then measured by determining the neutralization number, as discussed in
Sec. 2.13.

In Fig. 2-22 we see a test setup for determining the ability of oil to prevent
rusting during the lubrication of ferrous parts in the presence of water. The test
procedure is as follows: A steel test rod is placed in a beaker of oil and water at
140°F for 24 hr, and the amount of rusting is reported as light, moderate, or

severe.

2.10 FIRE-RESISTANT FLUIDS

It is imperative that a hydraulic fluid not initiate or support a fire. Most hydraulic
fluids will, however, burn under certain conditions. There are many hazardous
applications where human safety requires the use of a fire-resistant fluid. Exam-

Figure 2-20. Corrosion caused by acid
formation in the hydraulic oil. (Cour-
tesy of Sperry Vickers, Sperry Rand
Corp., Troy, Michigan.)




WHAT IS INHIBITED
OIL OXIDATION?

Inhibited oil oxidation is a
chemical action between oil
and oxygen, producing reaction
products of acid and sludge. It
is intended to measure the oxi-
dation inhibitor life of inhibited
turbine oils,

WHY THE TEST?

To measure resistance to oxi-
dation by measuring the
change in acidity in the oil by
the oxygen absorbed.

OIL OXIDATION CAM
SCRAP MACHIMNERY

SCHEMATIC DRAWING OF THE
c:‘”},’ INMIBITED SlL OXIDATION TEST
|

FLOWMETER

DQUIDATION CELL

TEST PROCEDURE

A 300-ml sample is placed
in the tube and immersed in
the bath at 95 C. Three liters
per hour of oxygen are allowed
to pass continuously through
the sample for a period of
1000 or more hours. The acid
number determined for neu-
tralization value is the deter-
mining factor in the test. Limits
may be established between
0.25 and 2.0 mg of KOH per
gram of oil.

TYPICAL RESULTS
1000 hours to 4000 hours.

OXIDATION CELL

CATALYST

CONDENSER —

COILS

+

OIL SAMPLE 300 ML

Figure 2-21.

il oxidation test. (Courtesy of USX Corp., Pittshurgh, Pennsylvania.)
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//.r\_ GOOD LUBRICATING OIL ™)
MUST NOT OMLY LUBRICATE |
| BUT PREVENT RUSTING IN {
~— THE PRESENCE OF WATER |

WHAT IS THE

RUST PREVENTION TEST?
The rust prevention test indi-
cates the ability of lubricating oil
to prevent corrosion during the
lubrication of ferrous parts in
the presence of water.

WHY THE TEST?
Corrosion of mechanical parts,
lines, and tanks in connection
with lubrication contributes to
high maintenance costs.

TEST THERMOMETER

1000 + 50 R.P.M.

_—

BATH THERMOMETER

STEEL SPECIMEN

PLUS 30 ML WATER

300 ML OIL SAMPLE

TEST PROCEDURE

The steel test rod is placed in
the beaker of oil and water at
140F for 24 hours and the re-
sults reported as pass or fail.
The degree of failure may be
light, moderate, or severe.

Figure 2-22. Rust-prevention test. (Courtesy of USX Corp., Pittsburgh, Pennsylvania.)
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ples include coal mines, hot metal processing equipment, aircraft, and marine fluid
power systems.

A fire-resistant fluid is one that can be ignited but will not support combus-
tion when the ignition source is removed. Flammability is defined as the ease of
ignition and ability to propagate a flame. The following are the usual characteris-
tics tested for in order to determine the flammability of a hydraulic fluid:

1. Flash point: the temperature at which the oil surface gives off sufficient
vapors to ignite when a flame is passed over the surface

2. Fire point: the temperature at which the oil will release sufficient vapor to
support combustion continuously for five seconds when a flame is passed
over the surface

3. Autogenous ignition temperature (AIT): the temperature at which ignition
occurs spontaneously

Fire-resistant fluids have been developed to reduce fire hazards. There are
basically four different types of fire-resistant hydraulic fluids in common use:

1. Water-glycol solutions. This type consists of an actual solution of about
40% water and 60% glycol. These solutions have high viscosity index values, but
the viscosity rises as the water evaporates. The operating temperature range runs
from —10°F to about 180°F. Most of the newer synthetic seal materials are com-
patible with water-glycol solutions. However, metals such as zinc, cadmium, and
magnesium react with water-glycol solutions and therefore should not be used. In
addition, special paints must be used.

2. Water-in-oil emulsions. This type consists of about 40% water completely
dispersed in a special oil base. It is characterized by the small droplets of water
completely surrounded by oil. The water provides a good coolant property but
tends to make the fluid more corrosive. Thus, greater amounts of corrosion inhibi-
tor additives are necessary. The operating temperature range runs from —20°F to
about 175°F. As is the case with water-glycol solutions, it is necessary to replenish
evaporated water to maintain proper viscosity. Water-in-oil emulsions are com-
patible with most rubber seal materials found in petroleum-based hydraulic sys-
tems.

3. Straight synthetics. This type is chemically formulated to inhibit combus-
tion and in general has the highest fire-resistant temperature. Typical fluids in this
category are the phosphate esters or clorinated hydrocarbons. Disadvantages of
straight synthetics include low viscosity index, incompatibility with most natural
or synthetic rubber seals, and high costs. In particular, the phosphate esters
readily dissolve paints, pipe thread compounds, and electrical insulation.

4. High-water-content fluids. This type consists of about 90% water and 10%
concentrate. The concentrate consists of fluid additives that improve viscosity,
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lubricity, rust protection, and protection against bacteria growth. Advantages of
high-water-content fluids include high fire resistance, outstanding cooling charac-
teristics, and low cost, which is about 20% of the cost of petroleum-based hydrau-
lic fluids. Maximum operating temperatures should be held to [20°F to minimize
evaporation. Due to a somewhat higher density and lower viscosity compared to
petroleum-based fluids, pump inlet conductors should be sized to keep fluid veloc-
ities low enough to prevent the formation of vapor bubbles, which causes cavita-
tion. High-water-content fluids are compatible with most rubber seal materials,
but leather, paper, or cork materials should not be used since they tend to deterio-
rate in water,

2.11 FOAM-RESISTANT FLUIDS

Air can become dissolved or entrained in hydraulic fluids. For example, if the
return line to the reservoir is not submerged, the jet of oil entering the liquid
surface will carry air with it. This causes air bubbles to form in the oil. If these
bubbles rise to the surface too slowly, they will be drawn into the pump intake.
This can cause pump damage due to cavitation, which is discussed in Chapter 6.

In a similar fashion, a small leak in the suction line can cause the entrain-
ment of large quantities of air from the atmosphere. This type of leak is difficult to
find since air leaks in rather than oil leaking out. Another adverse effect of en-
trained and dissolved air is the great reduction in the bulk modulus of the hydrau-
lic fluid. This can have serious consequences in terms of stiffness and accuracy of
hydraulic actuators.

The amount of dissolved air can be greatly reduced by properly designing the
reservoir since this is where the vast majority of the air is picked up. This subject
is covered in Chapter 14.

Another method is to use premium-grade hydraulic fluids that contain foam-
resistant additives. These additives are chemical compounds, which break out
entrained air to separate quickly the air from the oil while it is in the reservoir.

2.12 LUBRICATING ABILITY

Hydraulic fluids must have good lubricity to prevent wear between the closely
fitted working parts. Direct metal-to-metal contact is avoided by the film strength
of fluids having adequate viscosity, as shown in Fig. 2-23. Hydraulic parts that are
affected include pump vanes, valve spools, piston rings, and rod bearings.

Wear is the actual removal of surface material due to the frictional force
between two mating surfaces. This can result in a change in component dimen-
sion, which can lead to looseness and subsequent improper operation.

The friction force (F) is the force parallel to the two mating surfaces that are
sliding relative to each other. This friction force actually opposes the sliding



Sec. 2.12 Lubricating Ability 75

1. MICROSCOPIC IMPERFECTIONS
OF THE MATING PARTS ARE
SEPARATED...

/_/2. BY A FILM OF FLUID ,,,
Jr=—=17]_|
| 4

3. WHERE CLEARANCE BETWEEN THE
PARTS 15 CAUSED BY DYNAMIC FORCES
AND FLUID VISCOSITY,

Figure 2-23. Lubricating film prevents metal-to-metal contact. (Courtesy Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)

movement between the two surfaces. The greater the frictional force, the greater
the wear and heat generated. This, in turn, results in power losses and reduced
life, which, in turn, increase maintenance costs.

It has been determined that the friction force (F) is proportional to the
normal force (N) that forces the two surfaces together. The proportionality con-
stant (CF) is called the coefficient of friction:

F=(CF) XN (2-24)

Thus, the greater the value of coefficient of friction and normal force, the
greater the frictional force and hence wear. The magnitude of the normal force
depends on the amount of power and forces being transmitted and thus is indepen-
dent of the hydraulic fluid properties. However, the coefficient of friction depends
on the ability of the fluid to prevent metal-to-metal contact of the closely fitting
mating parts.

Equation (2-24) can be rewritten to solve for the coefficient of friction, which
is a dimensionless parameter;

CF = (2-25)

Z|m

It can be seen now that CF can be ¢xperimentally determined to give an
indication of the antiwear properties of a fluid if F and N can be measured. One
such test is performed by the four-ball wear tester, which is illustrated in Fig. 2-24.
This device exerts a vertical force through a rotating steel ball and measures the
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WHAT IS IN THIS TEST MORE "SLIDE"

FRICTION AND WEAR? AND LESS WEAR MINIMIZES
Friction is the resisting force to sliding or UEKEEP OF MOVING paRys /
rolling motion and is expressed by dividing T AL A
this fraction is termed the coefficient of 4

friction.
Wear is the permanent displacement of sur-
face material caused by frictional forces on

T

sliding or rolling parts. T 4 J/%
AT 1800 RPM.
WHY THE TEST? OR 1200 RP M.
- OR 600 R.P.M.
Through the friction process the surface s
e

suffers a loss of weight and a change in
dimension that is a measure of the amount
of wear.

DYNAMOMETER ASSEMBLY — -

i

BALL POT LOCK RING AND

‘——— DISC HOLDER INSERT ARE
INTERCHANGEABLE

o

BRI

TORQUE ARM AND
HEATER ASSEMBLY

STEEL BALLS NON FERROUS
DISCS
@ ‘ 340 TEMPERATURE
@ CONTROLLER
MERCURY CUP ASSEMBLY
STAR DILMETHR S ARE MEASURED) LOAD FORCE {GROUND —HEATER — REGULATOR)

HORIZONTALLY AND WERTICALLY

TEST PROCEDURE
The friction wear test is conducted by placing 10 ml
of lubricant sample in the ball pot, with either the steel
ball assembly or the interchangeable disc pot. A speed
of 1800 rpm is used (1200 or 600 rpm can also be
obtained by the machine). The temperature controller
is set at 130 F to simulate operating conditions (the
range for the apparatus is 86 F to 465 F). The possible
loading range for the instrument is 0.1 to 50 kg, the
loading used being specified for each test. The co-
efficient of friction is taken after the first minute of
operation and the wear reading after one hour.

TYPICAL RESULTS
Scar Coefficient

Lubricant Load Material Diameter of Friction

Mineral Qil 5kg Steel 051mm f.0531
EP Oil 5 kg Steel 0.20mm  .0413

Figure 2-24. Four-ball wear testers. (Courtesy of USX Corp., Pittsburgh, Pennsvlvania.)
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coefficient of friction and material displaced from three stationary balls, The
device rotates the fourth ball (under specified load, speed, and temperature)
against the three stationary steel balls using a lubricant. After the test is com-
pleted, the coefficient of friction is calculated using the following equation:

F r
CF = 2.83 i 2 - (2-26)
where 5 = diameter of each steel ball (cm),
L = total applied load on steel balls (g),

F = force acting on torque arm (g),
r = length of torque arm (cm),
CF = coefficient of friction (dimensionless).

Typical values of coefficient of friction for hydraulic fluids will range from 0.003 to
0.06. Antiwear characteristics of the fluid can be further determined by measuring
the wear areas formed on the three stationary balls. This is normally done after
running the test for a 1-hr period.

47\ (8.00y

Another antiwear test is conducted using a hydraulic vane-type pump, as
shown in Fig. 2-25. The tank is filled with 3} gal of the sample hydraulic fluid.
After starting, the pressure is slowly built up to 1000 psi by adjusting the relief
valve. The test is then run at a specified temperature and for a given amount of
time. During the test run, periodic checks are made for viscosity, color, and
neutralization number. At the conclusion of the test, the fluid is removed for final
analysis. The pump parts and filter are weighed and inspected. This test measures
the conditions encountered by vane-type pumps in actual operation.

2.13 NEUTRALIZATION NUMBER

The neutralization number is a measure of the relative acidity or alkalinity of a
hydraulic fluid and is specified by a pH factor. A fluid having a small neutralization
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Hydraulic Pump Test

ASTM D-2271

104-E VICKERS PUMP

WHAT IS THE TEST? WHY THE TEST?

The Hydraulic Pump Test evaluates the The test measures the conditions encoun-
oxidation stability and wear characteristics tered by vane-type pumps in actual opera-
of a lubricant under fixed conditions of tion.

pressure, temperature, and time,

PROCEDURE

The machine is thoroughly flushed with a solvent. This
is followed by a 24-hour preliminary run of the test oil,
which is then discarded.

The machine is assembled using new pump parts
that have been carefully adjusted and the weights are
recorded of all parts including the filter screen. The
tank is filled with 314 gallons of sample with the Sim-
ply-trol adjusted to the desired temperature. After
starting, pressure is slowly built up to 1000 psi over a
two to three-hour period by adjusting the relief valve.
Machine readings are recorded periodically as indi-
cated on the report tabulation.

During the test run periodic checks are made for
viscosity, color, neutralization, and precipitation num-
bers. At the conclusion of the test the oil is removed
for final analysis, weighing, and inspection of pump
parts and filter.

Figure 2-25. Hydraulic pump test. (Courtesy of USX Corp., Pitisburgh, Pennsylvania.)




WHAT IS THE
NEUTRALIZATION NUMBER?

A number expressed in milli-
grams (mg) of potassium hy-
droxide needed to neutralize the
acid in one gram of oil.

WHY THE TEST?

To show relative changes in an
oil under oxidizing conditions.
It measures development of in-
jurious products in oils.

TEST PROCEDURE

A weighed amount of sample in
titration solvent is titrated with
a standard alcoholic potassium
hydroxide solution to a definite
end point. The indicator is para-
naphtholbenzein solution, The
color change is from orange to
green or blue-green,

Z

A SOURED 5YSTEM |
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ALCOHOLIC
POTASSIUM
HYDROXIDE

ACIDIC
SAMPLE

BASIC
SAMPLE

ALCOMOLIC
HYDROCHLORIC
ACID

10 DROPS OF
LI INDICATOR

PARA-
100 ML OF MNAPHTHOLBEMZEIN
TITRATION

SOLVENT

TITRATION SOLVENT
AMND INDICATOR ADDED

SAMPLE |5 WEIGHED

TITRATING

SWIRLING

§ BLUE ) |
GREEN ”l
i’ END POINT

COLOR CHANGE
ORANGE TO
BLUE-GREEN

Figure 2-26.

Neutralization number. (Courtesy of USX Corp., Pittsburgh, Pennsvivania.)
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number is recommended because high acidity or alkalinity causes corrosion of
metal parts as well as deterioration of seals and packing glands.

For an acidic fluid, the neutralization number equals the number of milli-
grams (mg) of potassium hydroxide necessary to neutralize the acid in a 1-g
sample of the fluid. In the case of an alkaline (basic) fluid, the neutralization
number equals the amount of alcoholic hydrochloric acid (expressed as an equiva-
lent number of milligrams of potassium) that is necessary to neutralize the alkaline
in a 1-g sample of the hydraulic fluid. Hydraulic fluids normally become acidic
rather than basic with use.

Figure 2-26 shows a test apparatus for determining the neutralization number
of a hydraulic fluid. For an acidic fluid, the test procedure is as follows:

1. The oil sample is placed in a titrating solution of toluene, distilled water,
alcohol, and an indicating agent, naphthol benzene, which changes color from
orange to green when neutralization occurs.

2. Alcoholic potassium hydroxide solution is added from a graduated _
burette a drop at a time until the solution changes color from orange to green. |

3. After each drop of the alcoholic potassium hydroxide is added, the solu-
tion 1s swirled.

4. Neutralization occurs when the swirling causes the color to change for at
least 15 sec.

5. The neutralization number is then calculated using the following formula:

total ml of titrating solution x 5.61
weight of sample used

neutralization number =

Hydraulic fluids that have been treated with additives to inhibit the forma-
tion of acids are usually able to keep this number at a low value between 0 and 0.1.

2.14 GENERAL TYPES OF FLUIDS

The first major category of hydraulic fluids is the petroleum-based fluid, which is
the most widely used type. If the crude oil is quality-refined, it is generally satis-
factory for light services. However, additives must be included to meet with the
requirements of good lubricity, high viscosity index, and oxidation resistance.
Most of the desirable properties, if not already present in the petroleum oil, can be
obtained by the addition of additives.

The primary disadvantage of a petroleum-based fluid is that it will burn. As a
result, the second category of fluids has been developed: the fire-resistant fluid.
This greatly reduces the danger of a fire. However, fire-resistant fluids generally
have a higher specific gravity than do petroleum-based fluids. This may cause
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cavitation problems in the pump due to excessive vacuum pressure in the pump
inlet line unless proper design steps are implemented. Also most fire-resistant
fluids are more expensive and have more compatibility problems with seal mate-
rials. Therefore, fire-resistant fluids should be used only if hazardous operating
conditions exist. Manufacturer’s recommendations should be followed very care-
fully when changing from a petroleum-based fluid to a fire-resistant fluid and vice
versa. Normally, thorough draining, cleaning, and flushing are required. It may
even be necessary to change seals and gaskets on the various hydraulic compo-
nents.

A third category is the conventional MS (most severe) engine-type oil, which
provides increased hydraulic system life due to better lubricity. This is due to the
antiwear additives used to prevent engine wear on cams and valves. This im-
proved lubricity also provides wear resistance for the heavily loaded hydraulic
components such as pumps and valves.

The fourth and final category of fluid is air itself. Air is the only gas com-
monly used in pneumatic fluid power systems. The reason is that air is inexpen-
sive and readily available. One of the significant advantages of air is that it will not
burn. Air can easily be made clean by the use of a filter, and any leaks are not
messy since they simply dissipate into the atmosphere. Air can also be made a
good lubricant by the introduction of a fine oil mist using a lubricator. Also, the
use of air eliminates return lines since the spent air is exhausted into the atmo-
sphere. Disadvantages of air include its compressibility and subsequent sluggish-
ness and lack of rigidity. Finally, air can be corrosive since it contains oxygen and
water. However, most of the water can be removed by the use of air dryers.

In summary, the single most important material in a fluid power system is
the working fluid. No single fluid possesses all the ideal characteristics desired.
The fluid power designer must select the fluid that comes the closest to being ideal
overall for a particular application. Only if a fire hazard is present should a fire-
resistant fluid be used. The most expensive fluid is not necessarily the best one to
use.

2.15 MAINTAINING AND DISPOSING OF FLUIDS

Controlling pollution and conserving natural resources are important goals to
achieve for the benefit of society. Thus, it is important to minimize the generation
of waste hydraulic fluids and to dispose of them in an environmentally sound
manner. These results can be accomplished by implementing fluid-control and
preventive maintenance programs along with following proper fluid-disposal pro-
cedures. The following recommendations should be adhered to for properly main-
taining and disposing of hydraulic fluids:

1. Select the optimum fluid for the application involved. This includes con-
sideration of the system operating pressures and temperatures, as well as the
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desired fluid properties of specific gravity, viscosity, lubricity, oxidation resis-
tance, and bulk modulus.

2. Utilize a well-designed filtration system to reduce contamination and
increase the useful life of the fluid. Filtration should be continuous, and filters
should be changed at regular intervals.

3. Follow proper storage procedures for the unused fluid supply. For exam-
ple, outdoor storage is not recommended, especially if the fluid is stored in drums,
Drum markings and labels may become illegible due to inclement weather. Also
drum seams may weaken due to expansion and contraction, leading to fluid leak-
age and contamination. Indoor storage facilities should include racks and shelves
to provide adequate protection of drums from accidental damage. Tanks used for
bulk storage should be well constructed of sheet steel using riveted or welded
seams.

4. Transporting the fluids from the storage containers to the hydraulic sys-
tems should be done carefully, since the chances for contamination increase
greatly with handling. Any transfer container used to deliver fluid from the storage
drums or tanks to the hydraulic systems should be clearly labeled. These transfer
containers should be covered when not in use and returned to the fluid-storage
area after each use to prevent contamination with other products.

5. Operating fluids should be checked regularly for viscosity, acidity, bulk
modulus, specific gravity, water content, color, additive levels, concentration of
metals, and particle contamination.

6. The entire hydraulic system, including pumps, piping, fittings, valves,
solenoids, filters, actuators, and the reservoir, should be maintained according to
manufacturer’s specifications.

7. Corrective action should be taken to reduce or eliminate leakage from
operating hydraulic systems. Typically, leakage occurs due to worn seals or loose
fittings. A preventive maintenance program should be implemented to check
seals, fittings, and other equipment-operating conditions that may affect leakage,
at regular intervals,

8. Disposal of fluids must be done properly, because a hydraulic fluid is
considered to be a waste material when it has deteriorated to the point where it is
no longer suitable for use in hydraulic systems. The Environmental Protection
Agency (EPA) has instituted regulations that do not permit the practice of mixing
hazardous wastes (such as solvents) with waste hydraulic fluids being disposed.
Also not permitted is the burning of these waste fluids in nonindustrial boilers. An
acceptable way to dispose of fluid is to utilize a disposal company that is under
contract to pick up waste hydraulic fluids.
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Pollution control and conservation of natural resources are critical environ-
mental issues for society. Properly maintaining and disposing of hydraulic fluids
represent a cost effective way to achieve a cleaner environment while conserving
natural resources.

2.16 ILLUSTRATIVE EXAMPLES USING THE SI
METRIC SYSTEM

In this section we use the metric system of units to solve several example prob-
lems that were previously solved in this chapter using the English system of units.
This will provide a direct comparison between the two systems of units.

e b 13

- Find the pressure ona 5k1n dwer who has deseended to a depth of 18.3 m in fresh
‘water (compare to Example 2-2).

'.:So!ution Per Eq 12 9} we have o
| - Pk
-:Subsntumg a consi stent set ot‘ units yleld%

(9797 mes)(léi im

179,300 Pa = 1?9 3 kPa =1 793 bars = 26 psi

' _EXJ\MPLF 214

: Convert a- -34 (}U(} Pd pressure to an abso!ute pressure {compare to Example 2-4),
i Solmion

_absolute pressure = gage pressure + atmospheric pressure

14.7 psi

~ 0.000145 psi/Pa L

. whcm atmosphenc pressure =

absﬂlutc preqsure = ~“34 0(}0 + 101,000 = 67,000 Pa abs = 9.7 psia

It should be notcd that the “abs is used to indicate that the 67,000 Pa value is an
absp}ute pressure (measured relative to a perfect vacuum).
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Examnm ' '
A 164-cm?
- from 687 kPa to 13,740 k

sample of oil is compressed in a cylinder un

ress vlinder until s pressure is increased
kPa or 13.74 MPa. If the bulk modu us equals 1718 N i

*__'fihe_pe;'cégt change in volume of the oil (compare to Example 2-8). .

":Sé_{ua‘qn_.'__.'.'.::':: s .
& e e e

~ For the hydraulic press of Figure ._2:-:1{_3_ the t_’oliqﬁy_ring_d;it_aﬁ'_.ar_e given: '

s e
g h Gy

' bs- ._I'ijf--x--.;}e %'x- S=125cm

EXERCISES

Questions, Concepts, and Definitions

2-1. What are the four primary functions of a hydraulic fluid?

2-2. Name 10 properties that a hydraulic fluid should possess.

2-3. Generally speaking, when should a hydraulic fluid be changed?
2-4. What are the differences between a liquid and a gas?

2-5. Name two advantages and two disadvantages that air has when used in a fluid power
system.




3 Energy and Power in
Hydraulic Systems

Learning Objectives

Upon completing this chapter. vou should be able to

Differentiate between hydraulic power and hydraulic energy.
Define the term efficiency relative to hydraulic power.

L

Describe the operation of an air-to-hydraulic pressure booster.
Explain the conservation of energy law.

Calculate fluid flow rates and velocities using the continuity equation.
Evaluate the power delivered by a hydraulic cyclinder.

Determine the speed of a hydraulic cylinder.

o o ks

Describe the difference between elevation energy, pressure energy, and ki-
netic energy.
9. Describe the operation of a hydraulic jack.

10. Apply Bernoulli’s equation to determine the energy transfer within a hydrau-
lic system.

11. Understand the meaning of the terms elevation head, pressure head, and
velocity head.

12. Differentiate between the terms pump head, motor head, and head loss.

13. Discuss the meaning of Torricelli’s theorem.

14. Explain the operation of a siphon.

30
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3.7 INTRODUCTION

In hydraulic systems, fluid enters the pump at below atmospheric pressure, called
the suction pressurc. As the fluid passes through the pump, its potential energy
increases as evidenced by an increase in fluid pressure. Some of this energy is lost
due to friction as the fluid flows through pipes, valves, and fittings. These fric-
tional energy losses show up as heat energy and thercfore are accounted for. An
analysis of these energy losses due to friction is presented in Chapter 5. At the
output device (hydraulic actuator) the remaining energy is transferred to the load
to perform useful work. This is essentially the cycle of cnergy transfer in a fluid
power system. Energy is added to the system by the pump and removed from the
system via the actuator as it drives the output load.

A hydraulic system is not a source of energy. The energy source is the prime
mover (such as an electric motor or an internal combustion engine), which drives
the pump. Thus, in reality, a hydraulic system is merely an energy transfer sys-
tem. Why not, then, eliminate hydraulics and simply couple the mechanical equip-
ment directly to the prime mover? The answer is that a hydraulic system is much
more versatile in its ability to transmit power. This versatility includes advantages
of variable speed, reversibility, overload protection, high horsepower per weight
ratio, and immunity to damage under stalled conditions.

The law of conservation of energy states that energy can neither be created
nor destroyed. This means that the total energy at any location of the system
remains constant. The total energy includes potential energy due to elevation and
pressure and also kinetic energy duc to velocity. If all the energy changes are
properly accounted for, the hydraulic system will always have an energy balance.
This will be accomplished by using Bernoulli’s theorem, which keeps track of the
changes that occur to the potential and kinetic energy of the fluid as it passes
through the hydraulic system. Also included are energy losses due to friction,
which transfers into heat, mechanical energy added by the pump and mechanical
energy removed by the load actuators.

3.2 REVIEW OF MECHANICS

Since fluid power deals with the generation of forces to produce energy., it is
essential that the basic laws of mechanics be clearly understood. Let’s, therefore,
have a brief review of mechanics as it relates to fluid power systems.

Forces are essential to the production of work. No motion can be generated
and hence no power can be transmitted without the application of some force. It
was in the late seventeenth century when Sir Isaac Newton formulated the three
laws of motion dealing with the effect a force has on a body:

1. A force is required to change the motion of a body.
2. If a body is acted upon by a force, the body will have an acceleration
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proportional to the magnitude of the force and inversely to the mass of the
body.

3. 1 one body exerts force on a second body. the second body must exert an
equal but opposite force on the first body.

The motion of 4 body can be cither linear or angular depending on whether
the path of motion is along & straight line or circle,

Let's examine linear motion first. If a body moves. it has velocity. which is
defined as the distance traveled divided by the corresponding time:

gt (3-1)
!
where in the English svstem of units: s = distance (in. or ft).
£ time (see or min).
v ovelocity Gindds,inL/min. ft/s, or
ft. min).

Il the velocity changes, we have a change in motion. This means we have an
acceleration. which is defined as the change in velocity divided by the correspond-
ing change in time. In accordance with Newtons first law ol motion. a force is
required to produce this change in motion. Per Newton's second law. we have

I = ma (3-2)

where F = force (1b),
a = acceleration (1157,
m = mass (slugs).

This now brings us to the concept of energy . which is defined as the ability to
perform work. Let’s assume that a force acts on a body and moves the body
through a specified distance in the direction of the applied force. Then, by defini-
tion. work has been done on the body. The amount of this work equals the product
ol the force and distance where both the force and distance are measured in the
same direction:

W= F§ (3-3)

where 17— force (Ih),
S — distance (in. or [1).
W — work (in.-1b or {t-1b).

This leads us to a discussion of power, which is defined as the rate of doing
work or expending energy. Thus. power cquals work divided by time:

—
s

])
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But since S/ equals v, we can rewrite the power equation as follows:

P= Fo (3-4)
where F = force (Ib),
v = velocity (in./s, in./min, ft/s, or ft/min),
P = power (in.-Ib/s, in.-Ib/min, ft:Ib/s, or ft:1b/min).

Essentially, power is a measure of how fast work can be done and is usually
measured in units of horsepower (hp). By definition, 1 hp equals 550 ft-lb/s or
33,000 ft-Ib/min. Thus, we have

_F (Ib) - v (ft/s) _ F (Ib) - v (ft/min)

HE 550 33.000

(3-5)

EXAMPLE 31

A person exerts a 30-Ib force to move a hand truck 100 ft in 60 s.

a. How much work is done?
b. What is the power delivered by the person?

~ Solution

a. W =FS=(30Ib)100 ft) = 3000 fi-lb

b p_FS_Oomeom

: DU ~ 50 fetbls.
L kR
HP = e R orsymp -~ %01 bp

Let’s now examine angular-type motion. Just as in the linear case, angular
motion is caused by the application of a force. Consider, for example, the force F
(shown in Fig. 3-1) being applied to a disk by means of a string wrapped around its
periphery. The disk rotates about its center and has a radius R. The force F

creates a torque 7 whose magnitude equals the product of the force F and its
moment arm R:

T=FR (3-6)
where F = force (Ib),

R = moment arm (in. or f1),
T = torque (in.-1b or ft-1b).

1]

Notice that the moment arm is measured from the center of the shaft (center
of rotation) perpendicularly to the line of action of the force. It is the torque T that
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/ ROTATION
¥ Figure 3-1.  Definition of torque T
using a rotating disk.

causes the disk to rotate at some angular speed measured in units of revolutions
per minute (rpm). Since the torque is clockwise as shown in Figure 3-1, the
rotation is similarly in the clockwise direction. As the disk rotates and overcomes
a load resistance, work is done and power is transmitted. A hydraulic motor
delivers power in this fashion, and the amount of horsepower transmitted can be
found from

Tn

HiP= 63,000

(3-7)
where T = torque (in.-1b),
n = rotational speed (rpm),
HP = horsepower.

.:EJ:U\MPI.R-S-Z;.. . : S
| How muih tgrq'll e is delivered by a 2-hp, 1800-rpm hydraulic motor?

Solution L . .
L B 63;:300
Substitutin:g kn'b“:’ﬁ _;falues;','ive have .
' ' | 2 _ T(1800)
: 63,000
T =T70in.-1b

Efficiency, another significant parameter when dealing with work and
power, is defined as output power divided by input power:

_b

where P, = output power,
= Input power,
n = Greek letter eta = efficiency.

o
|
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The efficiency of any system or component is always less than 100% and is
calculated to determine power losses. In hydraulic systems, these losses are due
to fluid leakage past close-fitting parts and mechanical friction due to fluid move-
ment, rubbing parts and seals, and the operation of mechanical couplings. Effi-
ciency measures the amount of power that is actually delivered in comparison to
the power received. The power difference (P, — P)) is loss since it is transformed
into heat due to frictional effects. The output power is usually computed from
force, distance, and time data, which describe the speed at which the load is
moved. The input power is normally computed on parameters associated with the
prime mover.

Examrie 3-3

An elevator raises a 3000-1b load through a distance of 50 ft in 10 s. If the efficiency of
the entire system is 80%, how much input horsepower is required by the elevator
hoist motor? Sl :

Solution _
ES (3000 1b)(50 ft)

al

e 13,000 i b/s
_H? u__s_i}.m:._..g?._} .
7)o ?,—‘f X '100_%
na
30% = X 100
b “'.34.1 hp

 APPLICATIONS OF PASCAL’'S LAW

In this section we examine two basic applications of Pascal’s law: the hydraulic
jack and the air-to-hydraulic booster.

Hydraulic Jack

This system uses a piston-type hand pump to power a single-acting hydraulic
cylinder, as illustrated in Fig. 3-2. The operation is as follows.

A hand force is applied at point A of handle ABC, which pivots about point
C. The piston rod of the hand pump is pinned to the input handle at point B. The
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Fiupur (HAND FORCE) lFUnD-1DOOLB
/ |—v— —6IN --J-q— QIN--‘
[
i C
L y
LS __'
HANDLE
CHECK VALUE 2
oiL
PUMP
PISTON |
- / QlL
LOAD
PISTON
PATM
1 ll BLEED
VALVE

OIL TANK

Figure 3-2.  Hand-operated hydraulic jack system.

hand pump essentially consists of a cylinder containing a piston, which is free to
move up and down. The piston and rod are rigidly connected together. When the
handkispuﬂedup,ﬂm;ﬁﬂonrmesandcrmuesavacuuminthespacebdomﬂt.As
a result, atmospheric pressure forces oil to leave the oil tank and flow through
check valve 1. This is the suction process. A check valve is a component that
allows flow to pass in only one direction, as indicated by the arrow.

When the handle is then pushed down. oil is ejected from the hand pump and
flows through check valve 2 and enters the bottom end of the load cylinder. The
loadcyﬁnderisshnﬂarincons&ucﬂontothepunn)cyﬁnderandcontMHSZIpmton
and rod. Pressure builds up below the load piston as oil is ¢jected from the pump
and meets resistance in finding a place to go. From Pascal’s law we know that the
pressure acting on the load piston equals the pressure generated by the pump
below its piston. Thus, each time the input handle is cycled up and down, a
specified volume of oil is ejected from the pump to raise the load cylinder a given
distance against its load resistance. The bleed valve is a hand-operated valve,
which, when opened, allows the load to be lowered by bleeding oil from the load
cyﬁnderbacktotheoﬂtank.Ilshoukiberuncdthatoﬂenunsandcxnsf?onleach
cylinder at only one end. Such a cylinder is called single acting because it is
hydraulically powered in only one direction. Figure 3-3 is a photograph showing
the construction of a single-acting air cylinder. The purpose of the internal spring
is to return the piston to its fully retracted position. In the hydraulic jack applica-
tion of Fig. 3-2 the retraction of the load piston is accomplished by the load itself
when the bleed valve is opened.
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Figure 3-3. Single-acting air cylinder.
(Courtesy of Sheffer Corporation,
Cincinnati, Ohiv.)

Figure 3-4 is a photograph of a double-acting air cylinder, which can be
powered in either direction. The construction and operation details of hydraulic
and air cylinders such as these are examined in detail in Chapter 7.

Example 3-4 illustrates further how the hydraulic jack functions in terms of
power and force requircments.

Examere 3-4

An operator makes one complete cycle per second interval using the hand pump of

Fig. 3-2. Each complete cycle consists of two pump strokes (intake and power). The

pump has a 1-in.-diameter piston and the load cylinder has a 3.25-in.-diameter piston.
_ If the average hand force is 25 Ib during the power stroke,

‘a. How much load can be lifted?

b. How many cycles are required to lift the load 10 in. assuming no oil leak-
age? The pump piston has a 2-in. stroke.

Figure 3-4. Double-acting air cylinder.
(Courtesy of Sheffer Corporation,
Cincinnati. Ohio.)
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¢. What is the output HP assuming 100% efficiency?
d. What is the output HP assuming 80% efficiency?

Solution

a. First determine the force acting on the rod of the pump due to the mechani-
cal advantage of the input handle:

! 8 8
’Frod T 'i): x Finpm = '2’ (25) = 100 b
Next, calculate the pump discharge pressure P:

_rod force $ ol 5 100 1b
piston area  Apump pision (@/4)(1)? in.2

= 127 psi

Per Pascal’s law this is also the same pressure acting on the load piston. We can now
calculate the load-carrying capacity:

Fl(sad ot PA]U“L{ piston — {]2?) Ibfin.? ’Vg (325)3J in?= 1055 1b

b. To find the load displacement, assume the oil to be incompressible. There-
fore, the total volume of oil ejected from the pump equals the volume of oil displacing
the load cylinder:

(A X S}pump piston X (]’lO. of CyCIES} = (A X S)!uud piston

Substituting, we have

%(1)2 in.2 X 2 in. X (no. of cycles) = = (3.25)2 in.2 X 10 in.

=13

82.7 in.}

1.57 in.* X (no. of cycles)
no. of cycles = 52.7

Note that the 1.57-in.? value is called the displacement volume of the piston pump.

g (1055 1b) (-i—g ft
¢ Power = e 57 = 16.7 ft-1b/s
167
HP = 550 = 0.030 hp

The HP output value is small, as expected, since the power comes from a human
being,

d. HP = (0.80)(0.03) = 0.024 hp
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Air-to-Hydraulic Pressure Booster

This device is used for converting shop air into the higher hydraulic pressure
needed for operating cylinders requiring small to medium volumes of higher pres-
sure oil. It consists of a large-diameter air cylinder driving a small-diameter hy-
draulic cylinder (see Fig. 3-5). Any shop equipped with an air line can obtain
smooth, efficient hydraulic power from an air-to-hydraulic booster hooked into
the air line. The alternative would be a complete hydraulic system including
expensive pumps and high-pressure valves. Other benefits include a space savings
and a reduction in operating costs and maintenance.

Figure 3-6 shows an application where an air-to-hydraulic booster is supply-
ing high-pressure oil to a hydraulic cylinder used to clamp a workpiece to a
machine tool table. Since shop air pressure normally operates at 100 psi, a pneu-
matically operated clamp would require an excessively large cylinder to rigidly
hold the workpicce while it is being machined.

The air-to-hydraulic booster operates as follows (see Fig. 3-6): Let’s assume
that the air piston has a 10-in.? area and is subjected to 100-psi air pressure. This
produces a 1000-1b force on the hydraulic cylinder piston. Thus, if the area of the
hydraulic piston is 1 in.2, the hydraulic discharge oil pressure will be 1000 psi. Per
Pascal’s law, this produces 1000-psi oil at the small hydraulic clamping cylinder
mounted on the machine tool table.

The pressure ratio of an air-to-hydraulic booster can be found by using

output oil pressure area of air piston
input air pressure  area of hydraulic piston

pressure ratio = (3-9)

Figure 3-5. Air-to-hydraulic pressure
booster, (Courtesy of Miller Fluid
Power, Bensenville, Hlinois.)
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RETRACTABLE
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Figure 3-6. Manulacturing application of air-to-hydraulic booster.

The pressure booster shown in Figure 3-5 is designed to provide either a
single-output pressure or dual-output pressures. When connected in a single-
pressure circuit, the booster produces high-pressure oil during the entire booster
cylinder stroke. A single-pressure circuit is recommended when the booster cylin-
der approach stroke is small in comparison to the stroke of the high-pressure load
cylinder being powered by the booster. In a dual-output pressure circuit, the
pressure booster delivers low-pressure oil during the initial portion of the ap-
proach stroke and high pressure oil during the final portion of the stroke. The
pressure booster of Figure 3-5, when connected in a dual-pressure circuit, uses as
little as 10% of the amount of air required for direct air cylinder operation.

Figure 3-7 shows a booster power panel unit that contains the booster of
Figure 3-5 connected in a dual-pressure circuit. This panel unit is a complete
system equipped with the following components:
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ADVANCE
TANK

RETURN
TANK

Figure 3-7. Booster power panel unit.
(Courtesy of Miller Fluid Power, Ben-
senville, Hlinois.)

CONTRO
VALVE

. One air-hydraulic booster

. Two air-oil tanks

. One air line filter

. One air line lubricator

. Two air pressure regulators
. One control valve operator

s - N I L O

. All necessary piping and power air valves

This panel unit permits booster reciprocation rates up to 60 strokes (30 cycles) per
minute.

A riveting press, which is booster-powered, is depicted in Fig. 3-8. It is an
extremely compact, space-saving unit that rivets six rivets simultaneously on
aircraft parts. In Fig. 3-9 we see a milling machine using booster-powered clamps,
which result in savings in clamping time and labor, simplicity, and economy of
operation. This specific application uses two boosters for powering dual clamping
fixtures on a single milling machine for reciprocal milling of small parts. The input
air operates at 100 psi, and the booster produces 2000-psi oil to produce 10,000-1b
forces at each clamp.

Air-to-hydraulic boosters can be purchased in a wide range of ratios and can
provide hydraulic pressures up to 30,000 psi using 100-psi shop air.
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Figure 3-8. Booster-powered riveting
press. (Courtesy of Miller Fluid Power,
Bensenuville, Hlinois.)

OiL SUPPLY

OiL SUBPLY =
b BOOSTERS

HYDRAULIC
CYLINDERS |
INSIDE b &

HYDRAULLC }
CYLINDER
PISTOM RODS

e

Figure 3-9. Booster-powered clamps on milling machine. (Courtesy of Miller
Fluid Power, Bensenville, Hlinois.)
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BOOSTER HYDRAULIC
CYLINDER
OIL PISTON

Py
LOAD PISTON ‘

Figure 3-10. An air-to-hydraulic booster system.

AIR LINE

INLET ——==
AIR SUPPLY

P, = 100 PSI
AIR PRESSURE  AIR PISTON

Examme3S _ o
Figure 3-10 sh’dWs-_‘a pressure booster system used to drive a load F via a hydraulic
~ cylinder. The following data are given:

_inlet air pressure (P() - 100 psi
: éir piston area (A;) = 20 in.?
oil piston area (Ao).= 1 in.?
: load plston area (Ay) = 25 in.?

. Fmd the 10¢d~carrytng capaclty F of the system.

-.Solurwn Fl{‘S’t, ﬁnd zhe booqter dlschargc pressure P;:
boostcr 1nput force = booster output force
: P\A, = P4,
PA
TvE
Per Pascai s law P; = Pg = 2000 pq:
L = P;Ag == {2000){25) - 50 000 1b

'_P;-_= = {100)(%9—) = 2000 psi

To produce thm fnrce wuthout the booster would requu‘e a 500-in.%-area load
paston, assummg 100 psu air preq'iure

3.4 CONSERVATION OF ENERGY

The conservation of energy law states that energy can neither be created nor
destroyed. This means that the total energy of the system at any location remains
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constant. The total energy includes potential energy due to elevation and pressure
and also kinetic energy due to velocity. Let’s examine each of the three types of
energy.

1. Potential energy due to elevation (EPE): Figure 3-11 shows a chunk of
fluid of weight W Ib at an elevation Z with respect to a reference plane. The weight
has potential energy (EPE) relative to the reference plane because work would
have to be done on the fluid to lift it through a distance Z:

EPE = WZ (3-10)

Notice that the units of EPE are either ft:1b or in.-Ib.

2. Potential energy due to pressure (PPE): If the W Ib of fluid in Fig. 3-11
possesses a pressure P, it contains pressure energy as represented by

PPE = W% (3-11)

where vy is the weight density of the fluid. PPE will have units of either ft:lb or
in.-1b.

3. Kinetic energy (KE): If the W Ib of fluid in Fig. 3-11 is moving with a
velocity v, it contains kinetic energy, which can be found using

1w,
KE = 5= 2 (3-12)

where g = acceleration of gravity

32.2 ft/s? or 386 in./s?.

KE will have units of either ft-1b or in.-1b.
The total energy possessed by the W-1b chunk of fluid can neither be created
nor destroyed. Mathematically the total energy Er remains constant:

P 1 W
Er=WZ+ W—+ - — v’ = constant (3-13)
y 2¢g

W LE |—

z Figure 3-11. The three forms of en-
ergy as established by elevation (Z),

TION s
ZERG ELEVATION REFERENGE pressure (P), and velocity (v).
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Of course, energy can change from one form to another. For example, the
chunk of fluid may lose elevation and thus have less potential energy. This,
however, would result in an equal increase in either pressure energy or kinetic
energy.

3.5 THE CONTINUITY EQUATION

The continuity equation states that for steady flow in a pipeline the weight flow
rate is the same for all cross sections of the pipe.

To illustrate the significance of the continuity equation, refer to Fig. 3-12,
which shows a pipe in which fluid is flowing at a weight flow rate w that has units
of weight per unit time. The pipe has two different-sized cross-sectional areas
identified by stations 1 and 2. If no fluid is added or withdrawn at any location,
then the weight flow rate at stations 1 and 2 must be equal:

Wi = Wh

or

YViA v = y24Aq02
where v = weight density of fluid (Ib/ft?),
A = cross-sectional area of pipe (ft?),
v = velocity of fluid (ft/s).

Checking units, we have
(Ib/fE)(E)(ft/s) = (Ib/f)(ft)(ft/s)

or
Ib/s = Ib/s

L'z
B T i e S m—
FLUID T z FLUID

IN o — +oouT
—D g —
wORQ 11 ] - t wORQ

_Y_/;% -
® ©,

Figure 3-12. Continuity of flow.
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Assuming an incompressible fluid, we can cancel out the weight density
terms from the preceding equation, since y; = ;. This produces the continuity
equation for hydraulic fluids that are nearly incompressible:
A = Ay, (3-14)
Checking units, we have
(fe>)(ft/s) = (ft*)(ft/s)
or
ft’ls = ft*/s
Hence, for an incompressible fluid, the volumetric flow rate (volume per unit

time) is also constant in a pipeline. Using the symbol Q for volumetric flow rate,
we have

Q:Au—_—AlvlelezvzzQz
The continuity equation can be rewritten as follows:

v _ Ay (w/4)D}

[ 23] B Ai B {‘?TJ"{4)D%

where D and D, are the pipe diameters at stations 1 and 2, respectively. The final
result is

v A D}

, D3
U e D (3-15)

Equation (3-15) brings out the fact that the smaller the pipe size, the greater
the velocity, and vice versa. It should be noted that the pipe diameters and areas
are inside values and do not include the pipe wall thickness.

he following data are given:
. :D.l;_.=. din,, Dy=2in.
v 4fRls
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~ Find:
a. The volumetric flow rate 0.

~b. The fluid velocity at station 2.

 Solution e
O = O = A,
D e 4 i 2
A.; = 4D; 2 (12 ft) 0.0873 ft
Q B (0 08?3 ft'}(4 ft/s) = 0.349 ft*/s
h Solvmg Eq. (‘% ]5) for vy, We have '

v = )(Dl)2 @@y _
oy 0OF

= 16 ft/s

3.6 HYDRAULIC HORSEPOWER

Now that we have established the concepts of flow rate and pressure, we can find
the work done in pumping a fluid and thus the horsepower produced by a hydrau-
lic actuator. Let’s analyze the hydraulic cylinder of Fig. 3-13 by developing equa-
tions that will allow us to answer the following three questions:

1. How do we determine how big a piston diameter is required?

2. What is the required pump flow rate necessary to drive the cylinder
through its stroke in the required time?

3. How much horsepower does the hydraulic cylinder deliver?

é
E 4 — =
—_— P 1 E ROD et e
a T 2 F
S = LOAD
é
~

BARREL

Figure 3-13. Hydraulic horsepower of a cylinder.
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Note that the cylinder horsepower plus any horsepower losses due to friction
between the pump and cylinder must be hydraulically produced by the pump.

Answer to Question 1: A pump receives fluid on its inlet side at a pressure
approximating atmospheric pressure (0 psig) and discharges the fluid on the outlet
side at some elevated pressure P sufficiently high to overcome the load. This
pressure P acts on the area of the piston A to produce the necessary force to
overcome the load:

PA = F load

Solving for the piston area A, we obtain

_ Fload
A= 5 (3-16)

Since the load is known from the application and the maximum allowable
pressure is established based on the pump design, Eq. (3-16) allows us to calculate
the required piston area.

Answer to Question 2: The volumetric displacement Vj, of the hydraulic cylinder
equals the fluid volume swept out by the piston traveling through its stroke §:

Vp (fh) = A (ft?) - S (ft)

The required pump flow rate equals the volumetric displacement of the
cylinder divided by the time ¢ required for the piston to travel through its stroke:

Vp (ft%)
t(s)

0 (ftd/s) =
but since Vp = AS, we have

A (ft°) - S (ft)

g it= = 5

(3-17)

Since stroke S and time ¢ are basically known from the particular applica-
tion, Eq. (3-17) permits the calculation of the required pump flow.

Recall that for a pipe we determined that Q = Av. Shouldn’t we obtain the
same equation for a hydraulic cylinder since it is essentially a pipe containing a
piston? The answer is yes, as can be verified by noting that S/t can be replaced by
v in Eq. (3-17) to obtain the expected result:
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Q (f/s) = A (f?) - v (ft/s) (3-18)

where v = piston velocity.

Note that the larger the piston area and velocity, the greater must be the
pump flow rate.

Answer to Question 3: It has been established that energy equals force times
distance:

energy = (F)S) = (PAXS)
Since power is the rate of doing work, we have

_ energy _ (PA)S)

power = e = P(Av)
Since O = Av, the final result is
power (ft-Ib/s) = P (Ib/ft?)-Q (ft}/s) (3-19)

Recalling that 1 hp = 550 ft-Ib/s, we obtain

_P (Ib/ft?) - O (ft¥/s)

HE 550

(3-20)

Since pressure in units of psi (Ib/in.?) and flow rate in units of gallons per
minute (gpm) are in more widespread use in the English system of units, Eq.
(3-20) will be modified to incorporate these units.

First, let’s find the relationship between psi and Ib/ft>:

¢ P
P (Ib/ft) = P (Ib/in.?) x (Mﬁ%)

Therefore,
P (Ib/ft?) = 144 P (psi)
Second, let’s find the relationship between gpm and ft%/s:

N
2311;1]1 ) x (i?;8tin.3) (]631:1)

0 (ft/s) = Q (gpm) x (
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Therefore,

Q (gpm)

Q (ft)s) = S

Substituting the determined relationships between psi and Ib/ft*> and gpm and
ft3/s into Eq. (3-20) yields the final result:

[144P (psi)I[Q (gpm)/448]

He = 550
_ P (psi) - Q (gpm) ’
HP = = (3-21)

Observe the following power analogy between mechanical, electrical, and
hydraulic systems:

mechanical power = force X velocity
electrical power = volts X amps

hydraulic power = pressure X flow rate

Example 3-7 illustrates the use of the hydraulic horsepower analysis tech-
nique.

ale size in 10 s. The
000-psi pump has been
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Bernoulli's Equation

3.7 BERNOULLI'S EQUATION

Bernoulli’s equation is one of the most useful relationships for performing hydrau-
lic circuit analysis. Its application allows us to size components such as pumps,
valves, and piping for proper system operation. Bernoulli’s equation can be de-
rived by applying the conservation of energy system to a hydraulic pipeline, as
shown in Fig. 3-14. At station 1 we have W Ib of fluid possessing an elevation Z,, a
pressure Py, and a velocity v;. When this W 1b of fluid arrives at station 2, its
elevation, pressure, and velocity have become Z,, P,, and v,, respectively.

With respect to a common zero elevation reference plane, we can identify
the various energy terms as follows:

Type of Energy Station 1 Station 2
Elevation WZ, WZ,
P,
Pressure W & W —
Y ¥
s Wui Wus
Kinetic 22 22

Daniel Bernoulli, the eighteenth-century Swiss scientist, formulated his
equation by noting that the total energy possessed by the W Ib of fluid at station 1
equals the total energy possessed by the same W b of fluid at station 2:

Wui WP
W&+W&+—ﬂzwa+—i+
Yy 2 ¥

Wu3
g (3-22)
If we divide both sides of Eq. (3-22) by W, we are examining the energy
possessed by 1 Ib of fluid rather than W Ib. This yields Bernoulli’s equation for an
ideal frictionless system: The total energy per pound of fluid at station I equals
the total energy per pound of fluid at station 2:
P

2 2
zi+ M _ ke B (3-23)
Yy 2 Yy 28
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Py

W LB

e /%% WLB R \\ ﬁ—-——/a-/iz —TEL

ZERO ELEVATION REFERENCE PLANE

Figure 3-14. Pipeline for deriving Bernoulli's equation.

Checking units, we find that each term has units of length (i.e., ft-1b/Ib = ft or
in.-Ib/Ib = in.). This is as expected, since each term represents energy per pound

of fluid:
Z = ft or Z = in.
Pt _ P Iblin?
P Y e ®  §F mmr ™
L 7 ' (0
2¢ ft/s? 2g in./s? ’

Since each term of Bernoulli’s equation has units of length, the use of the
expression head has picked up widespread use as follows:

Z is called elevation head.
Ply is called pressure head.
v*/2g is called velocity head.
We can correct Eq. (3-23) to take into account that frictional losses (H;) take

place between stations 1 and 2. H, represents the energy per pound of fluid loss in
going from station 1 to station 2. In addition, we want to take into account that
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pump or hydraulic motor may exist between stations [ and 2. H, will represent the
energy per pound of fluid added by a pump, and H,, will represent the energy per
pound of fluid removed by a motor.

This leads us to the complete Bernoulli equation based on balancing the
energy terms on a 1-1b chunk of fluid: The total encrgy at station 1 plus the energy
added by a pump minus the energy removed by a motor minus the energy loss due
to friction equals the total energy at station 2:

: P, vi - P L’_;
Z; + 5 + % +H,-H,—H =2, + . + 20 (3-24)

The pump head can be calculated using

~ 3950(HP)

. 25
H, 0s, (3-25)

where HP = pump horsepower,
O = pump flow (gpm),
S, = specific gravity of fluid,
H, = pump head (f1).

The motor head can also be calculated using Eq. (3-25), where the H, term is
replaced by H,,. The HP and Q terms then represent the hydraulic motor horse-
power and gpm flow rate, respectively,

The use of a venturi in an automobile engine carburetor is a familiar applica-
tion of Bernoulli’s equation.

Figure 3-15 shows a venturi, which is a special pipe whose diameter is
gradually reduced until a constant-diameter throat is reached. Then the pipe grad-
ually increases in diameter until it reaches the original size. We know that inlet
station 1 has a lower velocity than does the throat station 2 due to the continuity
equation. Therefore, v, is greater than v,

LOW PRESSURE
HIGH VELOCITY
PSS LALR RIS AR Ay : /ffwfwfllmﬂ”ﬂ
K //
A HIGH PRESSURE %"”I’f’”’// Qour
LOW VELOCITY

Figure 3-15. Pressure reduction in a Venturi.
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Let’s write Bernoulli’s equation between stations 1 and 2 assuming ideal
flow and equal elevations:

7 2
Py v P2, v

y 2¢ v 2

Solving for P, — P>, we have

|=

Piy=Py ==~

-

g

Since v, is greater than v;, we know that P, must be greater than P,. The
reason is simple: In going from station 1 to 2 the fluid gained kinetic energy due to
the continuity theorem. As a result, the fluid had to lose pressure energy in order
not to create or destroy energy. This venturi effect is commonly called Bernoulli’s
principle.

Figure 3-16 shows how the venturi effect is used in an automobile carbu-
retor. The volume of air flow is determined by the opening position of the butterfly
valve. As the air flows through the venturi, it speeds up and loses some of its
pressure. The pressure in the fuel bowl is equal to the pressure in the air horn
above the venturi. This differential pressure between the fuel bowl and the venturi

Q (AIR)

AlR

THROAT OF

VENTURI (\

BUTTERFLY FUEL BOWL
VALVE

AIR-FUEL duce Bernoulli effect in automobile

Figure 3-16. Use of Venturi to pro-
l MIXTURE carburetor,
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throat causes gasoline to flow into the air stream. The reduced pressure in the
venturi helps the gasoline to vaporize.

EXA\'IPLE 3 8
For. 1hf. hydrauhc system of Fig 3 1? the toi]owmg data are gwen:

o The pump is addmg 5hpto the ﬁutd
2 Pump flow is 30 gpm
3. The pipe has a 1-in. mslde dtametcr
4. The specific gravity of the oil is 0.9.

Find the pi‘éSsure avai]aijie at ihe i'niet to thé hydfaulic motor (station 2). The
pressure at bl}uion I in thc hydrauhc 1ank is atmosphenc (0 p31g) The head loss H;
due to frlCtl(}Tl between statlons I and 2 is 30 ft Df 01!

- '.Solution "ertlng 'Berr_mulh s equation _betwecn stations 1 and 2, we have

Pl . ; P U?s
pn H—H —~H A s
. . 1 y 2g : o s Y Zg
i Slm.c thcrc is no hydrauhc mator bctwcen stations 1 and 2.H,=0. Also v =0
because the cross section of an oil tank is large. Thus, the velocity of the oil surface is
negligible, and the value of ] dpproaChCS zero. Per Fig. 3 17, Z> — Z; = 20 ft. Also
H, =30 ft and P, = G per the given input data.

HYDRAULIC
MOTOR

1IN
INSIDE DIA,

20FT
ELEVATION
ELECTRIC
MOTOR

= e e e e e -

P STRAINER

Figure 3-17. Hydraulic system for
OlIL TANK Example 3-8.
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_ B90)5) _ s
7~ (30)(0.9)

Thcn sol\re for o

Q (fws) Q (g"’“}. ==

Q(ﬁfs). o

v (2252
2z 6Gddns
Upon final subsntutmn, we have .

%_732 24a59 6792&

= 2;.4 ft

Solving for P; yields o _ o
| P, <n5ff_t?)- ;'=3(679.--_z Mgty

. ; Wh@fﬁ ‘y Sg']’waters i o
: = (0.9)(62. 4) = 56.2 lb;"ft3 .
P; - (6?9 2)(56 2) = 38 200 lb;’ft2

Changmg to units of psi ylelds

38,200

Berm 8
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In Example 3-8, the velocity v, was calculated in units of ft/s by dividing the
flow rate Q in units of ft’/s by the pipe cross-sectional area in units of ft2. This
required converting Q from gpm to ft*/s and calculating the pipe area A in units of
ft?, knowing the pipe inside diameter D in units of in. Since flow rates are normally
given in gpm and pipe diameters in units of in., this cumbersome series of calcula-
tions to find fluid velocities in pipes is frequently encountered. However, Eq.
(3-26) can be used to provide answers quickly for fluid velocities:

i 0.4D[)28Q

(3-26)

where v = fluid velocity (ft/s),
@ = flow rate (gpm),
D = pipe inside diameter (in.).

We can check the calculated value of v, from Example 3-8 by using Eq. (3-26):

v = ——(0‘4?18})2(30) = 12.2 ft/s

As expected, the result is the same.

3.8 TORRICELLI'S THEOREM

Torricelli’s theorem states that ideally the velocity of a free jet of fluid is equal to
the square root of the product of two times the acceleration of gravity times the
head producing the jet. As such, Torricelli’s theorem is essentially a special case
of Bernoulli’s equation for the system of Fig. 3-18. In this system we have a tank
with an opening in its side. The tank is filled with a liquid to a height & above the
centerline of the opening. As a result, a jet of fluid flows through the opening.

To derive Torricelli’s equation we shall consider a reference point (1) at the
top surface of liquid in the tank and a second reference point (2) in the jet just
beyond its opening. Since the fluid jet flows into the atmosphere, it is called a free
jet.

bz

= Figure 3-18. System for Torricelli's
equation.

]
\
N
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N
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Writing Bernoulli’s equation between points 1 and 2, we have

v
z+ﬂ+ﬂ+ﬂ Hy = B = Byl
Yy 2g y ' 2g

For the system of Fig. 3-18, we can make the following observations:

1. P, = P, = atmospheric pressure = 0 psig.

2. The area of the surface of liquid in the tank is large so that the velocity v,
equals essentially zero.

3. There is no pump or motor (H, = H,, = 0).

The fluid is ideal, and therefore there are no frictional losses (H; = 0).

5. Z, can be taken as the reference zero elevation plane (Z, = 0).

=

Substituting known values yields

'1

h+0+0+0+0~0—0+0+z

Solving for v,, we have

vy = V2gh (3-27)

where v, = jet velocity (ft/s),
g = acceleration of gravity (ft/s?),
h = pressure head (ft).

If we do not assume an ideal fluid, frictional head losses occur, and therefore H;
does not equal zero. The solution becomes

vy = V2g(h — Hp) (3-28)
This shows that the jet velocity is reduced if the fluid is not ideal because

there is less net pressure head to push the fluid through the opening. Thus, the
actual velocity of the jet depends on the viscosity of the fluid.

sy

h'.--‘ The ﬂow rate 1:1 umts cf gpm -




Sec. 3.9

The Siphon 119

(48 3)(22)

_0:408' —473 gpm.
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" fax Mem

As expected, there is a greater flow rate for the ideal fluid as compared to a
real fluid possessing viscosity.

3.9 THE SIPHON

The siphon is a familiar hydraulic device. It is commonly used to cause a liquid to
flow from one container in an upward direction over an obstacle and then flow
downward into a second lower container. As shown in Fig. 3-19, a siphon consists
of a U-tube with one end submerged below the surface of the liquid in the con-
tainer. The center portion of the U-tube rises above the level of the liquid surface,
and the free end lies below it on the outside of the container.

For the fluid to flow out of the free end, two conditions must be met:

1. The clevation of the free end must be lower than the elevation of the
liquid surface inside the container.

2. The fluid must initially be forced to flow up from the container into the
center portion of the U-tube. This is normally done by temporarily providing a
suction pressure at the free end of the siphon. For example, when siphoning
gasoline from an automobile gas tank, a person can develop this suction pressure
by momentarily sucking on the free end of the hose. This allows atmospheric
pressure in the tank to push the gasoline up the U-tube hose, as required. For
continuous flow operation, the free end of the U-tube hose must lie below the
gasoline level in the tank.
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U-TUBE

-

A A A S SIS,
A I

h
Z, I
e B o
ZERO ELEVATION i 2y i @)
REFERENCE N Figure 3-19. Siphon.

We can analyze the flow through a siphon by applying Bernoulli’s equation
using points 1 and 2 in Figure 3-19:

PI U% 5 P2 U%
+i— = = = = Hpi— —

The following conditions apply for the siphon:

1. P, = P, = atmospheric pressure = 0 psig.

2. The area of the surface of the liquid in the container is large so that the
velocity v equals essentially zero.

3. There is no pump or motor (H, = H,, = 0).

4. Z, — Z, = h = differential head between liquid level and free end of U-tube.

Substituting known values, we have

2

Z|+0+0+0—HL=22+0+;—;

Solving for v, yields

v, =V2g(Zi —Z, - H) = V2g (h — Hy) (3-29)

Equation (3-29) is identical to Torricelli’s equation, and, as expected, t
velocity inside the siphon tube is reduced as the head loss H; due to viscosi
increases. The flow rate of the siphon can be found by using the continuity eq
tion.
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: the -i:‘o'llo_w:ihg information is given:
L hea0R
H;, = 10ft

. U tube ms&de diameter = 1 in.

ind the velﬁmt am;{ ﬂow rate through the smhon

: ﬂwn vaiues mta Eq (3~29} _
L V(2)(32 2)(30 — 10) = 35.8 ft/s
Use Eq {3 25) to obtam the flow mtc

_ s, 3)(1}2

i Q _____ 0,4_0.8 “878@m

3.10 ENERGY, POWER, AND FLOW RATES IN THE Si
METRIC SYSTEM

In this section we provide the necessary information to calculate energy, power

and flow rate in the SI metric system. We also provide the equations to permit
converting energy, power, and flow rate between the English and SI systems.

Energy

In the SI system, the joule (J) is the work done when a force of 1 N acts through a
distance of 1 m. Since work equals force times distance, we have

I1J=1INXIm
Thus, we have
energy (J) = F (N) x § (m) (3-30)

The following equations allow conversion of energy or work values between
the English and SI systems:
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energy (N-M) = energy (J) = 0.113 X energy (in.-Ib)
energy (N-m) = energy (J) = 1.356 X energy (ft-1b)

In other words 1 ft:Ib of energy equals 1.356 J.

Power

Power is the rate of doing work. In the SI system, 1 watt (W) of power is the rate
of 1) of work per second:

_ work
POWEL = ime
rw= 1= 1wl
s $

_ work (N-m) .

power (W) = e (3-31)
N m*

power (W) = P (F) X Q (T) (3-32)

In the SI metric system all forms of power are expressed in watts. Thus, an
electric motor has an clectrical power input of watts and a mechanical power
output of watts.

Conversions of power values between the English and SI systems can be
made using the following two equations:

power (W) = Power (Nij = 1.356 X power (@)

power (W) = power (Lfl) = 746 x power (hp)

As a result we can conclude that 1 hp = 746 W.

Pump head H,, in units of meters can be related to pump power in units of
watts by using Eq. (2-9): P = yH. Thus we have P = yH,, where H,, is the pump
head. Substituting into Eq. (3-32) yields

ump power (W
i, i) = PO )

N = (3-33)
Y (g) x 0 ()

S
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Equation (3-33) can be used to solve for the pump head for use in Bernoulli’s
cquation.

Flow Rates
Flow rate equals the product of pipe cross-sectional area and fluid velocity:

'm’

0(%)=amxv (D) (3-34)

Volumes (V) can be converted between the English and Sl systems as fol-
lows:

V (m?) = 0.0284V (ft?)
V (m*) = 0.00379V (gal)

Thus, as an example, 1000 gal = 3.79 m*.
Thus, flow rates can be converted by using the following equations:

Q (m¥/s) = 0.02840 (ft'/s)

Q (m¥/s) = 0.00379Q (gal/s)

O (m¥/s) = 0.00006320 (gpm)
So, for example, 1000 gpm = 0.0632 m?/s.

Also note that 1 liter =1 L = 0.001 m’.
Hence,

L |
0 (:) ~ 10000 (m?) = 0.0632Q (gpm)

Thus, 1 gpm = 0.0632 L/s or 1 L/s = 15.8 gpm.

3.11 ILLUSTRATIVE EXAMPLE USING THE
SI METRIC SYSTEM

In this section we show how to solve a hydraulic system problem using the SI
metric system units. To provide a comparison with the English system of units,
let’s use the same hydraulic system analyzed in Example 3-8 (see Fig. 3-17). The
SI metric units solution is presented in the following example.
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--Emmﬁ g 3-11

~ For the hydraulic system of Fig. 3-17, the following SI metric data (which are
equwalent 10 the Engllqh system of units dam of Example 3 8) are gwen '

1. The pump is addmg S hp (3730 W) 10 the ﬂu]d

2. Pump flow is 0.001896 m?/s, _

3. The pipe has a 0.0254-m inside diameter. Note that this size can also
be represented in units of centimeters or mllhmetem as 2.54 cm or 25 4

- mm, respectwely : .

4, The s.pct:]ﬁc gravity of the oil is 0.9.

5. The elevation difference hetween stdhons 1 and 2is 6. 096 m.

Find the pressure avaalabie at the miet to the hydraulic motor (station 2). The
pressure at station 1 in the hydraulic tank is atmospheric (0 Pa or 0 N/m? gage). The
head loss H; due to frlCt!Ol‘l betwaen stations I and 2is9.144 m of oil.

Soa’aﬁon Wrmng Bernoulli’s equatmn between statmns 1 and 2, we have

Z|+'— =+ ‘i“é; +.11p o Hm 57 HL ‘_Zz + —= 'i" i_g-
Smcc there is no hydraulic motor between stations 1 and 2, H,, = 0. Also v =
0 because the cross section of an oil tank i is large. As per Fig. 3-17, 7, — 7, = 20ft =
6.096 m. Also, H; = 9.144 mand P, = 0 per the gwen mput data. ' o
Submtuung known vdIues we have
U3

; - sz 2 B
-Z,‘+-{}+0.+)5i::r 0 9']44_22+y+2g

Solving for P,/y, we have

P . . UZ ': e
=2 (z] Z) + H, — 2—; - 9.144

Since Z, — Z; = 6.096 m, we hav_e _

Pz i _'”.ﬁ.'.... s -
e

From Eq. (3-33) we solve for the pump _ﬁead:

H. (m) = Pomp péwer (W)
P my(%)xg(—“;—j)

where
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EXERCISES

Questions, Concepts, and Definitions

3-1. Explain the meaning of Bernoulli’s equation and how it affects the flow of a liquid in
a hydraulic circuit.

3-2. What is the continuity equation, and what are its implications relative to fluid flow?
3-3. State Torricelli’s theorem in your own words.

3-4. Explain how a siphon operates.

3-5. State the law of conservation of energy.

3-6. Explain how a venturi is used to produce the Bernoulli effect in an automobile
carburetor.

3-7. What is meant by the terms elevation head, pressure head, and velocity head?
3-8. State Newton's three laws of motion.



The Distribution System

Learning Objectives

Upon completing this chapter, you should be able to

Size conductors to meet flow rate requirements.
Understand the significance of the term pressure rating of conductors.
. Differentiate between the terms burst pressure and working pressure.

Visualize the tensile stress in the wall of a conductor and understand how

tensile stress varies with fluid pressure, pipe diameter, and wall thickness.

5. Determine the required wall thickness of a conductor to prevent bursting
under operating fluid pressure.

6. Identify the standard commercial sizes of steel pipes and tubing.

7. Describe the various types of fittings used to connect hydraulic components
to conductors.

8. Identify the construction features and function of fiexible hoses.
9. Discuss the construction features and function of quick disconnect cou-
plings.

pwon e

4.1 INTRODUCTION

In a fluid power system, the fluid flows through a distribution system consisting of
conductors and fittings, which carry the fluid from the reservoir through operating
components and back to the reservoir. Since power is transmitted throughout the
system by means of these conducting lines (conductors and fittings used to con-
nect system components), it follows that they must be properly designed in order
for the total system to function properly.

133
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Today's fluid power systems use primarily four types of conductors:

1. Steel pipes
2. Steel tubing
3. Plastic tubing
4. Flexible hoses

The choice of which type of conductor to use depends primarily on the
system’s operating pressures and flow rates. In addition, the selection depends on
environmental conditions such as the type of fluid, operating temperatures, vibra-
tion, and whether or not there is relative motion between connected components.

Conducting lines are available for handling working pressures up to 10,000
psi or greater. In general, steel tubing provides greater plumbing flexibility and
neater appearance and requires fewer fittings than piping. However, piping is less
expensive than steel tubing. Plastic tubing is finding increased industrial usage
because it is not costly and circuits can be very easily hooked up due to its
flexibility. Flexible hoses are used primarily to connect components that experi-
ence relative motion. They are made from a large number of elastomeric (rubber-
like) compounds and are capable of handling pressures exceeding 10,000 psi.

Stainless steel conductors and fittings are used if extremely corrosive envi-
ronments are expected. However, they are very expensive and should be used
only if necessary. Copper conductors should not be used in hydraulic systems
because the copper promotes the oxidation of petroleum oils. Zinc, magnesium,
and cadmium conductors should not be used either because they are rapidly
corroded by water-glycol fluids. Galvanized conductors should also be avoided
because the galvanized surface has a tendency to flake off into the hydraulic fluid.
When using steel pipe or steel tubing, hydraulic fittings should be made of steel
except for inlet, return, and drain lines where malleable iron may be used.

Conductors and fittings must be designed with human safety in mind. They
must be strong enough not only to withstand the steady-state system pressures but
also the instantaneous pressure spikes resulting from hydraulic shock. Whenever
control valves are closed suddenly, this stops the fluid, which possesses large
amounts of kinetic energy. This produces shock waves whose pressure levels can
be two to four times the steady-state system design values. Pressure spikes can
also be caused by sudden stopping or starting of heavy loads. These high-pressure
pulses are taken into account by the application of an appropriate factor of safety.

CONDUCTOR SIZING FOR
FLOW-RATE REQUIREMENTS

A conductor must have a large enough cross-sectional area to handle the flow-rate
requirements without producing excessive fluid velocity. Whenever we speak of
fluid velocity in a conductor such as a pipe, we are referring to the average
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velocity. The concept of average velocity is important since we know that the
velocity profile is not constant. Recall from Chapter 3 that the velocity is zero at
the pipe wall and reaches a maximum value at the centerline of the pipe. The
average velocity is defined as the volumetric flow rate divided by the pipe cross-
sectional area:

LS T (4-1)

A
In other words, the average velocity is that velocity which when multiplied
by the pipe area equals the volumetric flow rate. It is also understood that the term
diameter by itself always means inside diameter and that the pipe area is that area
that corresponds to the pipe inside diameter. The maximum recommended veloc-
ity for pump suction lines is 4 ft/s (1.2 m/s) in order to prevent excessively low
suction pressures and resulting pump cavitation. The maximum recommended
velocity for pressure lines is 20 ft/s (6.1 m/s) in order to prevent turbulent flow and
the corresponding excessive head losses and elevated temperatures. Note that
these maximum recommended values are average velocities.

Exameie 4-1 S
A pipe handles a flow rate of 30 gpm. Find the minimum inside d:ameter that will
prowde an average fluid velocity not to exceed 20 ft/s.

 Selution Rewrm: Eq (3 26), solvmg for D:

: 0408 (0.408)(30
D””.Nf_ 4y

= V0.612 = 0.782 in.

: Exaupw 4-2

A pipe handles a ﬂnw rate of 0 0@2 m‘;‘ s. Find the minimum inside diameter that will
provide an average fluid velocity not to exceed 6.1 m/s.

.S;alﬁsion:-. ' Per-Eq; (3434’}'we solve for the minimum required pipe flow area:

' 1
2 (m?) 0. 002
A(m):“‘““(“r‘n“)_”zm—*ﬂﬁ(]ﬂ328m
. ol
87
The minimum mSIde d:ameter can now be found because A = 7 Lp Solving for D

we have

- = 0.0204 m = 20.4 mm
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4.3 PRESSURE RATING OF CONDUCTORS

A conductor must be strong enough to prevent bursting due to excessive tensile
stress (called hoop stress) in the wall of the conductor under operating fluid
pressure. The magnitude of this tensile stress, which must be sustained by the
conductor material, can be determined by referring to Figure 4-1. In Fig. 4-1(a),
we see the fluid pressure (P) acting normal to the inside surface of a circular pipe
having a length (L). The pipe has outside diameter D,, inside diameter D;, and wall
thickness . Because the fluid pressure acts normal to the pipe’s inside surface, a
pressure force is created that attempts to separate one half of the pipe from the
other half.

Figure 4-1(b) shows this pressure force Q pushing downward on the bottom
half of the pipe. To prevent the bottom half of the pipe from separating from the
upper half, the upper half pulls upward with a total force F. One-half of this force
(or F/2) acts on the cross-sectional area (tL) of each wall, as shown.

Since the pressure force and the total tensile force must be equal in magni-
tude, we have

F=0=rA

AXIAL
SCRIBE
LINE

5

o

}a—oD——.-
"

(a) (b)

Figure 4-1. Forces in the wall of a pipe due to fluid pressure.
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where A is the projected area of the lower half-pipe curved-wall surface onto a
horizontal plane. Thus, A equals the area of a rectangle of width D; and length L,
as shown in Figure 4-1(b). Hence,

F = PA = P(LD))

The tensile stress in the pipe material equals the tensile force divided by the
wall cross-sectional area withstanding the tensile force. This stress is called a
tensile stress because the force (F) is a tensile force (pulls on the area over which
it acts).

force pulling on the pipe wall area
pipe wall area over which force acts

tensile stress =

Substituting variables we have

_i_PA _P{LD;)WP_I)a (4_2)
T %L L. L Dt

where o = Greek symbol (sigma) = tensile stress.

As can be seen from Eq. (4-2), the tensile stress increases as the fluid pres-
sure increases and also as the pipe inside diameter increases. In addition, as
expected, the tensile stress increases as the wall thickness decreases, and the
length of the pipe does not have any effect on the tensile stress.

The burst pressure (BP) is the fluid pressure that will cause the pipe to burst.
This happens when the tensile stress (o) equals the tensile strength (S) of the pipe
material. The tensile strength of a material equals the tensile stress at which the
material ruptures. Notice that an axial scribe line is shown on the pipe outer wall
surface in Fig. 4-1(a). This scribe line shows where the pipe would start to crack
and thus rupture if the tensile stress reached the tensile strength of the pipe
material. This rupture will occur when the fluid pressure (P) reaches BP. Thus,
from Eq. (4-2) the burst pressure is

BP = — 4-3)

The working pressure (WP) is the maximum safe operating fluid pressure
and is defined as the burst pressure divided by an appropriate factor of safety
(FS).

_ BP

WP = = (4-4)
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A factor of safety ensures the integrity of the conductor by determining the
maximum safe level of working pressure. Industry standards recommend the
following factors of safety based on corresponding operating pressures:

1l

FS = 8 for pressures from 0 to 1000 psi

ES = 6 for pressures from 1000 to 2500 psi

FS = 4 for pressures above 2500 psi

For systems where severe pressure shocks are expected, a factor of safety of 10 is
recommended.
The proper size conductor for a given application is determined as follows:

1. Calculate the minimum acceptable inside diameter (D)) based on flow-rate
requirements.

2. Select a standard-size conductor with an inside diameter equal to or
greater than the value calculated based on flow-rate requirements.

3. Determine the wall thickness (¢) of the selected standard-size conductor
using the following equation:
Dn o Dr’
t = 3 (4-5)
4. Based on the conductor material and system operating pressure (P), de-
termine the tensile strength (S) and factor of safety (FS).

5. Calculate the burst pressure (BP) and working pressure (WP) using Eqgs.
(4-3) and (4-4).

6. If the calculated working pressure is less that the operating fluid pressure.
the selected conductor is acceptable. If not, a different standard-size conductor
with a greater wall thickness must be selected and evaluated. An acceptable
conductor is one that meets the flow-rate requirement and has a working pressure
equal to or greater than the system operating fluid pressure.

The nomenclature and units for the parameters of Egs. (4-2), (4-3), (4-4), and
(4-5) are as follows:

BP = burst pressure (psi, MPa)

k>
I

conductor inside diameter (in., m)

&
I

conductor outside diameter (in., m)
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FS = factor of safety (dimensionless)
P = system operating fluid pressure (psi, MPa)

§ = tensile strength of conductor material (psi, MPa)

t = conductor wall thickness (in., m)

WP = working pressure (psi, MPa)

a = tensile stress (psi, MPa)

N

: _Exfmpi_m: 4-3

A steel tubing has a 1.250-in. outside diameter and a 1.060-in. inside diameter. It is
made of SAE 1010 dead soft cold-drawn steel having a tensile strength of 55,000 psi.
What would be the safe working pressure for this tube assuming a factor of safety
of 87

 Solution First, calculate the wall thickness of the tubing:

il 1.250 — 1.060

3 = 0.095 in.
- Next, find the burst pressure for the tubing;
Bp = DOONGS00) _ g0

_ 1.060
- Finally, c_alculate. the working pressure at which the tube can safely operate:

WP = 98% = 1230 psi

STEEL PIPES

Pipes and pipe fittings are classified by nominal size and schedule number, as
illustrated in Fig. 4-2. The schedules provided are 40, 80, and 160, which are the
ones most commonly used for hydraulic systems. Notice that for each nominal
size the outside diameter does not change. To increase wall thickness the next
larger schedule number is used. Also observe that the nominal size is neither the
outside nor the inside diameter. Instead the nominal pipe size indicates the thread
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NOMINAL PIPE PIPE INSIDE DIAMETER
PIPE SIZE OUTSIDE
DIAMETER SCHEDULE 40 | SCHEDULE B0 | SCHEDULE 160
1/8 0.405 0.269 0.215 -
1/4 0.540 0.364 0.302 -
3/8 0.675 0.493 0.423
142 0.840 0.622 0.546 0.466
3/4 1.050 0.824 0.742 0614
1 1.315 1.049 0.957 0.815
1-1/4 1.660 1.380 1.278 1.160
1-1/2 1.900 1.610 1.500 1,338
2 2.375 2.067 1.939 1.689

Figure 4-2. Common pipe sizes.

size for the mating connections. The pipe sizes given in Fig. 4-2 are in units of
inches.

Figure 4-3 shows the relative size of the cross sections for schedules 40, 80,
and 160 pipes. As shown for a given nomial pipe size, the wall thickness increases
as the schedule number increases.

Pipes have tapered threads, as opposed to tube and hose fittings, which have
straight threads. As shown in Fig. 4-4, the joints are sealed by an interference fit
between the male and female threads as the pipes are tightened. This causes one
of the major problems in using pipe. When a joint is taken apart, the pipe must be
tightened farther to reseal. This frequently requires replacing some of the pipe
with slightly longer sections, although this problem has been overcome somewhat
by using Teflon tape to reseal the pipe joints. Hydraulic pipe threads are the dry-

O 0OQC

40 80 160

Figure 4-3. Relative size of the cross sections of schedules 40, 80, and 160 pipe.
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2. SCREWS INTO THE
FEMALE THREAD IN THE

1. THE TAPERED MALE FITTING OR HYDRAULIC
THREAD ON THE COMPONENT, THIS
SECTION OF PIPE . .. THREAD ALSO 15 TAPERED.

3. AS THE JOINT IS TIGHTENED,
AN INTERFERENCE OCCURS BETWEEN
THE THREADS, SEALING THE JOINTS.

4. IN STANDARD PIPE THREADS,
THE FLANKS COME IN CONTACT
FIRST.

4. IN DRY-SEAL THREADS,

5. THERE CAN BE A THE ROOTS AND CRESTS
SPIRAL CLEARANCE AROUMND ENGAGE FIRST, ELIMINATING
THE THREADS. SPIRAL CLEARANCE.

Figure 4-4. Hydraulic pipe threads are the dry-seal tapered type. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

seal type. They differ from standard pipe threads because they engage the roots
and crests before the flanks. In this way, spiral clearance is avoided.

Pipes can have only male threads, and they cannot be bent around obstacles.
There are, of course, various required types of fittings to make end connections
and change direction, as shown in Fig. 4-5. The large number of pipe fittings
required in a hydraulic circuit presents many opportunities for leakage, especially
as pressure increases. Threaded-type fittings are used in sizes up to 15 in. in
diameter. Where larger pipes are required, flanges are welded to the pipe, as
illustrated in Fig. 4-6. As shown, flat gaskets or O-rings are used to seal the flanged
fittings.
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A BIPE PLUG 15
USED TO PLUG
A PORT OR A NIPPLE MAKES

FITTING OPENING SHORT CONNECTIONS
THAT ISN'T USED.  BETWEEN COMPONENTS
AND/OR FITTINGS.

A TEE IS USED TO
MAKE PARALLEL CONNECTIONS
FROM A SINGLE PIPE.

90° ELBOW OR ELL
IS USED TO CHANGE
DIRECTION. THERE ARE
ALSO 60° AND 459 ELLS.

= A REDUCING BUSHING IS
USED TO GO FROM ONE
z PIPE SIZE TO ANOTHER.

—
—

A REDUCING COUPLING

ALSO IS USED TO CHANGE
PIPE SIZE, BUT HAS
A UNION HAS TWO

BOTH FEMALE THREADS.
THREADED FITTINGS PLUS
AN EXTERNAL NUT
TO PERMIT MAKING ]:A STRAIGHT COUPLING

OR BREAKING A JOINT JOINS TWO PIPE SECTIONS
WITHOUT TURNING THE SAME SIZE.
THE PIPE.

A CAP CLOSES AN
| OPEN PIPE END.

A STREET ELBOW
{OR ELL) HAS ONE
FEMALE AND ONE
MALE THREAD.

A GLOBE VALVE
1S USED FOR
THROTTLING FLOW.

Figure 4-5. Fittings make the connections between pipes and components.
(Courtesy of Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

4.5 STEEL TUBING

Seamless steel tubing is the most widely used type of conductor for hydraulic
systems as it provides significant advantages over pipes. The tubing can be bent
into almost any shape, thereby reducing the number of required fittings. Tubing is
easier to handle and can be reused without any sealing problems. For low-volume
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LOCK ‘WA
SCREW C SHER

"o RING

FLANGE

SOCKET WELD PIPE CONNECTIONS
STRAIGHT TYPE

LOCK WASHER

"O" RING

FLANGE

THREADED PIPE CONMNECTIONS
STRAIGHT TYPE

Figure 4-6. Flanged connections for large pipes. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)

systems, tubing can handle the pressure and flow requirements with less bulk and
weight. However, tubing and its fittings are more expensive. A tubing size desig-
nation always refers to the outside diameter. Available sizes include 5 in. incre-
ments from g-in. outside diameter up to I-in. outside diameter. For sizes beyond
[ in., the increments are § in. Figure 4-7 shows some of the more common tube
sizes (in units of inches) used in fluid power systems.

SAE 1010 dead soft cold-drawn steel is the most widely used material for
tubing. This material is easy to work with and has a tensile strength of 55,000 psi.
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TUBE WALL TUBE TUBE WALL TUBE TUBE WalLL TUBE
oD THICKNESS 1D oD THICKNESS D oD THICKNESS  ID
1/8 0.035 0.055 12 0.035 0.430 7/8 0.049 0.777
' 0,049 0.402 0.065 0.745
3/16 0.035 0.118 0.065 0.370 0.109 0.657
0.095 0.310
1/4 0.035 0.180 1 0.049 0.902
0.045 0.152 5/8 0.035 0.555 0.065 0.870
0.065 0.120 0.049 0.527 0.120 0,760
0.065 0.495
5/16 0.035 0.243 0.095 0,435 1-1/4 0.065 1.120
0.049 0.215 0.095 1.060
0.065 0.183 3/4 0.049 0.652 0.120 1.010
0.065 0.620
3/8 0.035 0.305 0.109 0532 || 1-12 0.065 1.370 |
0.049 0.277 0.095 1.310 |
0.065 0.245 l

Figure 4-7. Common tube sizes.

If greater strength is required, the tube can be made of AISI 4130 steel, which has
a tensile strength of 75,000 psi.

Tubing is not sealed by threads but by special kinds of fittings, as illustrated
in Fig. 4-8. Some of these fittings are known as compression fittings. They seal by
metal-to-metal contact and may be either the flared or flareless type. Other fittings
may use O-rings for sealing purposes, The 37° flare fitting is the most widely used
fitting for tubing that can be flared. The fittings shown in Fig. 4-8(a) and (b) seal by
squeezing the flared end of the tube against a seal as the compression nut is
tightened. A sleeve inside the nut supports the tube to dampen vibrations. The
standard 45° flare fitting is used for very high pressures. It is also made in an
inverted design with male threads on the compression nut. When the hydraulic
component has straight thread ports, straight thread O-ring fittings can be used, as
shown in Fig. 4-8(c). This type is ideal for high pressures since the seal gets tighter
as pressure increases.

For tubing that can’t be flared, or if flaring is to be avoided, sleeve, ferrule,
or O-ring compression fittings can be used [see Fig. 4-8(d), (e), (f)]. The O-ring
fitting permits considerable variations in the length and squareness of the tube cut.

Figure 4-9 shows a Swagelok tube fitting, which can contain any pressure up
to the bursting strength of the tubing without leakage. This type of fitting can be
repeatedly taken apart and reassembled and remain perfectly sealed against leak-
age. Assembly and disassembly can be done easily and quickly using standard
tools. In the illustration, notice that the tubing is supported ahead of the ferrules
by the fitting body. Two ferrules grasp tightly around the tube with no damage to
the tube wall. There is virtually no constriction of the inner wall, ensuring mini-
mum flow restriction. Exhaustive tests have proven that the tubing will yield
before a Swagelok tube fitting will leak. The secret of the Swagelok fitting is that
all the action in the fitting moves along the tube axially instead of with a rotary
motion. Since no torque is transmitted from the fitting to the tubing, there is no
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STANDARD INVERTED

A. J7°FLARE FITTING

C. STRAIGHT THREAD Q" D. FERRULE COMPRESSION
RING CONNECTOR FITTING

E. "O" RING COMPRESSION F. SLEEVE COMPRESSION
FITTING FITTING

Figure 4-8. Threaded fittings and connectors used with tubing. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

initial strain that might weaken the tubing. The double ferrule interaction over-
comes variation in tube materials, wall thickness, and hardness.

In Fig. 4-10 we see the 45° flare fitting. The flared-type fitting was developed
before the compression type and for some time was the only type that could
successfully seal against high pressures.

Four additional types of tube fittings are depicted in Fig. 4-11: (a) union
elbow, (b) union tee, (c) union, and (d) 45° male elbow. With fittings such as these,
it is easy to install steel tubing as well as remove it for maintenance purposes.



144 The Distribution System Chap. 4

TUBE WALL TUBE TUBE WALL TUBE ‘ TUBE ‘ WaLL TUBE
oD THICKNESS 1D (0]8] THICKMNESS o] [o]u] THICKNESS 1D
1/8 0.035 0.055 1/2 0.035 0.430 7/8 0.049 0.777
| 0.049 0.402 0.065 0.745
3186 0.035 0.118 | 0.065 0.370 0.109 0.657
0.095 0.310
1/4 0.035 0.180 1 0.049 0.902
0.049 0.152 5/8 0.035 0.555 0.065 0.870
0.065 0.120 0.049 0527 0.120 0.760
0.065 0.495
5/16 0.035 0.243 0.095 0.435 1-1/4 0.065 1.120
0.049 0.215 0.095 1.060 |
0.065 0.183 3/4 0.049 0.652 0.120 1.010 |
0.065 0.620 |
3/8 0.035 0.305 0.108 0.532 1-1/2 0.065 1.370
0.049 0.277 0.095 1.310
0.065 0.245

Figure 4-7. Common tube sizes.

If greater strength is required, the tube can be made of AISI 4130 steel, which has
a tensile strength of 75,000 psi.

Tubing is not sealed by threads but by special kinds of fittings, as illustrated
in Fig. 4-8. Some of these fittings are known as compression fittings. They seal by
metal-to-metal contact and may be either the flared or flareless type. Other fittings
may use O-rings for sealing purposes. The 37° flare fitting is the most widely used
fitting for tubing that can be flared. The fittings shown in Fig. 4-8(a) and (b) seal by
squeezing the flared end of the tube against a seal as the compression nut is
tightened. A sleeve inside the nut supports the tube to dampen vibrations. The
standard 45° flare fitting is used for very high pressures. It is also made in an
inverted design with male threads on the compression nut. When the hydraulic
component has straight thread ports, straight thread O-ring fittings can be used, as
shown in Fig. 4-8(c). This type is ideal for high pressures since the seal gets tighter
as pressure increases.

For tubing that can’t be flared, or if flaring is to be avoided, sleeve, ferrule,
or O-ring compression fittings can be used [see Fig. 4-8(d), (e), (N]. The O-ring
fitting permits considerable variations in the length and squareness of the tube cut_

Figure 4-9 shows a Swagelok tube fitting, which can contain any pressure up
to the bursting strength of the tubing without leakage. This type of fitting can be
repeatedly taken apart and reassembled and remain perfectly sealed against leak-
age. Assembly and disassembly can be done easily and quickly using standaré
tools. In the illustration, notice that the tubing is supported ahead of the ferrules
by the fitting body. Two ferrules grasp tightly around the tube with no damage &
the tube wall. There is virtually no constriction of the inner wall, ensuring mini-
mum flow restriction. Exhaustive tests have proven that the tubing will yield
before a Swagelok tube fitting will leak. The secret of the Swagelok fitting is that
all the action in the fitting moves along the tube axially instead of with a rotary
motion. Since no torque is transmitted from the fitting to the tubing, there is no
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STANDARD INVERTED

A. 379FLARE FITTING

B.

C. STRAIGHT THREAD "O" D. FERRULE COMPRESSION
RING CONNECTOR FITTING

E. "O" RING COMPRESSION F. SLEEVE COMPRESSION
FITTING FITTING

Figure 4-8. Threaded fittings and connectors used with tubing. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

initial strain that might weaken the tubing. The double ferrule interaction over-
comes variation in tube materials, wall thickness, and hardness.

In Fig. 4-10 we see the 45° flare fitting. The flared-type fitting was developed
before the compression type and for some time was the only type that could
successfully seal against high pressures.

Four additional types of tube fittings are depicted in Fig. 4-11: (a) union
elbow, (b) union tee, (c) union, and (d) 45° male elbow. With fittings such as these,
it is easy to install steel tubing as well as remove it for maintenance purposes.
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Figure 4-9. Swagelok tube fitting.
(Courtesy of Swagelok Co., Solon, Ohio,
copyright 1992 by Swagelok Co.)

Figure 4-10. The 45° flare fitting. (Courtesy of Gould, Inc., Valve and Fittings
Division, Chicago, Illinois.)

' ;._ The maximum rccommended velocny is 20 ftz‘s and thc tube matena} is
10 dead soft cold-draw:: steel hawng a tensﬂe strength of 55,000 psi.

L -_I,i'n;.__'g)_'i},_*9-._065'5_4;;;:_ wall thickness, 0.870-in. ID
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Let’s check the 0 049»411 wali thwknesq tube ﬁrqt smce it prowde:, the bmaller_'

velocity: _
' _ (2)(0.049)(55,000) .
_ 3" e =
wp' - %89 = 748 p

Tl’us workmg pressure is not adequate S0 lez s next examine the 0.065-in. wall
‘thickness tube:

{2](0 0635)(55,000) .
STy e .- 8229 psi

WP = E%Zg = 1030 psi

BP =

_ Th_is_' result is acqeptab_lfe_, because th_e working pressure of 1030 psi is greater
than the system-operating pressure of 1000 psi.

{a {b)

{c) (d)

Figure 4-11.  Various steel tube fittings. (a) Union elbow, (b) union tee, (¢) union,
(d) 45° male elbow. (Courtesy of Gould, Inc., Valve and Fittings Division, Chi-
cago, Hlinois.)
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Figure 4-12. Poly-Flo Flareless Plastic
Tube Fitting. (Courtesy of Gould, Inc.,
Valve and Fittings Division, Chicago,
IHlinois.)

Plastic tubing has gained rapid acceptance in the fluid power industry because it is
relatively inexpensive. Also, it can be readily bent to fit around obstacles, it is
easy to handle, and it can be stored on reels. Another advantage is that it can be
color-coded to represent different parts of the circuit because it is available in
many colors. Since plastic tubing is flexible, it is less susceptible to vibration
damage than steel tubing.

Fittings for plastic tubing are almost identical to those designed for steel
tubing. In fact many steel tube fittings can be used on plastic tubing, as is the case
for the Swagelok fitting of Fig. 4-9. In another design, a sleeve is placed inside the
tubing to give it resistance to crushing at the area of compression, as illustrated in
Fig. 4-12. In this particular design (called the Poly-Flo Flareless Tube Fitting), the
sleeve is fabricated onto the fitting so it cannot be accidentally left off.

Plastic tubing is used universally in pneumatic systems because air pressures
are low, normally less than 100 psi. Of course, plastic tubing is compatible with
most hydraulic fluids and hence is used in low-pressure hydraulic applications.

Materials for plastic tubing include polyethylene, polyvinyl chloride, poly-
propylene, and nylon. Each material has special properties that are desirable fi
specific applications. Manufacturers’ catalogs should be consulted to determi
which material should be used for a particular application.

The fourth major type of hydraulic conductor is the flexible hose, which is u
when hydraulic components such as actuators are subjected to movement. Ex
ples of this are found in portable power units, mobile equipment, and hydra
cally powered machine tools. Hose is fabricated in layers of elastomer (synthe
rubber) and braided fabric or braided wire, which permits operation at hi
pressures.
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2. THE SECOND LAYER
1. THE OUTER LAYER IS OF WIRE OR CLOTH
SYNTHETIC RUBBER...USED BRAID.
TO PROTECT...

3. FOR HIGHER PRESSURE,
ADDITIONAL BRAIDED
LAYERS ARE USED.

4, THE INNER LAYER IS
A MATERIAL COMPATIBLE
WITH THE HYDRAULIC
FLUID.

Figure 4-13. Flexible hose is constructed in layers. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)

As illustrated in Fig. 4-13, the outer layer is normally synthetic rubber and
serves to protect the braid layer. The hose can have as few as three layers (one
being braid) or can have multiple layers to handle elevated pressures. When
multiple wire layers are used, they may alternate with synthetic rubber layers, or
the wire layers may be placed directly over one another.

Figure 4-14 gives some typical hose sizes and dimensions for single-wire
braid and double-wire braid designs. Size specifications for a single-wire braid
hose represent the outside diameter in sixteenths of an inch of standard tubing,
and the hose will have about the same inside diameter as the tubing. For example,
a size 8 single-wire braid hose will have an inside diameter very close to a £5- or -

SINGLE-WIRE BRAID DOUBLE-WIRE BRAID
0.D. MINIMUM MINIMUM
TUBE HOSE HOSE BEND HOSE HOSE BEND
HOSE SIZE 1.D. 0.0. RADIUS 1.D. 0.D. RADIUS
SIZE {IN} (IN) {IN} (IN) (IN} (IN) (IN)
4 1/4 3/16 33/64 1-15/16 1/4 11/16 4
6 3/8 5/186 43/64 2-3/4 3/8 27/32 5
8 112 13/32 49/64 | 4-5/8 1/2 31/32 7
12 3/4 5/8 1-6/64 | 6-9/16 3/4 1-1/4 8-1/2
16 1 7/8 1-15/64| 7-3/8 1 1-9/16 "
20 1-1/4 1-1/8 1-1/2 8 1-1/4 2 16

Figure 4-14. Typical hose sizes.
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AEROQUIP FC194 AQP

AEROQUIP FC 300 AQP

AEROQUIP 1525

(d)

AEROQUIP 2791

(e}

Figure 4-15. Various flexible hose designs. (a) FC194: single-wire braid, (b) FC195: double-
wire braid, (c) FC300: single-wire braid, polyester inner braid, (d) 1525: single-textile braid,
(e) 2791: four heavy spiral wires, partial textile braid. (Courtesy of Aeroquip Corp., Jackson,
Michigan.)
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in. standard tubing. For double-braided hose, the size specification equals the
actual inside diameter in sixteenths of an inch. For example, a size 8 double-wire
braid hose will have a i-in. inside diameter. The minimum bend radii values
provide the smallest values for various hose sizes to prevent undue strain or flow
interference.

Figure 4-15 illustrates five different flexible hose designs whose construc-

tions are described as follows:

a.

FC194: Elastomer inner tube, single-wire braid reinforcement, and elasto-
mer cover. Working pressures vary from 375 to 2750 psi depending on the
size.

EC195: Elastomer inner tube, double-wire braid reinforcement, and elasto-
mer cover. Working pressures vary from 1125 to 5000 psi depending on the
size.

FC300: Elastomer inner tube, polyester inner braid, single-wire braid rein-
forcement, and polyester braid cover. Working pressures vary from 350 to
3000 psi depending on the size.

1525: Elastomer inner tube, textile braid reinforcement, oil and mildew re-
sistant, and textile braid cover. Working pressure is 250 psi for all sizes.
2791: Elastomer inner tube, partial textile braid, four heavy spiral wire rein-
forcements, and elastomer cover. Working pressure is 2500 psi for all sizes.

Hose assemblies of virtually any length and with various end fittings are

available from manufacturers. See Fig. 4-16 for examples of hoses with the follow-

(a)

Figure 4-16. Flexible hoses with
permanently attached end fittings.

(a) Straight fitting, (b) 45° elbow fitting,
(c) 90 elbow fitting. (Courtesy of Aero-
quip Corp., Jackson, Michigan.)



152

The Distribution System Chap. 4

Figure 4-17. Flexible hose reusable-type end fittings. (a) Straight fitting,
(b) elbow fitting, (c) 90° elbow fitting. (Courtesy of Aeroquip Corp., Jackson,
Michigan.)

ing permanently attached end fittings: (a) straight fitting, (b) 45° elbow fitting, and
(c) 90° elbow fitting.

The elbow-type fittings allow access to hard-to-get-at connections. They also
permit better flexing and improve the appearance of the system.

Figure 4-17 shows the three corresponding reusable-type end fittings. These
types can be detached from a damaged hose and reused on a replacement hose.
The renewable fittings idea had its beginning in 1941. With the advent of World
War I, it was necessary to get aircraft with failed hydraulic lines back into opera-
tion as quickly as possible.

Care should be taken in changing fluid in hoses since the hose and fluid
materials must be compatible. Flexible hose should be installed so there is no
kinking during operation of the system. There should always be some slack to
relieve any strain and allow for the absorption of pressure surges. It is poor
practice to twist the hose and use long loops in the plumbing operation. It may be
necessary to use clamps to prevent chafing or tangling of the hose with moving
parts. If the hose is subject to rubbing, it should be encased in a protective sleeve.
Figure 4-18 gives basic information on hose routing and installation procedures.

4.8 QUICK DISCONNECT COUPLINGS

One additional type of fitting is the quick disconnect coupling used for both plastic
tubing and flexible hose. It is used mainly where a conductor must be discon-
nected frequently from a component. This type of fitting permits assembly and
disassembly in a matter of a second or two.

1. Straight through: This type offers minimum restriction to flow but does
not prevent fluid loss from the system when the coupling is disconnected.

2. One-way shutoff: This design locates the shutoff at the fluid source con-
nection but leaves the actuator component unblocked. Leakage from the system is
not excessive in short runs, but system contamination due to the entrance of dir:




Hose routing and installation

il e &

WRONG RIGHT

Under pressure, a hose may change in
length. The range is from —4% to +2%.
Always provide some slack in the hose to
allow for this shrinkage or expansion.
(However, excessive slack in hose lines is
one of the most commaon causes of poor
appearance.)

If a hose is installed with a twist in it, high
operating pressures tend to force it
straight. This can loocsen the fitting nut
or even burst the hose at the peint of
strain.

WRONG

RIGHT

WRONG

H ]
g

RIGHT

When hose lines pass near an exhaust
manifold, or other heat source, they
should be insulated by a heat resistant
boot, firesleeve or a metal baffle. In any
application, brackets and clamps keep
noses in place and reduce abrasion,

At bends, provide enough hose for a wide
radius curve. Too tight a bend pinches
the hose and restricts the flow. The line
could even kink and close entirely. In
many cases, use of the right fittings or
adapters can eliminate bends or kinks,

n applications where there is considera-
sle vibration or flexing, allow additional
nose length, The metal hose fittings, of
-ourse, are not flexible, and proper in-
stallation protects metal parts from un-
cue stress, and avoids kinks in the hose.

When 90° adapters were used, this as-
sembly became neater-looking and easier
to inspect and maintain. |t uses less hose,
too!

Four basic adapter functions

Steaght Adaprer

457 Acapter

1. To join a hose to a component. Exam-
ple, a valve might have a 1" female pipe
thread and a hose a %" S AE. 37° swivel
nut. The right Aeroquip Adapter fits both.

2. To connect twa or more pieces of hose
and tubing. Here, a T-shaped adapter
connects two hoses with a length of
tubing. Each end of the adapter may have
a different thread.

Bulkhead Union Adapter

3. Toprovide both connectionand anchor
at a bulkhead. In this example, it provides
an anchor in addition to connecting a
hose to a tube.

4. To eliminate the need for a bushing.
Example, one end of the adapter is 34"
pipe thread, connected to the assembly,
and the other is 14" S.A.E. 37" flare, which
connects to an S.A.E. 37° swivel fitting.
The adapter itself replaces the bushing.

Figure 4-18. Hose routing and installation information (Courtesy of Aeroquip Corp., Jack-

son, Michigan.)

153
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Figure 4-19. Quick disconnect coupling (cross-sectional view). (Courtesy of
Hansen Manufacturing Co., Cleveland, Ohio.)

in the open end of the fitting can be a problem, especially with mobile equipment
located at the work site.

3. Two-way shutoff: This design provides positive shutoff of both ends of
pressurized lines when disconnected. See Fig. 4-19 for a cutaway of this type of
quick disconnect coupling. Figure 4-20 shows an external view of the same cou-
pling. Such a coupling puts an end to the loss of fluids. As soon as you release the
locking sleeve, valves in both the socket and plug close, shutting off flow. When
connecting, the plug contacts an O-ring in the socket, creating a positive seal
There is no chance of premature flow or waste due to a partial connection. The
plug must be fully seated in the socket before the valves will open.

Figure 4-20. Quick disconnect cou-
pling (external view). (Courtesy of

Hansen Manufacturing Co., Cleveland
Ohio.)
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4.9 METRIC STEEL TUBING

In this section we examine common metric tube sizes and show how to select the
proper size tube based on flow rate requirements and strength considerations.

Figure 4-21 shows the common tube sizes used in fluid power systems. Note
that the smallest OD size is 4 mm (0.158 in.), whereas the largest OD size is 42 mm
(1.663 in.). These values compare to 0.125 in. and 1.500 in., respectively, from
Fig. 4-7 for common English units tube sizes. It should be noted that since
1 m = 39.6 in., then 1 mm = 0.0396 in.

Factors of safety based on corresponding operating pressures become

FS = 8 for pressures from 0 to 1000 psi (0 to 7 MPa or 0 to 70 bars)
FS = 6 for pressures from 1000 to 2500 psi (7 to 17.5 MPa or 70 to 175 bars)
FS = 4 for pressures above 2500 psi (17.5 MPa or 175 bars)

The corresponding tensile strengths for SAE 1010 dead soft cold-drawn steel
and AISI 4130 steel are:

SAE 1010 55,000 psi or 379 MPa

AISI 4130 75,000 psi or 517 MPa

Tube Wall Tube Tube Wall Tube Tube Wall Tube
oD Thickness D 0D Thickness iD 0D Thickness D
mm mm mm mm mm mm mm mm mm

4 0.5 3 14 2.0 10 25 3.0 19
6 1.0 4 15 1.5 12 25 4.0 17
6 1.5 3 15 2.0 11 28 2.0 24
8 1.0 6 16 2.0 12 28 2.5 23
8 1.5 5 16 3.0 10 30 3.0 24
8 2.0 4 18 1.5 15 30 4.0 22
10 1.0 8 20 2.0 16 35 2.0 il
10 1.5 7 20 2.5 15 35 30 29
10 2.0 6 20 3.0 14 38 4.0 30
12 1.0 10 22 1.0 20 38 5.0 28
12 1.5 9 22 1:5 19 42 2.0 38
12 2.0 8 22 2.0 18 42 3.0 36

Figure 4-21. Common metric tube sizes.



156 The Distribution System Chap. 4

Examrie 4-5

. Select the proper metric size steel tube f‘pr.é flow rate of 0.00190 m%s and an

~ operating pressure of 70 bars. The maximum recommended velocity is 6.1 m/s and

the tube material is SAE 1010 dead soft cold-drawn steel having a tensile strength of
379 MPa. o e o - :

Solution The minimum' .inside. d.ia.lﬁeter based o.n the fluid velocity limitation of 6.1
m/s is found using Eq. (3-18); '

QO (mYs) = A (m?) X v (rn}s}
. .Solving:'for A we have: - .

A =0l

 Since A ﬂ-%_{'ﬁ)}z we have the ﬁné]'. ré;ulting‘ equation: '

L .
_ ID = \/;-Qg . (4-6)

_ Substituting values we hévei ' _ '
_ [@001%0)
ID = \W = 0.0199 m = 19.9 mm

From Fig. 4-21, the smallest acceptable OD tube size is:
22-mm OD, 1.0-mm wall thickness, 20-mm ID
~ From Eq. 4-3 we obtain the burst pressure.

- 21§ _ (2)(0.001 m)(379 MN/m?)
D,‘ = 0.020 m

BP = 37.9 MN/m? = 37.9 MPa

_ T_h’é_ﬁ: we calculate the 'work_i_:'ag'préi;sure_ using Eq. 4-4.
WP = be §3_?_M_PE = 4.74 MPa = 47.4 bars

This pressure is n'ot.adequa'te (less than operating pressure of 70 bars), so let’s
examine the next larger size OD tube having the necessary ID.
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28-mm OD 2 O-mm wall thtcknes«; 24-mm D

(2){0-_002){379)

632MPﬁ '

EXERCISES

Questions, Concepts, and Definitions

4-1. What is the primary purpose of the fluid distribution system?
4-2. What flow velocity is generally recommended for the discharge side of a pump?
4-3. What is the recommended flow velocity for the inlet side of the pump?
4-4. Why should conductors or fittings not be made of copper?
4-5. What metals cannot be used with water-glycol fluids?
4-6. What effect does hydraulic shock have on system pressure?
4-7. What variables determine the wall thickness and safety factor of a conductor for a
particular operating pressure?
4-8. Why should conductors have greater strength than the system working pressure
requires?
4-9, Name the major disadvantages of steel pipes.
4-10. Name the four primary types of conductors.
4-11. What is meant by the term average fluid velocity?
4-12. Why is malleable iron sometimes used for steel pipe fittings?
4-13. Why is steel tubing more widely used than steel pipe?
4-14. What principal advantage does plastic tubing have over steel tubing?
4-15. Explain the purpose of a quick disconnect fitting.
4-16. What is the disadvantage of threaded fittings?
4-17. What is the difference between a flared fitting and a compression fitting?
4-18. Under what conditions would flexible hoses be used in hydraulic systems?
4-19. Name three factors that should be considered when installing flexible hoses.
4-20. What is the basic construction of a flexible hose?

4-21. Relative to steel pipes, for a given nominal size, does the wall thickness increase or
decrease as the schedule number is increased?

4-22. How is a pipe size classified?
4-23. What is meant by the schedule number of standard pipe?
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Upon completing this chapter, you should be able to

Bow N

un

10.
11.

130

14.

15.

Differentiate between laminar and turbulent flow.
Understand the significance of the Reynolds number.
Determine the Reynolds number at any location in a pipeline.

. Apply the Hagen-Poiscuille equation to evaluate the head loss in a pipeline

experiencing laminar flow.

. Explain the meaning of the term friction factor.
. Use the Moody diagram to determine friction factors for laminar and turbu-

lent flow.

. Apply Darcy’s equation to evaluate the head loss in a pipeline undergoing

laminar or turbulent flow.

. Calculate frictional losses in valves and fittings.
. Describe the operation of gate, globe, and check valves.

Explain the meaning of the term K fuactor.
Discuss the significance of the term equivalent length.

. Perform an energy analysis of a complete hydraulic circuit.

Describe the operation of flow measurement devices such as the rotameter
and turbine flowmeters.

Describe the operation of pressure-measuring devices such as the Bourdon
gage and Schrader gage.
Write and utilize computer programs to analyze hydraulic circuits.
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3.

4.

Basics of Hydraulic Flow in Pipes Chap. 5

No curves are drawn in the critical zone (2000 < N < 4000), because it is
not possible to predict whether the flow is laminar or turbulent in this region.
For Reynolds numbers greater than 4000, each curve plotted represents a
particular value of &/D. For intermediate values of &/D, interpolation is
required.

. Once complete turbulence is reached (region to the right of the dashed line),

increasing values of N have no effect on the value of f.

Example 5-5 illustrates the use of the Moody diagram for finding values of

friction factor f for laminar and turbulent flow.

Examrre 5-5

The kinematic viscosity of a hydraulic oil is 50 ¢S. If the oil flows in a 1-in.-diameter
commercial steel pipe, find the friction factor if

a. The velocity is 10 ft/s,
b. The velocity is 40 ft/s.

Solution
a. Find Ny from Eq. (5-3):

774 ]
Ng = VY 01%10)[” = 1548 = 1.548 x 1P
Since the flow is laminar, we do not need to know the relative roughness value. To
find f; locate 1.548 X 10° on the Ny axis of the Moody diagram (approximate value =
1.5 x 10%). Then project vertically up until the straight line curve (f = 64/Ny) is
reached. Then project horizontally to the f axis to obtain a value of 0.042,

_ (7740)(40)(1)

b. Ng 30

= 6192 = 6.192 x 1(®

~ Since the flow is turbulent, we need the value of &/D. First the relative roughness (a

dimensionless parameter) is found using Fig. 5-7 to get the value of &:

e 0.00015 ()

e = (VIES

D 7z (ft)
Now locate the value 6.192 X 10? on the Ny axis (approximate value = 6.2 x 10%).
Then project vertically up until you are between the &/D curves of 0.0010 and 0.0020
(where the 0.0018 curve would approximately exist if it were drawn). Then project
horizontally to the f axis to obtain a value of 0.036.
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Since approximate values of Ny are used and interpolation of &/ values is
required, variations in the determined value of f is expected when using the
Moody diagram. However, this normally produces variations of less than +0.001,
which is generally acceptable for calculating frictional losses in piping systems.
This type of analysis is done for a complete system in Sec. 5.9.

5.7 LOSSES IN VALVES AND FITTINGS

In addition to losses due to friction in pipes, there also are energy losses in valves
and fittings such as tees, elbows, and bends. For many fluid power applications,
the majority of the energy losses occur in these valves and fittings in which there is
a change in the cross section of the flow path and a change in the direction of flow.
Thus, the nature of the flow through valves and fittings is very complex.

As a result, experimental techniques are used to determine losses. Tests
have shown that head losses in valves and fittings are proportional to the square of
the velocity of the fluid:

_ Kv?

H; = 2 (5-8)

The constant of proportionality (K) is called the K factor of the valve or
fitting. Figure 5-9 gives typical K-factor values for several common types of valves
and fittings.

Ilustrations of several common valves and fittings are given as follows:

1. Globe valve: See Fig. 5-10. In this design, the fluid changes direction
when flow occurs between the globe and seat. This construction increases resis-
tance to fluid flow but also permits close regulation of fluid flow. Figure 5-10
shows the globe valve in its fully closed position. The stem in a globe valve not
only raises the globe (disk) but also helps guide it squarely to its seat.

VALVE OR FITTING K FACTOR
GLOBE VALVE: WIDE OPEN 10.0
1/2 OPEN 125
GATE VALVE: WIDE OPEN 019
3/4 OPEN 0.90
1/2 OPEN 4.5
1/4 OPEN 24.0
RETURN BEND 22
STANDARD TEE 1.8
STANDARD ELBOW 0.9
45" ELBOW 0.42
90" ELBOW 0.75 Figure 5-9. K-factors of common
BALL CHECK VALVE 4.0 valves and fittings.
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Figure 5-10. Globe value. (Courtesy of
Crane Co., New York, New York.)

Figure 5-11. Gate valve (insertion-ty
stuffing box). (Courtesy of Crane Co.,
New York, New York.)
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Figure 5-12. Gate valve (conventional
stuffing box). (Courtesy of Crane Co.,
New Yoark, New York.)

2. Gate valve: See Figs. 5-11 and 5-12. Fluids flow through gate valves in a
straight line, and thus there is little resistance to flow and the resulting pressure
drops are small. A gatelike disk (actuated by a stem screw and handwheel) moves
up and down at right angles to the path of flow and seats against two seat faces to
shut off flow. Gate valves are best for services that require infrequent valve
operation and where the disk is kept either fully opened or closed. They are not
practical for throttling. With the usual type of gate valve, close regulation is
impossible. Velocity of flow against a partly opened disk may cause vibration and
chattering and result in damage to the seating surfaces.

3. 45° elbow: See Fig. 5-13.

4. 90° elbow: See Fig. 5-14.

5. Tee: See Fig. 5-15.

6. Return bend: See Fig. 5-16.

7. Ball check valve: See Fig. 5-17. The function of a check valve is to allow
flow to pass through in only one direction. Thus, check valves are used to prevent
backflow in hydraulic lines.

For some fluid power valves, K factors are not specified. Instead, an empiri-
cal curve of pressure drop versus flow rate is given by the valve manufacturer for
the particular valve. Thus if the flow rate through the valve is known, the pressure
drop can be determined by referring to the curve. This is normally done for
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Figure 5-13. 45" elbow. Figure 5-14. 90° elbow. Figure 5-15. Tee. (Courtesy of
(Courtesy of Crane Co., (Courtesy of Crane Co., Crane Co., New York, New
New York, New York.) New York, New York.) York.)

Figure 5-16. Return Figure 5-17. Ball check valve.
bend. (Courtesy of Crane (Courtesy of Crane Co., New
Co., New York, New York, New York.)

York.)

Figure 5-18. Cutaway of a directional
control valve. (Courtesy of Continental
Hydraulics, Division of Continental
Machines, Inc., Savage, Minnesota.)
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directional control valves and also for flow control valves for various opening
positions.

Figure 5-18 shows a cutaway of a directional control valve whose pressure
drop versus flow-rate characteristics are provided by curves (seé¢ Fig. 5-19) rather
than by K-factor values. As expected from Eq. (5-8), the curves show that the
pressure drop increases approximately as the square of the flow rate.

VSBM - AP
200 - =
FLOW PATTERN NO
SPOOL SHIFTED SPOOL CENTERED 4
SPOOL —_— /
180 TveE | Pa PB AT BT|PA  PB AT BT  FT|
A PRI 2 2o |
8 4 4 1| 3 3 3 3 3|
F R B 1 = P =
IEOPG 2 2 2 2|4 a - - _ | 4
L 4 4 3 3 - - - 2 |
TYPICAL PRESSURE DROP VS, VOLUME
140} FOR VSBM \-’ALV‘E 100 SUS HYDRAULIC OIL.
©  120f—-—} i - //
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FLOW - GPM

Figure 5-19. Pressure drop (vs.) flow curves for directional control valve. (Cour-
tesy of Continental Hydraulics, Division of Continental Machines, Inc., Savage,
Minnesota.)
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: 'Ex;\mu-: 5-6
' What is the head loss acmss a l-in. wrdempen globe valve when oil (5, = 0.9) ﬂows
‘through it at a rate of 30 gpm?

Sahmon Fmd the ﬁmd velocity u:~.mg Eq. (3-26);

L (0. 408)(30)
' (?

-~ From Fig, 5~9, K for a wide-open globe valve equals 10;

(10)(12.2)?
64.4

The pressure drop (AP) across the valve Can now be found:
AP =0, 4’%3H,S = (0. 4’%3](23 1)(0.9) = 9.00 psi

= 12.2 fi/s

H; = = 23.1 ft of oil

. Exampie 5-7

What is the head loss across a 50-mm wide-open gate valve when oil (# = 0.001 m¥/s,
¥ = 8800 N/m?) flows through it at a rate of 0.02 m%/s?

~ Solution The velocity is found first.

0 (5?,:} 0.02

vim/s) = = = 10.2 m/s
. A (m?) % (0.050)2

 From Fig. 59, K = 0.19. Thus per Eq. 5-8 we have

0.19(10.2)

7 X 980 1.01 m of oil.

H; =

' T_hé‘ pressure drop across the valve can now be found:

AP (EN—)= y (‘n—}fg) x Hy (m) = 8800(1.01) = 8890 Pa

5.8 EQUIVALENT LENGTH TECHNIQUE

Darcy’s equation shows that the head loss in a pipe, due to fluid friction,
proportional not only to the square of the fluid velocity but also to the length of t
pipe. There is a similarity between Darcy’s equation and Eq. (5-8), which stat
that the head loss in a valve or fitting is proportional to the square of the flua
velocity.
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This suggests that it might be possible to find a length of pipe that for the
same flow rate would produce the same head loss as a valve or fitting. This length
of pipe, which is called the equivalent length of the valve or fitting, can be found
by equating the head losses across the valve or fitting and the pipe:

Hivaive or fitting) = Hrpipe)
Substituting the corresponding expressions, we have

Kv? (L) v*

2¢g —fD "g

Since the velocities are equal, we can cancel the v¥/2g terms from both sides
of the equation. The result is

KD

L=~ :
7 (5-9)

where L, is the equivalent length of a valve or fitting whose K factor is K. Note
that parameters K and f are both dimensionless. Therefore, L, and D will have the
same dimensions. For example, if D is measured in units of feet, then L, will be
calculated in units of feet.

Equation (5-9) permits the convenience of examining cach valve or fitting of
a fluid power system as though it were a pipe of length L.. This provides a
convenient method of analyzing hydraulic circuits where frictional energy losses
are to be taken into account. Section 5.9 deals with this type of problem. Example
5-8 shows how to find the equivalent length of a hydraulic component.

~ Hydraulic - 9 v 100 cS) flows through a 1 -in, -dlameter commercial steel
plpe at a rate of 39 gpm. What is the equwalent Iengtb of a 1. m wide-open globe
o valve piaced in the line? - .

i:f':'S '_Jutmn . We nced to Imd the ﬁ‘lCH()n factor f, S0 lct s first ﬁnd the veiocxty v from

__'“ 0. 408{30)
. S
Usmg Eq.‘ (5«3}, we ﬁnd the Reynolds number

- 7740(12. 2}(1)
100 '

Smce the ﬂowmlammat we do not nced to know the relative roughness to find
the ﬁ*ictwn factor . o

= 122ft!s

Ng = = 944
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64 64
f_NR_944 0.0678

Finally, we determine the equivalent length using Eq. (5-9):

_ KD (10)(s fo)
L.~ T e 123 ft
- Thus a l-in.-diameter pipe of length 12.3 ft would produce the same frictional

energy loss as a 1-in. wide-open globe valve for a flow rate of 30 gpm.

5.9 HYDRAULIC CIRCUIT ANALYSIS

We are now ready to perform a complete analysis of a hydraulic circuit, taking
into account energy losses due to friction. Let’s analyze the hydraulic system of
Fig. 5-20 by doing an example problem.

 Exampere 5-9
For the hydraulic system of Fig. 5-20, the following data are given:

. The pump is adding 5 hp to the fluid.

. Pump flow is 30 gpm.

. The pipe has a I-in. inside diameter.

. The specific gravity of oil is 0.9.

. The kinematic viscosity of oil is 100 cS.

[T SRR SR

Find the pressure available at the inlet to the hydraulic motor (station 2). The
pressure at the oil top surface level in the hydraulic tank is atmospheric (0 psig). The
head loss H; due to friction between stations 1 and 2 is not given.

Solution Writing Bernoulli’s equation between stations | and 2, we have

Py P v
Z+—+——~+H st H—Zq+—"+~—-'-
iy 2 " o2
Since there is no hydraulic motor between stations | and 2, H,, = 0. Alsov; = 0
and P.;‘y 0 (the oil tank is vented to the atmosphere). Also Z, — Z, = 20 ft, per Fig.
5-20.
' To make use of Bernou]]n s equallon let’s first solve for v, using Eq. (3-26):

_ (0.408)(30)

qp = 1221
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frl

HYDRAULIC
MOTOR

1IN INSIDE DIA,
{1 FT LONG}

1IN INSIDE DIA.
{16 FT LONG)

ELECTRIC
MOTOR 20FT

@ ELEVATION

—» |+——1IN INSIDE
DIA, {4 FT LONG]

_____ T e

OIL LEVEL

1IN
STD. ELBOW -7

Figure 5-20. Hydraulic system for Example 5-9.

vafnétez;he vf’:l'ocity head at station 2

U__z___,ﬁ%,%!* 241t

2

The Reynoids number can now be found:

??401.: (ft/s) - D (in. ) 7740(12.2)(1)
v (eS) . 100

= 944

ow 1& lamlnar the friction factor can be found directly from the
Reynolds number

6464

f Na @—0.06'?8

. We cannow detemincithe head loss due to friction between stations 1 and 2:

: L\ v
H; '“_f (‘D‘) E’g" :

i : _L"‘16+ 1 +4 o (Iif.D)m&w
(09}(3%&) o
L*m " 00678 21 + 1.1 =221 f;

.-H& - (0 0678) (22 1)

3 (24) =43 ft
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Figure 5-1. Velocity profile in pipe.

i e e ]

Figure 5-2. Straight-line path of fluid

G particles in laminar flow.

o — >0
o—=0
o—»0
Oo——>-0

AN NN AR

tially no collision of particles. For laminar flow, the friction is caused by the
sliding of one layer or particle of fluid over another in a smooth continuous
fashion.

If the velocity of flow reaches a high enough value, the flow ceases to be
laminar and becomes turbulent. As shown in Fig. 5-3, in turbulent flow the move-
ment of a particle becomes random and fluctuates up and down in a direction
perpendicular as well as parallel to the mean flow direction. This mixing action
generates turbulence due to the colliding fluid particles. This causes considerably
more resistance to flow and thus greater energy losses than that produced by
laminar flow.

The difference between laminar and turbulent flow can be seen when using a
water faucet. When the faucet is turned only partially open, with just a small
amount of flow, the flow pattern observed is a smooth laminar one. However,
when the faucet is opened wide, the flow mixes and becomes turbulent, as illus-
trated in Fig. 5-4.

O H N & i

Ed

N |

A AR AR

Figure 5-3. Random fluctuation of
NN RN TR RNRN RN fluid particles in turbulent flow.
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Wc can now subsntute into Bcrn(mlh 's equalmn to so!ve for P;f'y;_ .

B
5

¢k 4. mel

%:-~20+H +0-43-24

.&—H *654
7

Usmg Eq (3 25) allowv. us to solve for the pump head:

3950(HP) _ (3950)(5)
os, (30)(0 9)

~ Thus we can solve for the pressure head at statlen 2

£

f Hp-u = 732 n :

73’2 65 4 = 6666 ft

Fmally, we solve for the pressure at station 2:
' Pz (lbfftz) = 666.6 (ft) - v (lbfft‘)

 where'y = S, You = (0.9(62.4) = 56.2 b/, e
 Thus, P, = (666.6)(56.2) = 37,463 Ib/ft> = 260 psi.

Flow-rate measurements are frequently required to evaluate the performance of
hydraulic components as well as to troubleshoot a hydraulic system. They can be
used to check the volumetric efficiency of pumps and also to determine leakage
paths within a hydraulic circuit.

Probably the most common type of flowmeter is the rotameter, which con-
sists of a metering float in a calibrated vertical tube, as shown in Fig. 5-21. The
operation of the rotameter is as follows (refer to Fig. 5-22):

The metering float is free to move vertically in the tapered glass tube. The
fluid flows through the tube from bottom to top. When no fluid is flowing, the float
rests at the bottom of the tapered tube, and its maximum diameter is usually so
selected that it blocks the small end of the tube almost completely. When flow
begins in the pipeline, the fluid enters the bottom of the meter and raises the float.
This increases the flow area between the float and tube until an equilibrium posi-
tion is reached. At this position, the weight of the float is balanced by the upward
force of the fluid on the float. The greater the flow rate, the higher the float rises in
the tube. The tube is graduated to allow a direct reading of the flow rate.
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Figure 5-21. Figure 5-22. Operation of rotameter.
Rotameter. (Courtesy of Fischer & Porter Co.,
(Courtesy of Waorminster, Pennsylvania.)

Fischer & Porter

Co., Worminster,

Pennsvlvania.)

Sometimes it is desirable to determine whether or not fluid is flowing in a
pipeline and to observe the flowing fluid visually. Such a device for accomplishing
this is called a sight flow indicator. It does not measure the rate of flow but instead
indicates only whether or not there is flow. The sight flow indicator shown in Fig.
5-23 has two windows located on opposite sides of the body fittings to give the
best possible visibility.
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Figure 5-23. Sight flow indicator.
(Courtesy of Fischer & Porter Co.,
Worminster, Pennsylvania.)

Figure 5-24 shows another type of flowmeter, which incorporates what is
called a disk piston. When the fluid passes through the measuring chamber, the
disk piston develops a rotary motion, which is transmitted through gearing to a
pointer on a dial.

A schematic drawing of a turbine-type flowmeter is given in Figure 5-25.
This design incorporates a turbine rotor mounted in a housing connected in a
pipeline whose fluid flow rate is to be measured. The fluid causes the turbine to
rotate at a speed that is proportional to the flow rate. The rotation of the turbine

4. WOBBLE ACTION OF DISK

IS CONVERTED TO ROTARY

MOTION HERE WHICH DRIVES 3+ RATE OF WOBBLE ON
INDICATING MECHANISM DISK INCREASES WHEN
FLOW RATE INCREASES.

1. INLET FLOW ENTERS
DISK CHAMBER AT PORT
BEHIND PARTITION

3. FLOW OUT IS
THROUGH PORT

ON THIS SIDE OF
CHAMBER PARTITION

2, AS FLOW COMES AROUND
CHAMBER 1T FORCES THE DISK
DOWMN

DISK CHAMBER PARTITION

Figure 5-24. Flowmeter with disk piston. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Tray, Michigan.)
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3. AN ELECTRONIC DEVICE WILL
BE CONMNECTED TO THE SENSOR
TO CONVERT THE PULSES TO FLOW
RATE INFORMATION

2. SENSING DEVICE DEVELOPS
AN ELECTRICAL SIGMNAL EVERY

1. FLOW CAUSES TURBINE TO
SPIN AT RATE DETERMINED BY
THE RATE OF FLOW

Figure 5-25. Turbine flowmeter. (Courtesy of Sperry Vickers, Sperry Rand
Corp. Troy, Michigan.)

generates an electrical impulse every time a turbine blade passes a sensing device.
An electronic device connected to the sensor converts the pulses to flow-rate
information.

Figure 5-26 shows an orifice (a disk with a hole through which fluid flows)

installed in a pipe. Such a device is an actual flowmeter when the pressure drop
(AP) across the orifice is measured, because there is a unique relationship between
AP and Q (flow rate) for a given orifice. Specifically, the greater the flow rate, the
greater the pressure drop. It can be shown that the following equation relates the
AP vs. Q relationship for an orifice installed in a pipe to measure liquid flow rate:

Q = 38.06CA \ g, (5-10)

=]

A

(=]
fo] | Bl

SHARP SQUARE
EDGE EDGE

ORIFICE Figure 5-26. Orifice flowmeter.
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or, in metric units,

where Q = flow rate (gpm, m?’/s),

Basics of Hydraulic Flow in Pipes Chap. 5

AP
0 = 1.41CA \/T‘ (5-10M)
=3 7

C = flow coefficient (C = 0.80 for sharp-edged orifice, C = 0.60 for square-

edged orifice),
A = area of orifice opening (in.?, m?),
AP = P, — P, = pressure drop across orifice (psi, kPa),

S, sl;eciﬁc gravity of flowing fluid.

The following example shows how an orifice flowmeter can be used to determine

flow rate.

 pressure drop across the sharp-edged orifice of Fig. 5-26 is 100 psi. The orifice
I-in. ¢ a’gr_te:i@_':",\--?._ndjthz fluid has a specific gravity of 0.9. Find the flow rate in

ute direetly into Eq. (5-10):

e S LU
0= (38.06)0.80) (E':x-:'-lz_) 09 = 252 gpm

are needed in hydraulic circuits for a number of rea-

sons. In addition to testing and troubleshooting, they are used o adjust pressure
settings of pressure control valves and to determine forces exerted by hydraulic
cylinders and torques delivered by hydraulic motors.

One of the most widely used pressure-measuring devices is the Bourdon
gage (see Fig. 5-27, which shows an assortment of Bourdon gages, each having
different pressure ranges). The Bourdon gage contains a sealed tube formed in the
shape of an arc (refer to Fig. 5-28). When pressure is applied at the port opening.
the tube starts to straighten somewhat. This activates a linkage-gear system.
which moves the pointer to indicate the pressure on the dial. The scale of most
Bourdon gages reads zero when the gage is open to the atmosphere, because the
gages are calibrated to read pressure above atmospheric pressure or gage pres-
sure. Some Bourdon gages are capable of reading pressures below atmospheric
vacuum (suction) pressures, such as those existing in pump inlet lines. The range

Pressure-measuring devices
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Figure 5-27. Bourdon gages with different pressure ranges. (Courtesy of Span
Instruments, Inc., Plano, Texas.)

for vacuum gages is from 0 to 30 in. of mercury, which represents a perfect
vacuum.

A second common type of pressure-measuring device is the Schrader gage.
As illustrated in Fig. 5-29, pressure is applied to a spring-loaded sleeve and piston.

TUBE TENDS TO
STRAIGHTEN UNDER
PRESSURE CAUSING
POCINTER TO ROTATE.

BOURDON TUBE

PRESSURE INLET

Figure 5-28. Operation of Bourdon gage. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)
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INLET
CONNECTING LINK

LINKAGE
WHEM
PRESSURE
PISTON IS

APPLIED

Figure 5-29. Operation of a Schrader gage. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Trov, Michigan.)

As the pressure moves the sleeve, it actuates the indicating pointer through me-
chanical linkages.

Figure 5-30 shows a digital electronic readout device that provides five-digit
displays for pressure, flow-rate, and speed measurements accurate to +0.15% of
full scale (maximum of 19999). The scale can be factory-calibrated to display
values in units such as psi, Pascals, bars, gpm, L/min, rpm, in./min, m/min, and so

Figure 5-30. Digital Electronic Read-
out. (Courtesy of Flo-tech, Inc., Munde-
tein, flinois.)
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on, via 10 independent input channels and memory. Data are updated 2} times per
second and provide an over-range condition indication.

5.12 HYDRAULIC CIRCUIT ANALYSIS USING THE
SI-METRIC SYSTEM

In this section we perform a complete analysis of a hydraulic circuit using the SI
metric system of units and taking into account energy losses due to friction. To
provide a comparison with the English system of units, let’s use the same hydrau-
lic system analyzed in Example 5-9 (see Fig. 5-20). The SI metric units solution is
presented in the following example.

ExampLe 5-11

For the hydraulic system of Fig. 5-20, the following metric data (which are equivalent
to the Engllsh system data of Example 5-9) are given:

1. The pump is adding 5 hp (3730 W) to the fluid.

2, Pump flow is 0.001896 m%/s.

3. The pipe has a 0.0254-m inside diameter.

4. The specific gravity of oil is 0.9,

5. The kinematic viscosity of oil is 100 cS.

6. The elevation difference between stations 1 and 2 is 6.096 m.

- 7. Pipe: lengths are as follows: 1-ft length = 0.305 m, 4-ft length = 1.22 m, and
16-ft length = 4.88 m.

Fmd the pressure avallable at the inlet to the hydraulic motor (station 2). The
pressure at the oil top surface level in the hydraulic tank is atmospheric (0 Pa gage).
The head loss H& due to friction between stations | and 2 is not given.

Solution Iﬂ..the ‘ST metric system, absolmc viscosity is given in units of newton-
seconds per meter squared. Thus we have u = N-s/m* = Pa's. Our problem is to
convert viscosity in ¢S to the appropriate units in the SI metric system. This is
accomplished as follows: The conversion between dyne-s/cm? or poise and N-s/m? is
found first;

i : : ; 1N - {100 r:m)'2

I T 2 " bl
# (N:s/m?) = p (dyne-s/em?) x 1% dymes ( =
This ;y-iﬁl_ds-\'a-useful conversion equation dealing with absolute viscosities:

u (dyne-s/icm?) _e (poise)
10 10

i (Ns/m?) = (5-11)
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Since a centipoise is one-hundredth of a poise, we can develop a conversion
equation between N-s/m? and centipoise:

_ (P
u(P) = 100 (5-12)

Substituting Eq. (5-12) into Eq. (5-11) yields the desired result:

H(CP) _ p(cP) (5-13)

w (N-sim?) = 100(10) 1000

However, in this problem, we were given a kinematic viscosity value rather

- than an absolute viscosity value. Therefore, we need to convert viscosity in ¢S to the

appropriate units in the SI metric system. Kinematic viscosity in the SI metric

system is given in units of meters squared per second. Thus, we have v = m*/s. The
conversion between cm?/s or stokes and m%s is found as follows:

I m )2-= v (cm?¥s) v (stokes)

00 cm/ ~ 10,000 _ 10,000 5rd%)

v (wfs) = v (cm?s)  (

Sinee_:._a centistoke is one-hundredth of a stoke, we can now develop the desired
conversion between m*/s and centistokes:

v (cS)

e ' v (stokes) =

__ 100 (5-15)
]i'
i Substituting Eq. (5-15) into Eq. (5-14) yields

. _{m_za"s;) I (stokes)  »(cS) o mleS) (5-16)

10,000 10,000 x 100 1,000,000

Now back to the problem at hand: We write Bernoulli's equation between
stations 1 and 2:

By o o P
- Zit ot t - Hy—Hi=2 4 2 1 52

!
' : - Since there is no hydraulic motor between stations 1 and 2, H,, = 0. Alsov; =0
E ‘and Py/y = 0 (the oil tank is vented to the atmosphere). Also Z, — Z; = 6.096 m per
.given input data. To make use of Bernoulli’s equation, let’s first solve for va:

_ Q(mYs) _ 0.001896

T AmY) T (@l4)0.02547 374 w8

i Y

1-:| ~ Next, let’s evaluate the velocity head at station 2:

hi s B (3.74 mls)

E‘g—m-_—ﬁ.ﬂ‘im
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W The Re?nol‘ds.number can now be found:

_v(mfs) - D (m) _ (3.74)(0.0254) _
Ne=—""tm¥s) 100/1,000,000 "

As expected {since the Reynolds number is a dimensioniess parameter), the
value calculated here is the same as that found in Example 5-9. Since the flow is
laminar, the friction factor can be found directly from the Reynolds number:

A
ke 9q4
We can now determine the head loss due to friction between stations 1 and 2
' L\ 2
Pt D) 2
where L =488+ 0305+ 1.22 + (Q)
. | [/ sid etbow

gl (0.9)(0.0254) _ e
L =641+ —ree— =641 + 034 =675 m

E

i (6.75) 9
= (0.0678) g5z (0.714) = 12.9'm

We can now substitute into Bernoulli’s equation to solve for Py /y

|
Pz Ry v3

(ZI ) fip + ¥ HI. zg
P

~;}§ = —6.096 + H, + 0 — 12.9 — 0.714 = H, — 19.7
- Using Eq. (3-33) allows us to solve for the pump head:

- pump power (W)
Hy (m) = ZNTm?) % 0 (m¥/s)

whera y w'Sgy“mr = 0.9 x 9797 N/m’ = 8817 N/m’.

: 3730
H, (m) = g2i77% 0.00189% ~ 21 ™
Thus, we can now solve for the pressure head at station 2:

% =223.1 — 197 =2034m
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5

(a) (b

Figure 5-4. Flow patterns from water faucet. (a) Laminar flow, (b) turbulent
flow. (Reprinted from fntroduction to Fluid Mechanics by 1. E. John and W. L.
Haberman, Prentice Hall, Englewood Cliffs, N.J., 1988)

5.3 REYNOLDS NUMBER

It is important to know whether the flow pattern inside a pipe is laminar or
turbulent. This brings us to the experiments performed by Osborn Reynolds in
1833 to determine the conditions governing the transition from laminar to turbu-
lent flow. Using the test setup in Fig. 5-5, Reynolds allowed the fluid in the large
tank to flow through a bell-mouthed entrance and along a smooth glass tube. He
controlled the flow rate by means of a valve at the end of the tube. A capillary
tube, connected to a reservoir of dye, allowed the flow of a fine jet of dye into the
main flow stream.

— /Caplllarv

o tube
P VALVE

Figure 5-5. Reynolds’ experiment.
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Solvmgfor P, yields

nce 1 Pa 0 006145 psi, !
. Pg gpsl) 1.793 000)(0 000145) = 260 psi

s expected thm value checks with the answer to Example 5-9, which was
L lved ln thc Engllsh syslem r

- trhernhatmbpmmmbiyd b o NI

5.13 COMPUTER ANALYSIS OF HYDRAULIC SYSTEMS

?_ Example 5-9 illustrates the large number of calculations needed to perform a

| E complete analysis of a hydraulic system (See Figure 5-20 for the circuit diagram.)
iI=" In solving hydraulic system problems, specific values are given for parameters
2 such as pipe diameters, pipe lengths, valve or fitting K factors, pump power, pump
flow rate, fluid specific gravity, and fluid viscosity. The solution to the problem

then becomes one of solving for an unknown parameter such as the pressure
available at the inlet to a hydraulic actuator, as done in Example 5-9.

In addition, it is frequently desirable to optimize the operation of a hydraulic
system based on a cost-vs.-performance-improvement analysis. For example,
should a larger-diameter pipe or valve be used to reduce pressure losses due to
friction? Such an increase in pipe or valve size will reduce the operating tempera-
tures and prolong the life of the fluid by reducing oxidation. Lower temperatures
can also prevent the fluid from becoming too thin and thus losing the desired
lubricity. Lower temperatures can also allow seals to better prevent costly leak-
age problems. In addition, lower pressure losses allow for a reduction in pump
discharge pressure, which results in a lower horsepower requirement for the
pump. Hence, the electric motor driving the pump will generate lower electric
utility costs.

In order to perform the enormous number of calculations required to opti-
i mize complete hydraulic systems in a reasonable period of time, it becomes neces-
sary to utilize computers. With computer programs written to analyze various
hydraulic systems, the value of any number of parameters can be changed and the
I' effect on overall system performance and costs can be quickly determined. Thus

TR 118

the use of computers permits a cost-benefit analysis of a change of any system
parameter to be made quickly, taking into account long-term effects. One example
: is the determination of the effect of temperature reduction and better filtration of
{l contaminants on the life of the hydraulic fluid (when the fluid has deteriorated to
il the point it can no longer satisfactorily perform its intended function). The benefit
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of increased fluid life (including the reduced cost of fluid storage, handling, and
disposal) must be compared to, for instance, the cost of using larger pipes and
valves to reduce frictional pressure losses, thereby lowering operating tempera-
tures and increasing fluid life. In this example, this type of cost-benefit analysis
would identify the optimum-size pipes and valves to use.

Example 5-12 shows how the analysis of the hydraulic system of Figure 5-20
can be accomplished using the computer. As shown in Example 5-12, the value of
any system parameter can be changed, and the computer will quickly calculate the
effect on the pressure at the inlet to the hydraulic motor. This analysis is impor-
tant, because the torque produced by a hydraulic motor to drive an external load
depends on the available inlet hydraulic pressure.

Exampre 5-12

Write a BASIC computer program to perform the analysis of the hydraulic system of
Figurc-S-?O_, as done manually in Example 5-9.

a. Execute the computer program to calculate the available pressure at the inlet to
the hydraulic motor using the following data of Example 5-9:

1. The pump is adding 5 hp to the fluid.

2. Pump flow rate is 30 gpm.

3. The pipe has a l-in. inside diameter.

4. The specific gravity of oil is 0.9,

5. The kinematic viscosity of oil is 100 cS.

6. The reservoir is vented to the atmosphere.

7. Total pipe length is 20 ft.

8. The elevation change between stations | and 2 is 20 ft.
9. The K-factor value of the standard elbow is 0.9,

b. Execute the computer program using kinematic viscosity values of 50, 75, 125,
150, and 200 ¢S to determine the effect of viscosity change on the available
* pressure at the inlet of the hydraulic motor.
¢. Execute the program using pump power values of 4.0, 4.5, 5.5, and 6.0 hp to
determine the effect of the change in pump power on the available pressure at the
inlet of the hydraulic motor.

St_lluti.on In writing the computer program, we will use the following symbols
(which are acceptable in the BASIC language: up to eight alphanumeric characters)
and units for the pertinent parameters involved:

elevation (ft) z1, &2
pressuré (Ib/ft?) Pl, P2
pressure {(psi) PLPSI, P2PSI
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velucnty (ftfs) vy, v@
- acceleration of gravity (ft/s?) G

pump head (ft) PUMPHD

pump power (hp) PUMPHP

head loss (ft) HL

Reynolds number NR

friction factor i F

K factor of standard elbow K

-actual pipe length (ft): L

equivalent pipe length (ft): LEQUIV

pipe diameter (in.) D

flow rate (gpm) QGPH

fluid specific gravity SG

Chap. 5

Fluid weight density (Ib/ft) DENSITY
Fluid kinematic viscosity (¢S) KINVISC

Next we write the problem-solving equations using the symboh selected for the
computer program.

1. Fluid weight density.
1b ; Ib
Yail (ﬁ?) = Seoil Ywater (E‘i)
Using our selected computer program symbols, this equation becomes
- DENSITY = 62.4 x SG
2. Velocity.

(g) 04080 (gpm)
“\5) T TG

or

0,408 X QGPM

3. :Reynblds number.

77400;( Y x b any

it v (cS)

or

7740 % V2 x D

NR = K iNvisc
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4 Efictib_n factor (laminar flow).
' 64
or
=5 64
I : Ie NR
- 5. Equivalent length.
L (ft) = L (ft) + %‘3'—’
or
K x %
LEQUIV =L + -
6. Head loss.
i L (f0) ['U’ (?
B @) =S| 5y | % fr
DUl (D)
12 o
or
50 V232
HL = F (LE%UIV) 5 (20)
7. Pump head.
5 S 3950 x HP
£ O (gpm) X §,
or

3950 x PUMPHP
PUMPHD = —5e5is6

8. Pressure at inlet to hydraulic motor.

Noﬁng that P, = 0, v; = 0, H,, = 0,and Z; = 0 and solving Bernoulli's equation for
the pressure at the inlet to the hydraulic motor, we have
' ft ]2
{U.: (;J

2 (3)

b : :
Ps (ﬂ—} =y 4 H, (ft) — H, (ft) = Z; (ft) —
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or
] 2
P2 = DENSITY x (PUMPHD — HL - 22 - (%)
9. Pressure conversion (from psf to psi).
T | o
i &)
| Ps (psi) = G
or
P2
P2PSI il

The computer program uses the following operational symbols:

The multiplication symbol is *.
The division symbol is /.
The exponential symbol is /\,

The following is a computer printout of this program.

PRINT "Computer Analysis of Hydraulic System in Figure 5-20"
PRINT "Pressureat Inlet toHydraulic Motor WillBe Calculated in
Units of PSIN
INPUT "Enter the Pump Horsepower: ", PUMPHP
INPUT "Enter the Pump Flowrate (GPN): ", OGP
. INPOT "Enter the Pipe Diameter (inches): ", D
 INPUT "Enter the K Factor of the STD Elbow: i
INPUT "Enter the 011 Specific Gravity: ", SG
" INPUT "Enter the Kinematic Viscosity of 0il (CS): ", KINVISC
INPUT "Enter the Actual Pipe Length {feet): ", L
INPUT "Enter the Elevation of Hydraulic Motor (feet): ", 22
- G=d2.2
 DENSITY =L2.Y4 * 5G
Ve =.408 #* QGPM /D A 2
NR=7740 % V2 * D / KINVISC
F=bY/NR
LEQUIV=L+K* (D/12)/F
HL =T * LEQUIV* V2 A2 / (2 % (D / 12) *G)
PUMPHD = 3950 * PUMPHP / (QGPM * 56G)
P2 = DENSITY * (PUMPHD - BL -Z2-V2 A2/ (2* G))
. PEPSI = P2 / 14y
- PRINT "The Pressure at the Inlet to the Hydraulic Motor is";
. PEPSI; "pSIm
- END

a. Inputting data values with the kinematic viscosity equal to 100 ¢S vields an
~ answer of 260 psi for the pressure at the inlet to the hydraulic motor, as shown in
the following computer printout. This value agrees with the manual solution of

Example 5-9, '
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C{mputer nnalysis of Hydraulic Systenm in Figure 5-20

Pressure at Inlet to Hydraulic Motor Will Be Calculated in Units
of PSI i

Enter the Pumnp Horsapowe: 5

Enter the Pump Flowrate (GPM):

Enter the Pipe Diameter {1nches)

Enter the K Factor of the STD Elbow 0.4

Enter the 041 Specific Gravity: 0.9

Enter the Kinematic Viscosity of 0il (CS): 100

Enter the Actual Pipe Length (feet): 21

Enter the Elevation of Hydraulic Motor (feet): 20

The Pressure at the Inlet to the Hydraulic Hotor is 260.3085 PSI

b. Inputting data values with the kmematlc viscosity equal to 50. 75, 100, 125, 150, and 200 cS
yields the follnwmg results:

Pressure at

Kinematic Hydraulic
Viscosity (cS)  Motor (psi)
50 268
75 264
100 260
125 256
150 253

200 245

As expected, the available pressure at the inlet of the hydraulic motor de-
creases as the vis'c:osity increases,

c. Inpumng data values with the pump power ¢qual to 4 0 4.5,5.0,5.5, and 6 hp
yields the foliowmg results:

Pressure at
Pump  Hydraulic
 Power (hp) Motor (psi)

4.0 203
45 232
5.0 260
55 289
6.0 317

Also as expected the available pressure at the inlet of the hydraulic motor
increases as the pump power increases. ;

i
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EXERCISES

Questions, Concepts, and Definitions

5-1.

5.2,
5.3,
54,
5-5.
5-6.
5-7.
5-8.
59,
5-10.

5-11.

5-12.

5-13.

Why is it important to select properly the size of pipes. valves, and fittings in
hydraulic systems?

What is the physical difference between laminar and turbulent flow?

What are the important conclusions resulting from Reynolds’ experiment?
Define the term relative roughness,

What is meant by the K factor of a valve or fitting?

What is meant by the equivalent length of a valve or fitting?

Name two types of flow-measuring devices.

Name two types of pressure-measuring devices.

Why is it desirable to measure flow rates and pressures in a hydraulic system?
To minimize pressure losses, the K factor of a valve should be made as small as
possible. True or false?

What advantage does a digital readout fluid parameter—measuring device have
over an analog device?

What can be concluded about the pressures on the upstream and downstream sides
of an orifice when oil is flowing through it?

Name two causes of turbulence in fluid flow.

Problems
Note: The letter £ following an exercise number means that English units are used. Simi-
larly, the letter M indicates metric units.

Reynolds Number

5-14E.

5-15M.

5-16.

The kinematic viscosity of a hydraulic oil is 75 ¢S. If it is flowing in a li-in.-
diameter pipe at a velocity of 20 fi/s, what is the Reynolds number? Is the flow
laminar or turbulent?

The kinematic viscosity of a hydraulic oil is 0.0001 m?¥/s. If it is flowing in a 30-mm-
diameter pipe at a velocity of 6 m/s, what is the Reynolds number? Is the flow
laminar or turbulent?

A hydraulic system is operating at 4 Reynolds number of 1000, If the temperature
increases so that the oil viscosity decreases, would the Reynolds number increase,
decrease, or remain the same?

Frictional Losses in Pipelines

. For the system of Exercise S-14, find the head loss due to friction in units of psi for

a 100-ft length of smooth pipe. The oil has a specific gravity of 0.90.

The kinematic viscosity of a hydraulic oil is 100 ¢S. If it is flowing in a §-in.-
diameter commercial steel pipe, find the friction factor in each case.

a. The velocity is 15 ft/s.

b. The velocity is 45 ft/s.
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-5.19M. For the system of Exercise 5-15, find the head loss due to friction in units of bars
for a 100-m length of smooth pipe. The oil has a specific gravity of 0.90.
5.20M. The kinematic viscosity of a hydraulic oil is 0.0001 m*/s. If it is flowing in a 20-mm-
diameter commercial steel pipe. find the friction factor in each case.
gs in a. The velocity is 2 m/s.
b. The velocity is 10 m/s.
5.21. For laminar flow of a liquid in a pipe, frictional pressure losses are __ to the
liquid velocity.
5.22. For fully turbulent flow of a liquid in a pipe, frictional pressure losses vary as the
of the velocity.

Losses in Valves and Fittings

ystem? 5.23E. What is the head loss across a 13-in.-wide open gate valve when oil (S, = 0.90)
flows through it at a rate of 100 gpm?

5.24M. What is the head loss (in units of bars) across a 30-mm-wide open gate valve when
oil (S, = 0.90) flows through at a rate of 0.004 m*/s?

5.25. If the volumetric flow rate through a valve is doubled, by what factor does the

pressure drop increase?

5.26E. A directional control valve with an effective area of 0.5 in.? provides a pressure
drop of 40 psi at 60 gpm. If the fluid has a specific gravity of 0.90, what are the flow
coefficient and K factor for the valve?

5.27M. For the directional control valve of Exercise 5-26, if the data were converted to

ced. Simi- metric units, how would the values of the flow coefficient and K factor calculated

compare to those determined using English units? Explain your answer.

- small as
rice have

eam sides

Equivalent Length Method

= a l3-in.-
< the flow | 5-28E. Oil (S, = = (.90, v = 75 ¢S) flows at a rate 30 gpm through a {-in.-diameter commer-
| cial sleel pipe. What is the equivalent length of a {-in.-wide open gate valve placed
2 2 30-mm- in the line?
s the flow 5-29M. Oil (5, = 0.90, v = 0.0001 m2/s) flows at a rate of 0.002 m*/s through a 20-mm-

dla.meter commercial steel pipe. What is the equivalent length of a 20-mm-wide
mperature open gate valve placed in the line?
T increase,

Hydraulic Circuit Analysis
. 5-30E. For the hydraulic system of Fig. 5-20, the following data are given:
of psi for 1. The pump is adding 4 hp to the fluid.
2. Pump flow is 25 gpm.
in a j-in.- 3. The pipe has a 0.75-in. inside diameter.

4. The specific gravity of oil is 0.90.
5. The kinematic viscosity of oil is 75 ¢S.
Find the pressure available at the inlet to the hydraulic motor (station 2).
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CYLINDER
[
CHECK VALVE EXTERNAL
(K =4) LOAD
@ VENT (I 1PUMP| d::i I
e @
)
I 15
@ pirecTionaL (10)
RESERVOIR CONTROL VALVE
(K=5)
Pipe No. Length(ft) Dialin.) Pipe No. Length(ft) Dialin.)
1 2 155 8 5 1.0
2 6 1.5 35 0.75
3 2 1.5 10 5 0.75
4 50 1.0 11 60 0.75
S 10 1.0 12 10 0.75
6 5 1.0 13 20 0.75
7 5 1.0

Figure 5-34. System for Exercise 5-38.

5-3TM. For the system of Exercise 3-36, the following new data are applicable:
P, = 7 bars, O = 0.002 m¥/s
pipe: L (total) = 15m and D = 38 mm
oil: §,=0.90 and » = 0.0001 m%s

Solve for P, in units of bars.

5-38E. For the fluid power system shown in Fig. 5-34, determine the external load F that
the hydraulic cylinder can sustain while moving in the extending direction. Take
frictional pressure losses into account. The pump produces a pressure increase of
1000 psi from the inlet port to the discharge port and a flow rate of 40 gpm. The
following data are applicable:

kinematic viscosity of oil = 0.001 ft*/s

weight density of oil = 50 Ib/ft?
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5-39E.

5-40E.

5-41M.

5-42M.
5-43M.

cylinder piston diameter = 8 in.
cylinder rod diameter = 4 in.

All elbows are 90° with K factor = (.75, Pipe lengths and inside diameters are given
in Fig. 5-34.

For the system of Exercise 5-38, as shown in Fig. 5-34, determine the heat-genera-
tion rate due to frictional pressure losses.

For the system of Exercise 5-38. as shown in Fig. 5-34, determine the extending
and retracting speeds of the cylinder.

For the system of Exercise 5-38, as shown in Fig. 5-34, change the data to metric
units and solve for the external load F that the cylinder can sustain while moving in
the extending direction.

For the system of Exercise 5-41. determine the heat-generation rate.

For the system of Exercise 5-41. determine the extending and retracting speeds of
the cylinder.

Flow-Rate Measurement

5-44E.

5-45M.

5-46.

A 2-in.-diameter sharp-edged orifice is placed in a pipeline to measure flow rate. If
the measured pressure drop is 50 psi and the fluid specific gravity is 0.90. find the
flow rate in units of gpm.

A 55-mm-diameter sharp-edged orifice is placed in a pipeline to measure flow rate.
If the measured pressure drop is 300 kPa and the fluid specific gravity is 0.90, find
the flow rate in units of m?/s.

For a given orifice and fluid, a graph can be generated showing the AP-vs.-Q
relationship. For the orifices and fluids of Exercises 5-44 and 5-45, plot the curves
and check the answers obtained mathematically. What advantage does the graph
have over the equation? What is the disadvantage of the graph?

Computer Programming

5-47M.

5-48E.

5-49M,

Write a computer program to perform the analysis of the hydraulic system of

Figure 5-20, as done manually in Example 5-11.

a. Execute your computer program to calculate the available pressure at the inlet
to the hydraulic motor using the data of Example 5-11.

b. Execute your program using Kinematic viscosity values of 50, 73, 100, 125, 150,
and 200 8§ to determine the effect of viscosity change on the pressure at the
hydraulic motor inlet.

¢. Execute your program using pump power values of 3.0, 3.5, 4.0, and 4.5 kW to
determine the effect of the change in pump power on the available pressure.

Write a computer program to solve Exercise 5-38. Execute your program using

values of 800, 900, 1000, 1100, and 1200 psi for the pressure increase across the

pump.

Write a computer program to solve Exercise 5-41. Execute your program using

values of 5, 6. 7. 8, and 9 MPa abs for the pressure increase across the pump.
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If the flow in the tube was laminar, the dye jet flowed smoothly. However,
when turbulent flow occurred in the tube, the dye jet would mix with the main
fluid.

Reynolds came to a very significant conclusion as a result of his experi-
ments: The nature of the flow depends on the dimensionless parameter vDplu.,
where v = fluid velocity, D = pipe inside diameter, p = fluid mass density, and
= absolute viscosity of the fluid.

This parameter has been named the Reynolds number Ny and (as Reynolds
discovered from his tests) has the following significance:

1. If Ny is less than 2000, the flow is laminar,
2. If Ny is greater than 4000, the flow is turbulent.

3. Reynolds numbers between 2000 and 4000 cover a critical zone between
laminar and turbulent flow.

It is not possible to predict the type of flow that will exist within the critical
zone. However, since turbulent flow results in greater losses, fluid power systems
should be designed to operate in the laminar flow region.

The Reynolds number can be calculated in several ways depending on
whether the English or metric units are used. In the following Reynolds number
equations, the letter M denotes metric units.

v (ft/s) - D (ft) - p (slug/ft?)

== ‘i-
e w (Ib-s/ft?) o)
_v(m/s) - D(m) - p(kg/m?)
Nie = i (N*s/m?) (>IN
A more convenient set of units gives
_ 7740v (ft/s) - D (in.) - S,
= u(cP) (5-2)
_ v (m/s) - D (mm) - S,
Nai= i (N-s/m?) O-2M)
A final relationship using kinematic viscosity is also desirable:
7740v (ft/s) - D (in.)
= - _‘*
Nk v (cS) )
Ny = v(m/s) - D (m) (5-3M)

v (m?/s)
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It should be noted that if turbulent flow is allowed to exist, the temperature
of the fluid increases due to greater energy losses. Therefore, turbulent flow
systems suffering from excessive temperatures can be helped by slightly increas-
ing the pipe size to establish laminar flow.

&draﬂhc ml is ID(} cS If the ﬂmd is ﬂOng ina l -in.-

oiarim: Subsutu;e du‘ectly mlo Bq (5-3)

(7'?40}( 10)(1)
0

M= =174

15 ﬂDWmE mna 50-mm—dmneter plpe ata vclocxty of 5 mf s. What

5.4 DARCY’S EQUATION

Friction is the main cause of energy losses in fluid power systems. The energy loss
due to friction is transferred into heat, which is given off to the surrounding air.
The result is a loss of potential energy in the system, and this shows up as a loss in
pressure or head. In Chapter 3 we included this head loss in Bernoulli’s equation
as an H; term. However, we did not discuss how the magnitude of this head loss
term could be evaluated. The head loss (H;) in a system actually consists of two
components:

1. Losses in pipes
2. Losses in fittings

Head losses in pipes can be found by using Darcy’s equation:

= £(5)) (5-4)
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where f = friction factor (dimensionless),
L = length of pipe (ft, m),

D = pipe inside diameter (ft, m),
v = average fluid velocity (ft/s, m/s),
g = acceleration of gravity (ft/s?, m/s?).

Darcy’s equation can be used to calculate the head loss due to friction in
pipes for both laminar and turbulent flow. The difference between the two lies in
the evaluation of the friction factor f. The technique is discussed for laminar and
turbulent Aow in Secs. 5.5 and 5.6, respectively.

5.5 FRICTIONAL LOSSES IN LAMINAR FLOW

Darcy’s equation can be used to find head losses in pipes experiencing laminar
flow by noting that for laminar flow the friction factor equals the constant 64
divided by the Reynolds number:

64
= (5-5)

Substituting Eq. (5-5) into Eq. (5-4) yields the Hagen-Poiseuille equation,
which is valid for laminar flow only:

-

i

The following example illustrates the use of the Hagen-Poiseuille equation.

© Examrie 53
~ For the system of Example 5-1, find the head loss due to friction in units of psi for a
length of pipe. The oil has a specific gravity of 0.90.

 Solution From Eq. (5-6) we solve for the head loss in units of feet of ol

ey
"~ 7 (g) (@I) — 154 ft
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| Nowe that the units bor 11, o a8 I P ok o  conclude that 154 ft-1b of
energy lS lest by' each peund of oil as it flows through the 100-ft length of pipe.
2-8), we converl head loss in units of feet Of oil to pressure loss in

units of pSl ' : .
e - P=q 433)(154}(0 90) = 60 psi
 Thus lhem is a»&t}psu preqqure loss as the oil ﬂuws through the 100-ft length of

: plpe This pressure loss is due to fnctlon

EXAMFLE 54

For the system @fE;t"' 'plﬁ 5 2, ﬁﬂd the h&ad loss due to fhctton for a SQ«m length of
pipe. Vi = 8390 Nf"m i

. .

250 (0050) (2><930 326“‘“”"

.Salqﬂon . me Eq 5

 The pressure drop is

AP =y (=%) X Hy (m) = 8800 x 327 = 28,700 Pa = 28.7 kPa

5.6 FRICTIONAL LOSSES IN TURBULENT FLOW

Darcy’s equation will be used for calculating energy losses in turbulent fluid flow.
However, the friction factor cannot be represented by a simple formula as was the
case for laminar flow. This is due to the random and fluctuating movement of the
fluid particles,

For turbulent flow, experiments have shown that the friction factor is a
function of not only the Reynolds number but also the relative roughness of the
pipe. The relative roughness is defined as the pipe inside surface roughness &
(Greek letter epsilon) divided by the pipe inside diameter D:

relative roughness = £ (5-7)

D

Figure 5-6 illustrates the physical meaning of the pipe inside surface rough-
ness g, which is called the absolute roughness.

S 1
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Figure 5-6. Pipe absolute roughness
(e).

Pipe roughness values depend on the pipe material as well as the method of
manufacture. Figure 5-7 gives typical values of absolute roughness for various
types of pipes.

It should be noted that the values given in Fig. 5-7 are average values for new
clean pipe. After the pipes have been in service for a time, the roughness values
may change significantly due to the buildup of deposits on the pipe walls.

To determine the value of the friction factor for use in Darcy’s equation, we
use the Moody diagram shown in Fig. 5-8. This diagram contains curves that were
determined by data taken by L. F. Moody. The curves represent values of friction
factor as a function of Reynolds number and relative roughness. Thus if we know
the Reynolds number and relative roughness, we can quickly determine the fric-
tion factor.

The following important characteristics should be noted about the Moody
diagram:

1. It is plotted on logarithmic paper because of the large range of values en-
countered for fand Ng.

2. At the left end of the chart (Reynolds numbers less than 2000) the straight
line curve gives the relationship for laminar flow: f = 64/Ng.

ABSOLUTE ROUGHNESS
TYPE COF PIPE e(ft) e{mm}
GLASS OR PLASTIC SMOOTH SMOOTH
DRAWN TUBING 0.000005 0.0015
COMMERCIAL STEEL OR
WROUGHT IRCON 0.00015 0,046
ASPHALTED CAST IRON 0.0004 0.12
GALVANIZED IRON 0.0005 0.15
NG e BRI Ree Figure 5-7. Typical values of absol
RIVETED STEEL 0.008 1.8 roughness.
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Learning Objectives

202

Upon completing this chapter, you should be able to

1.

£ W T b

P

11.

Distinguish between positive displacement and nonpositive displacement
pumps.

Describe the pumping action of pumps.

Explain the operation of gear, vane, and piston pumps.

Determine the design flow rate delivered by positive displacement pumps.
Differentiate between axial and radial piston pumps.

Understand the difference between fixed displacement and variable dis-
placement pumps.

Explain the operation of pressure-compensated pumps.

. Distinguish between bent-axis-type piston pumps and the swash plate de-

sign.

. Differentiate between internal and external gear pumps.
10.

Evaluate the performance of pumps by determining the volumetric, mechan-
ical, and overall efficiencies.

Explain the phenomenon called pump cavitation and identify ways to elimi-
nate its occurrence.

. Compare the various performance factors of gear, vane, and piston pumps.

13.

Understand the significance of sound intensity levels in decibels.
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The theoretical flow rate (in English units) is determined next:
Oy (in.*min) = Vp (in.%/rev) X N (rpm)
Since 1 gal = 231 in.?, we have

_ VpN
QO (gpm) = 21 (6-1)

Using metric units, we have

0r () = vo () x

min rev.

N (&) (6-1M)
min

Equations (6-1) and (6-1M) show that the pump flow varies directly with
speed [see Fig. 6-5(a)]. Hence, the theoretical flow is constant at a given speed, as
shown by the solid line in Fig. 6-5(b).

There must be a small clearance (less than 0.001 in.) between the teeth tip
and pump housing. As a result, some of the oil at the discharge port can leak
directly back toward the suction. This means that the actual flow rate 0, is less
than the theoretical flow rate Qr, which is based on volumetric displacement and
pump speed. This internal leakage, which is called pump slippage, is identified by
the term volumetric efficiency v, which is usually greater than 90% for positive
displacement pumps, operating at design pressure:

O _
n===x 100 (6-2)
Or
INTERNA S
FLOW (Q) PRESSURE (P} N FL&:OS
1‘ =
A
\
PP

AcTUAL V[ THEORETICAL

N FLOW CURVE FLOW CURVE
LINEAR 1
RELATIONSHIP
0 = SPEED (N} 0 FLOW (Q)
OT
{a) FLOW VERSUS SPEED CURVE {b) FLOW VERSUS PRESSURE CURVE

AT CONSTANT PUMP SPEED

Figure 6-5. Positive displacement pump Q versus N and P versus Q curves. (a)
Flow versus speed curve, (b) Flow versus pressure curve at constant pump speed.
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The higher the discharge pressure, the lower the volumetric efficiency be-
cause internal leakage increases with pressure. This is shown by the dashed line in
Fig. 6-3(b). Pump manufacturers usually specify volumetric efficiency at the pump
rated pressure. The rated pressure of a positive displacement pump is that pres-
sure below which no mechanical damage due to overpressure will occur to the
pump and the result will be a long reliable service life. Too high a pressure not
only produces excessive leakage but also can damage a pump by distorting the
casing and overloading the shaft bearings. This brings to mind once again the need
for overpressure protection. Also keep in mind that high pressures occur when a
large load or resistance to flow is encountered.

- Agear pump has a 3»iﬁ outside diameter, a 2-in. inside diameter, éﬁdaf-m width. If

- the actual pump ﬂew a.t 18{)0 rpm and rated pressure 1s 28 gpm, whal is the volumet~ :
; ;rlc efﬁmency” : -

i Solatwn Flnd the d;sp%accment volume:

= 7 (3 ~ @PID) = 393 in

Nexz, uSe Eq (6 ]} to find the theoretical flow rate:

o  VpN  (3.93)1800) _
:.. o . Q} 231 = o =306 gpm

Thc votumetnc ef”ﬁ(:lency is Lhen found:

'___n-'—SOElXIGG 913/5

'Exmfmf 6-2 o
; A gea: p{lmp has a ’?Samm outsuie dlameter a 50-mm msxde drameter and a 25-mm

-~ width. If the volumetrlc E:fﬁ(:lency is 90% at rated presszlre what is the correspond-
ing ﬁew rale” The pump spead is 1000 rpm. .

-i'Squrmn The volume displaccment lS ﬁ

v _' = t(e e;m)z (o 050)21(0 025) 0, 0000614 Fé; "

- e . 3‘ St
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ext, combine I as. (6-1M) aﬁajtfgz)-:u; ﬁﬁd-i_;ggfmaieﬂqw.m{e; .

:--:'--Q | ¥- ﬁQr = Vo (ri) x N {mm)

m
«090><00000614x1000 0055%5;1

; .. QA - 55-.3 sain -*0922 .

Figure 6-6 is a photograph showing detailed features of an external gear
pump. Also shown is the hydraulic symbol used to represent fixed displacement
pumps in hydraulic circuits. This external gear pump uses spur gears (teeth are
parallel to the axis of the gear), which are noisy at relatively high speeds. To
reduce noise and provide smoother operation, helical gears (teeth inclined at a
small angle to the axis of the gear) are sometimes used. However, these helical
gear pumps are limited to low-pressure applications (below 200 psi) because they
develop excessive end thrust due to the action of the helical gears. Herringbone
gear pumps eliminate this thrust action and thus can be used to develop much
higher pressures (above 750 psi). Herringbone gears consist basically of two rows
of helical teeth cut into one gear. One of the rows of each gear is right-handed and
the other is left-handed to cancel out the axial thrust force, Herringbone gear
pumps operate as smoothly as helical gear pumps and provide greater flow rates
with much less pulsating action.

Figure 6-7 illustrates the configuration and operation of the internal gear
pump. This design consists of an internal gear, a regular spur gear, a crescent-
shaped seal, and an external housing. As power is applied to either gear, the
motion of the gears draws fluid from the reservoir and forces it around both sides
of the crescent seal, which acts as a seal between the suction and discharge ports.
When the teeth mesh on the side opposite to the crescent seal, the fluid is forced to
enter the discharge port of the pump.

Figure 6-8 provides a cutaway view of an internal gear pump that contains its
own built-in safety relief valve.

Also in the general family of gear pumps is the lobe pump, which is illus-
trated in Fig. 6-9. This pump operates in a fashion similar to the external gear
pump. But unlike the external gear pump, both lobes are driven externally so that
they do not actually contact each other. Thus, they are quieter than other types of ;
gear pumps. Due to the smaller number of mating elements, the lobe pump output
will have a somewhat greater amount of pulsation, although its volumetric dis- ;
placement is generally greater than that for other types of gear pumps.
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Figure 6-6. Photograph showing detailed features of an external gear pump.
(Courtesy of Webster Electric Company, Inc., subsidiary of STA-RITE Industries,
Inc., Racine, Wisconsin.)

6. THROUGH THIS
1. OIL ENTERING HERE,.. PORT,

5. TO THIS POINT,
WHERE COMNSTANT
MESHING OF TWD
2. BY THE CONSTANT GEARS FORCES OIL ..
WITHDRAWAL OF TEETH

ON THIS GEAR... CRESCEMNT SEAL

INNER GEAR 7 \——
3. FROM THE SPACES 4, 15 CARRIED IN THESE
BETWEEN THE TEETH OF SPACES. ..

THIS INTERNAL GEAR., .

Figure 6-7. Operation of an internal gear pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Trov, Michigan.)
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Figure 6-8. Cutaway view of an internal gear pump with built-in safety relief
valve. (Courtesy of Viking Pump Division of Houdaille Industries, Inc., Cedar
Falls, fowa.)

The Gerotor pump, shown in Fig. 6-10, operates very much like the internal
gear pump. The inner gear rotor (Gerotor element) is power-driven and draws the
outer gear rotor around as they mesh together. This forms inlet and discharge
pumping chambers between the rotor lobes. The tips of the inner and outer rotors
make contact to seal the pumping chambers from each other. The inner gear has
one tooth less than the outer gear, and the volumetric displacement is determined
by the space formed by the extra tooth in the outer rotor.

Figure 6-11 is a photograph of an actual Gerotor pump. As can be seen, this
is a simple type of pump since there are only two moving parts.

OUTLET

Figure 6-9. Operation of the lobe
pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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GEROTOR ELEMENT CASE

FEMALE GEAR ROTOR

DISCHARGL PORT <= INLET PORT

Figure 6-10. Operation of the Gerotor pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp, Troy, Michigan.)

The screw pump (see Fig. 6-12) is an axial flow positive displacement unit.
Three precision ground screws, meshing within a close-fitting housing, deliver
nonpulsating flow quietly and efficiently. The two symmetrically opposed idler
rotors act as rotating seals, confining the fluid in a succession of closures or
stages. The idler rotors are in rolling contact with the central power rotor and are
free to float in their respective housing bores on a hydrodynamic oil film. There
are no radial bending loads. Axial hydraulic forces on the rotor set are balanced,
eliminating any need for thrust bearings.

In Fig. 6-13, we see a cutaway view of an actual screw pump. It is rated at
500 psi and can deliver up to 123 gpm. High-pressure designs are available for
3500-psi operation with output flow rates up to 88 gpm.

Figure 6-11. Gerotor pump. (Courtesy
of Brown & Sharpe Mfg. Co., Man-
chester, Michigan.)
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,f i i Inlet Cutlet

Power Rotor

Ball Bearing

Idler Rotor Balance Piston

Balance Cup Rotor Housing Mechanical Seal

Figure 6-12. Nomenclature of a screw pump. (Courtesy of DeLaval, IMO Pump
Division, Trenton, New Jersev.)

6.5 VANE PUMPS

Figure 6-14 illustrates the operation of a vane pump. The rotor, which contains
radial slots, is splined to the drive shaft and rotates inside a cam ring. Each slot
contains a vane designed to mate with the surface of the cam ring as the rotor
turns. Centrifugal force keeps the vanes out against the surface of the cam ring.
During one-half revolution of rotor rotation, the volume increases between the
rotor and cam ring. The resulting volume expansion causes a reduction of pres-

Figure 6-13. Screw pump. (Courtesy
of DelLaval, IMO Pump Division,
Trenton, New Jersev.)
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CAM RING SURFACE

2. 15 CARRIED AROUND ROTOR
RING IN PUMPING CHAMBERS A SIDE LOAD IS5 EXERTED

ON BEARINGS BECAUSE

PUMPING OF PRESSURE UNBALANCE.
CHAMBERS

ECCENTRICITY
SHAFT

OUTLET

)

1. OIL ENTERS AS SPACE
BETWEEN RING AMND

ROTOR | NC REASES 3. AND 15 DISCHARGED

AS SPACE DECREASES.

CASTING VANES

Figure 6-14. Vane pump operation. (Courtesy of Sperry Vickers, Sperry Rand
Corp., Trov, Michigan.)

sure. This is the suction process, which causes fluid to flow through the inlet port
and fill the void. As the rotor rotates through the second half revolution, the
surface of the cam ring pushes the vanes back into their slots, and the trapped
volume is reduced. This positively ejects the trapped fluid through the discharge
port.

Careful observation of Fig. 6-14 will reveal that there is an eccentricity
between the centerline of the rotor and the centerline of the cam ring. If the
eccentricity is zero, there will be no flow. The following analysis and nomencla-
ture is applicable to the vane pump:

D¢ = diameter of cam ring (in., m)

Dy = diameter of rotor (in., m)
L = width of rotor (in., m)
N = rotor rpm
Vp = pump volumetric displacement (in.?, m?)

e = eccentricity (in., m)
€max = Maximum possible eccentricity (in., m)

Vp,.. = maximum possible volumetric displacement (in.?, m?)
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From geometry, we can find the maximum possible eccentricity:

D¢ — Dg
Cmax — #

This maximum value of eccentricity produces a maximum volumetric dis-
placement:

Vo, = 3 (DE = DL

Rearranging, we have

Vb

(e

- }[ (D¢ + Dp)(D¢ — Dr)L

Substituting the expression for en,, yields

.

VDmux 4

(D(L' + fo}(zemax}[f
The actual volumetric displacement occurs when e, = e:
w
Y= 3 (D¢ + DgleL (6-3)

Some vane pumps have provisions for mechanically varying the eccentric-
ity. Such a design is called a variable displacement pump and is illustrated in Fig.
6-15. A handwheel or a pressure compensator can be used to move the cam ring to
change the eccentricity. The direction of flow through the pump can be reversed
by movement of the cam ring on either side of center.

The design we see in Fig. 6-15 is a pressure-compensated one in which
system pressure acts directly on the cam ring via a hydraulic piston on the right
side (not shown). This forces the cam ring against the compensator spring-loaded
piston on the left side of the cam ring. If the discharge pressure is large enough, it
overcomes the compensator spring force and shifts the cam ring to the left. This
reduces the eccentricity, which is maximum when discharge pressure is zero. As
the discharge pressure continues to increase, zero eccentricity is finally achieved,
and the pump flow becomes zero. Such a pump basically has its own protection
against excessive pressure buildup, as shown in Fig. 6-16. When the pressure
reaches a value called P, the compensator spring force equals the hydraulic
piston force. As the pressure continues to increase, the compensator spring is
compressed until zero eccentricity is achieved. The maximum pressure achieved
is called Pyeadnesas at which point the pump is protected because it attempts to



PRESSURE COMPENSATOR
ADJUSTMENT [TURN

CLOCKWISE TO INCREASE
SETTING)

THRUST BLOCK

PRESSURE RING

MAXIMUM DISPLACEMENT
ADJUSTMENT ITURN
CLOCKWISE TO REDUCE
MAX IMUM FLOW|

VALVE PLATE

COVER PLATE

SPACER RING FIXES
CLEARANCE BETWEEN
ROTOR AND PLATES.

Figure 6-15. Variable displacement, pressure-compensated vane pump. (Cour-
tesy of Brown & Sharpe Mfe. Co., Manchester, Michigan.)

PRESSURE (P}
y SLOPE DEPENDS
__ ONSTIFFNESS OF
P _ COMPENSATOR SPRING
DEAD HEAD

PCL..'T OFF

0 —» FLOW (Q)

Figure 6-16. Pressure versus flow for
0 BT Braax pressure-compensated vane pump.
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Figure 6-17. Cutaway photograph of pressure-compensated vane pump. (Cour-
tesy of Continental Hydraulics, Division of Continental Machines, Inc., Savage,
Minnesota.)

produce no more flow. As a result there is no horsepower wasted and fluid heating
is reduced.

Figure 6-17 shows the internal configuration of an actual pressure-compen-
sated vane pump. This design contains a cam ring that rotates slightly during use,
thereby distributing wear over the entire inner circumference of the ring.

OUTLET
ROTATION " ROTATION
INLET Nk,

CAM RING S

OUTLET
INLET

OPPOSING PRESSURE PORTS
CANCEL SIDE LOADS ON

DRIVE SHAFT SHAFT

Figure 6-18. Balanced vane pump principles. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Notice in Figs. 6-14 and 6-15 that a side load is exerted on the bearings of the
vane pump because of pressure unbalance. This same undesirable side load exists
for the gear pump of Fig. 6-4. Such pumps are hydraulically unbalanced.

A balanced vane pump is one that has two intake and two outlet ports
diametrically opposite each other. Thus, pressure ports are opposite each other,
and a complete hydraulic balance is achieved. One disadvantage of a balanced
vane pump is that it cannot be designed as a variable displacement unit. Instead of
having a circular cam ring, a balanced design vane pump has an elliptical housing,
which forms two separate pumping chambers on opposite sides of the rotor. This
eliminates the bearing side loads and thus permits higher operating pressures.
Figure 6-18 shows the balanced vane pump principle of operation.

Figure 6-19 is a cutaway view of a balanced vane pump containing 12 vanes
and a spring-loaded end plate. The inlet port is in the body, and the outlet is in the
cover, which may be assembied in any of four positions for convenience in piping.

o 'Emrm 66 . o o _
. A vane pump is t{) have a voiumemc dlsplacunent of Sinl. It has a rotor dlameter of

. 2in., a cam rmg dtameier of 3 m and a vane width of 2 in. What must be the
. eccantncﬁy‘? i . e

_i-e'Sol;;_tian- Use B .s(6-3)

. 214, (2}{5}
wwrwm_ w2 + 300

~G318m

OUTLET

coverR—__|
PRESSURE PLATE

ROTOR BODY

VANE

SHAFT

Figure 6-19. Cutaway view of balanced vane pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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mm, a cam rmg diameter le 75 mm, and a
8 mm determme the wolumemc dnptace-

6.6 PISTON PUMPS

A piston pump works on the principle that a reciprocating piston can draw in fluid
when it retracts in a cylinder bore and discharge it when it extends. The basic
question is how to mechanize a series of reciprocating pistons. There are two
basic types of piston pumps. One is the axial design, having pistons that are
parallel to the axis of the cylinder block. Axial piston pumps can be either of the
bent axis configuration or of the swash plate design. The second type of piston
pump is the radial design, which has pistons arranged radially in a cylinder block.

Figure 6-20 shows an axial piston pump (bent-axis type) that contains a
cylinder block rotating with the drive shaft. However, the centerline of the cylin-
der block is set at an offset angle relative to the centerline of the drive shaft. The
cylinder block contains a number of pistons arranged along a circle. The piston
rods are connected to the drive shaft flange by ball and socket joints. The pistons
are forced in and out of their bores as the distance between the drive shaft flange
and cylinder block changes. A universal link connects the block to the drive shaft
to provide alignment and positive drive.

The volumetric displacement of the pump varies with the offset angle 6 as
shown in Fig. 6-21. No flow is produced when the cylinder block centerline is
parallel to the drive shaft centerline. # can vary from 0° to a maximum of about
30°. Fixed displacement units are usually provided with 23° or 30° offset angles.

Variable displacement units are available with a yoke and some external
control to change the offset angle. One such design, which uses a stroking cylin-
der, is shown in Fig. 6-22. Some designs have controls that move the yoke over
the center position to reverse the direction of flow through the pump.

Figure 6-23 is a cutaway of a variable displacement piston pump in which an
external handwheel can be turned to establish the desired offset angle. Also
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UNIVERSAL LINK

PISTON ROD

CYLINDER BLOCK
ROTATING SHAFT CAUSES

PISTON PISTONS TO RECIPROCATE

OIL FORCED TO
QUTLET AS PISTOMN
15 PUSHED BACK
INTO CYLINDER

TO OUTLET

PISTON IS WITHDRAWING
FROM BORE AT INLET

FROM INLET

Figure 6-20. Axial piston pump (bent-axis type). (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)

<

MAXIMUM PISTON STROKE

~’———:_:|— MAXIMUM ANGLE

rREDUCED STROKE
A1 LESS ANGLE

NO STROKE

Figure 6-21. Volumetric displacement
changes with offset angle. (Courtesy of
2 ¥ - ll NO ANMGLE Sperry Vickers, Sperry Rand Corp.,

RSy

Troy, Michigan.)
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CYLINDER
BLOCK

PISTON

DRIVE SHAFT
FLANGE

YOKE HOLDING

YOKE CAN BE CYLINDER

POSITIONED TO
VARY DISPLACEMENT Y,

VALVE PLATE

DRIVE SHAFT

VALVE BLOCK

YOKE STROKING
CYLINDER

UNIVERSAL LINK

Figure 6-22. Variable displacement piston pump with stroking cylinder. (Cour-
tesy of Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

shown is the hydraulic symbol used to represent variable displacement pumps in

hydraulic circuits.
The following nomenclature and analysis are applicable to an axial piston

pump:

offset angle (°)

S5
Il

n
I

piston stroke (in., m)
D = piston circle diameter (in. m)
Y = number of pistons

A = piston area (in.2, m?)
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VALVE PLATE PISTONS OUTLET FLANGE
OQUTLET FLOW _ -
OUTLET PINTLE

INLET FLOW

DRIVE SHAFT

VALVE

BLOCK INLET PINTLE

ACTUATING CONTROL

cy LO
LINDER BLOCK (HANDWHEEL TYFE)

Figure 6-23. Variable displacement piston pump with handwheel. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

From trigonometry we have

_s
tan(#) = D
or
S = D tan(6)

The total displacement volume equals the number of pistons multiplied by
the displacement volume per piston:

Vp = YAS
Substituting, we have
Vp = YAD tan(6) (6-4)
From Eq. (6-1) we obtain, upon substitution and using English units,

_ DANY tan(6)

@=""m &3]
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Similarly, using Eq. (6-1M) for metric units, we have

Q = DANY tan(6) (6-5M)

elwerslé gpm at 3000 rmehe .

n a 5-in. piston circle diameter

. mhe
ONm/A)HI3000)0)

at an axial piston pump delivers at 1000 rpm. The
istons arranged on a 125-mm piston circle diamete

Figure 6-24 provides a photograph and sketch illustrating the swash plate
design in-line piston pump. In this type, the cylinder block and drive shaft are
located on the same centerline. The pistons are connected to a shoe plate, which
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SPHERICAL
WASHER

PISTON SHOE

PINS TRANSMIT
SPRING FORCE
TO SPHERICAL
WASHER WHICH
IN TURN HOLDS

PISTON SHOE PLATE
(RETRACTOR RING)
SHOE PLATE ouT.
PISTON SHOE PLATE

PORT CONMNECTIONS (RETRACTING RING)

SWASH PLATE

BEARING

VALVE PLATE DRIVE SHAFT

SHAFT SEAL
ROTATING GROUP HOUSING

Figure 6-24. In-line design piston pump. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)

bears against an angled swash plate. As the cylinder rotates (see Fig. 6-25), the
pistons reciprocate because the piston shoes follow the angled surface of the
swash plate.

The outlet and inlet ports are located in the valve plate so that the pistons
pass the inlet as they are being pulled out and pass the outlet as they are being
forced back in. This type of pump can also be designed to have variable displace-
ment capability. In such a design, the swash plate is mounted in a movable yoke,
as depicted in Fig. 6-26. The swash plate angle can be changed by pivoting the
yoke on pintles (see Fig. 6-27). Positioning of the yoke can be accomplished by
manual operation, servo control, or a compensator control, as shown in Fig. 6-26.
The maximum swash plate angle is limited to 173° by construction.
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2. AND ARE FORCED
VALVE PLATE SLOT BACK IN AT OUTLET

PISTON SUB-ASSEMBLY

PORT
|
9
INLET ////
PORT \ DRIVE SHAFT
SWASH PLATE
SHOE PLATE

CYLINDER BLOCK BORE (RETRACTOR RING)

1. PISTONS WITHDRAW
FROM BORE AT INLET

Figure 6-25. Swash plate causes pistons to reciprocate. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)

The operation and construction of a radial piston pump is illustrated in Fig.
6-28. This design consists of a pintle to direct fluid in and out of the cylinders, a
cylinder barrel with pistons, and a rotor containing a reaction ring. The pistons
remain in constant contact with the reaction ring due to centrifugal force and back
pressure on the pistons. For pumping action, the reaction ring is moved eccentri-
cally with respect to the pintle or shaft axis. As the cylinder barrel rotates, the

YOKE PIVOTS TO CHANGE
SWASH PLATE ANGLE
COMPENSATGR

SHAFT SEAL

BEARING

PORT
CONNECTIONS

VALVE PLATE

ROTATING GROUP
PINTLE

Figure 6-26. Variable displacement
version of in-line piston pump, (Cour-
SWASH DRIVE SHAET tesy of Sperry Vickers, Sperry Rand
HOUSING PLATE Corp., Troy, Michigan.)
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14. Explain the causes of pump noise and identify ways to reduce noise levels.

15. Describe the sequence of operations used to select a pump for a given
application.

16. Describe the operation of a pressure intensifier and identify typical applica-
tions.

6.1 INTRODUCTION

A pump, which is the heart of a hydraulic system, converts mechanical energy
into hydraulic energy. The mechanical energy is delivered to the pump via a prime
mover such as an electric motor. Due to mechanical action, the pump creates a
partial vacuum at its inlet. This permits atmospheric pressure to force the fluid
through the inlet line and into the pump. The pump then pushes the fluid into the
hydraulic system.

There are two broad classifications of pumps as identified by the fluid power
industry.

1. Nonpositive displacement pumps: This type is generally used for low-
pressure, high-volume flow applications. Because they are not capable of with-
standing high pressures, they are of little use in the fluid power field. Normally
their maximum pressure capacity is limited to 250-300 psi. This type of pump is
primarily used for transporting fluids from one location to another.

2. Positive displacement pumps: This type is universally used for fluid power
systems. As the name implies, a positive displacement pump ejects a fixed amount
of fluid into the hydraulic system per revolution of pump shaft rotation. Such a
pump is capable of overcoming the pressure resulting from the mechanical loads
on the system as well as the resistance to flow due to friction. These are two
features that are desired of fluid power pumps. These pumps have the following
advantages over nonpositive displacement pumps:

a. High-pressure capability (up to 10,000 psi or higher)

b. Small, compact size

¢. High volumetric efficiency

d. Small changes in efficiency throughout the design pressure range

e. Great flexibility of performance (can operate over a wide range of pressure
requirements and speed ranges)

There are three main types of positive displacement pumps: gear, vane, and
piston. Many variations exist in the design of each of these main types of pumps.
For example, vane and piston pumps can be of either fixed or variable displace-
ment. A fixed displacement pump is one in which the amount of fluid ejected per
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Figure 6-27. Variation in pump displacement. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.).

pistons on one side travel outward. This draws in fluid as each cylinder passes the
suction ports of the pintle. When a piston passes the point of maximum eccentric-
ity, it is forced inward by the reaction ring. This forces the fluid to enter the
discharge port of the pintle. In some models, the displacement can be varied by
moving the reaction ring to change the piston stroke.

Figure 6-29 provides a photograph of a cutaway view of an actual radial
piston pump that has variable displacement, pressure-compensated discharge.
This pump is available in three sizes (2.40-, 3.00-, and 4.00-in.” volumetric dis-
placements) and weighs approximately 60 lb. Variable displacement is accom-
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CYLINDER BLOCK
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REACTION RING

Figure 6-28. Operation of a radial piston pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Figure 6-29. Cutaway view of a radial
piston pump. {Courtesy of Deere &
Co., Moline, Hiinois.)

plished by hydraulic rather than mechanical means and is responsive to discharge
line pressure.

6.7 PUMP PERFORMANCE

The performance delivered by a pump is primarily a function of the precision of its
manufacture. Components must be made to close tolerances, which must be
maintained while the pump is operating under design conditions. The maintenance
of close tolerances is accomplished by designs that have mechanical integrity and
balanced pressures.

Theoretically the ideal pump would be one having zero clearance between all
mating parts. Although this is not feasible, working clearances should be as small
as possible while maintaining proper oil films for lubrication between rubbing
parts.

Pump manufacturers run tests to determine performance data for their vari-
ous types of pumps. The overall efficiency of a pump can be computed by compar-
ing the power available at the output of the pump to the power supplied at the
input. Overall efficiency can be broken into two distinct components called volu-
metric and mechanical efficiencies.

1. Volumetric efficiency (v,): Volumetric efficiency indicates the amount of
leakage that takes place within the pump. This involves considerations such as
manufacturing tolerances and flexing of the pump casing under design pressure
operating conditions:
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actual flow rate produced by pump
theoretical flow rate pump should produce

QA

Mo = X 100 = % 100 (6-6)

Volumetric efficiencies typically run from 80% to 90% for gear pumps, 82%
to 92% for vane pumps, and 90% to 98% for piston pumps.

2. Mechanical efficiency (v),,): Mechanical efficiency indicates the amount of
energy losses that occur due to reasons other than leakage. This includes friction
in bearings and between other mating parts. It also includes energy losses due to
fluid turbulence. Mechanical efficiencies typically run from 90% to 95%:

theoretical power required to operate pump
actual power delivered to pump

x 100

MNm =

or

_ bump output power assuming no leakage
input power delivered to pump

x 100

Using English units and horsepower for power yields

PQ;/1714

m = TNI63.000 < 100 6-7)

In metric units, using watts for power,

PQ;
M = T5F X 100 (6-TM)

The parameters of Eqs. (6-7) and (6-7M) are defined as follows in conjunc-
tion with Fig. 6-30:

P = measured pump discharge pressure (psi, Pa)

Or

calculated theoretical pump flow rate (gpm, m'/s)

T = measured input torque in prime mover shaft of pump (in.-1b, N-m)
N = measured pump speed (rpm, rad/s)

Mechanical efficiency can also be computed in terms of torques:

theoretical torque required to operate pum
A - PP 10 =22 100 6D
actual torque supplied to pump T,

Nm =
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Equations for evaluating Ty and T, are given as follows:

Vp (in.3) x P (psi)

Tr (in.:lb) = o (6-9)
or
1% 3 .
T ey = YO0) 0 B (PR (6-9M)
2
_ horsepower supplied to pump X 63,000
Ta N trom) (6-10)
or
T, = power supplied to pump (W) (6-10M)
(rad)
N o
h
where

3. Overall efficiency (v,): The overall efficiency considers all energy losses
and is defined mathematically as follows:

volumetric efficiency X mechanical efficiency
100

overall efficiency =
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Substituting from Eq. (6-6) and (6-7). we have (for English units)

N _ Q4 100 POITIA
T = a0 (0. 100 < 100
' 100 Of 100 TN/63.000

Canceling hike terms yields

POTI4 pump output horsepower
—— % ) = ———— —

M TNI63.000 pump input horsepower

A 100 (6-11)

Repeating this substitution for metric units [using Egs. (6-6) and (6-7M)] vields

!)
oy = D00
IN pump input power

UMp outpul power
- | rey s 100

(6-11M)

f\ pump h&ﬁ a di‘%phu.cmcnt \o}umt,, of Sin.. It deliv ers 20 g gpm al m()(} rpm and IUUU

"-_ _psl If the pnme mover mpm mrqm: 15 90() in.-lh,

_ a. thl is the overall L‘i“fiLlLﬂL} af l‘ht pump

b, Wh !1 is l:hf., Ihwrf,tlwl torque rt:qmrui 1o opuate the pump

'. Solurfcm
0 4 Um. I:q (6 13 1o hml tht, lhem ehux[ flow rate:

'.,, _ (5)(1000)

""1hc \»olumum cHlUan ¥

Qa’ jG; : . + m: o
: _:_.‘r:.te-: 0 :>< 100 = 57 x 100 = 92.6%

N e“ :S'QH-';;- f

Then stil\;é_-__ﬁ:ir-the -m‘ec:hamcal“efﬁcienr_:,v:‘ ;

PO L ;m [C1000)21.6)}/1714
- TNIG3000 ~ [O00Y10001T63,000

-f-:Emdll} we acﬂ»c for the Ommll Efﬁunm\f

; M Y2 6 % 88 1
.

= Rl 6%

":h',?\ e 1,17;,,, = . 900 x 0. 881 = 793 in.-Ib

% 100 = 88.1%

lhu’; due ta} mechdmcﬂl losses w:[hm the pump. 900 in.-Ib of torgue are

- -r_¢‘Q_U”--‘-d to drive the pump instead of 793 in.-1b.
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Pump manufacturers specify pump performance characteristics in the form
of graphs. Test data are obtained initially in tabular form and then put in graphical
form for better visual interpretation. Figure 6-31 represents typical performance
curves obtained for a 6-in.? variable displacement pump operating at full displace-
ment. The upper graph gives curves of overall and volumetric efficiencies as a
function of pump speed (rpm) for pressure levels of 3000 and 5000 psi. The lower
graph gives curves of pump input horsepower (hp) and pump output flow (gpm) as
a function of pump speed for the same two pressure levels.

Performance curves for the radial piston pump of Fig. 6-29 are presented in
Fig. 6-32. Recall that this pump comes in three different sizes:

PR24.

PR30:

2.40-in.” displacement

3.00-in.? displacement

PR40: 4.00-in.? displacement

Thus, there are three curves on two of the graphs. Observe the linear rela-
tionship between discharge flow (gpm) and pump speed (rpm). Also note that the
discharge flow of these pumps is nearly constant over a broad pressure range.
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Figure 6-32. Performance curves of radial piston pumps. (Courtesy of Deere &

Co., Moline, Iflinois.)
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PUMP PRESSURE SPEED OVERALL HP FLOW COST
TYPE RATING RATING | EFFICIENCY PER LB CAPACITY | (DOLLARS
(P51} {RPM]} [PER CENT) RATIO {GPM) PER HP)
EXTERNAL GEAR 2000- 1200- 80-50 2 1-150 4-8
3000 2500
INTERNAL GEAR 500— 1200- 70-B5 2 1-200 4-8
2000 2500
VANE 1000~ 1200 80-85 2 . 1-B0O 6-30
2000 1800
AXIAL PISTON 2000- 1200 90-98 4 1-200 6-50
12,000 3000
RADIAL PISTON 3000- 1200- 85-85 3 1-200 5-35
12,000 1800

Figure 6-33. Comparison of various performance factors for pumps,

Discharge flow is infinitely variable between the point of inflection on the con-
stant-discharge portion of the curve and zero flow. The volumetric and overall
efficiency curves are based on a 2000-psi pump pressure.

Figure 6-33 contains a chart showing a comparison of various performance
factors for hydraulic pumps. In general, gear pumps are the least expensive but
also provide the lowest level of performance. In addition, gear pump efficiency is
rapidly reduced by wear, which contributes to high maintenance costs. The volu-
metric efficiency is greatly affected by the following leakage losses, which can
rapidly accelerate due to wear:

1. Leakage around the outer periphery of the gears
2. Leakage across the faces of the gears
3. Leakage at the points where the gear teeth make contact

Gear pumps are simple in design and compact in size. Therefore, they are
the most common type of pump used in fluid power systems. The greatest number
of applications of gear pumps are in the mobile equipment and machine tool fields.

Vane pump efficiencies and costs fall between those of gear and piston
pumps. Vane pumps have good efficiencies and last for a reasonably long period
of time. However, continued satisfactory performance necessitates clean oil with
good lubricity. Excessive shaft speeds can cause operating problems. Leakage
losses in vane pumps occur across the faces of the rotor and between the bronze
wear plates and the pressure ring.

Piston pumps are the most expensive and provide the highest level of overall
performance. They can be driven at high speeds (up to 5000 rpm) to provide a high
horsepower-to-weight ratio. They produce essentially a nonpulsating flow and can
operate at the highest pressure levels. Due to very close-fitting pistons, they have
the highest efficiencies. Since no side loads occur to the pistons, the pump life
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expectancy is at least several years. However, because of their complex design,
piston pumps cannot normally be repaired in the field.

6.8 PUMP NOISE

Noise is sound that people find undesirable. For example, prolonged exposure to
loud noise can result in loss of hearing. In addition, noise can mask sounds that
people want to hear, such as voice communication between people and warning
signals emanating from safety equipment.

The sounds that people hear come as pressure waves through the surround-
ing air medium. The pressure waves, which possess an amplitude and frequency,
are generated by a vibrating object such as a pump, hydraulic motor, or pipeline.
The human ear receives the sound waves and converts them into electrical signals
that are transmitted to the brain. The brain translates these electrical signals into
the sensation of sound.

The strength of a sound wave, which depends on the pressure amplitude, is
described by its intensity. Infensity is defined as the rate at which sound energy is
transmitted through a unit area. Note that this is the definition of power per unit
area. As such, intensity is typically represented in units of W/m?. However it is
general practice to express this energy-transfer rate in units of decibels (dB).
Decibels give the relative magnitudes of two intensities by comparing the one
under consideration to the intensity of a sound at the threshold of hearing (the
weakest intensity that the human ear can hear). One bel (1 B = 10 dB) represents a
very large change in sound intensity. Thus it has become standard practice to
express sound intensity in units of decibels.

Note that intensity and loudness are not the same, because loudness de-
pends on each person’s sense of hearing. The loudness of a sound may differ for
two people sitting next to each other and listening to the same sound. However
the intensity of a sound, which represents the amount of energy possessed by the
sound, can be measured and thus does not depend on the person hearing it.

One decibel equals approximately the smallest change in intensity that can
be detected by most people. The weakest sound intensity that the human ear can
hear is designated as 0 dB. In contrast, sound intensities of 120 dB or greater
produce pain and may cause permanent loss of hearing.

Figure 6-34 gives examples of some common sounds and the corresponding
intensity levels in decibels. As shown in Fig. 6-34, a sound level of 90 dB is
considered very loud and is represented as the sound level in a noisy factory. The
Occupational Safety and Health Agency (OSHA) stipulates that 90 dB(A) is the
maximum sound level that a person may be exposed to during an 8-hr period in the
workplace. The letter A following the symbol dB signifies that the sound level-
measuring equipment uses a filtering system that more closely simulates the sensi-
tivity of the human ear.

The sound level in dB is obtained by taking the logarithm to the base 10 of
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Figure 6-34. Common sound levels (dB).

the ratio of the intensity under consideration to the threshold of hearing intensity.
The logarithm is used because the intensity of even a moderate sound (50 dB, per
Fig. 6-34) is actually 100,000 (10°) times the smallest intensity that can be detected
by the human ear (0 dB). Using a logarithmic scale reduces this huge factor to a
more comprehensible one, as shown in the following equations:

I (B) = (6-12)

I
o8 rear. Trehl)

where
I = the intensity of a sound under consideration in units of W/m?,
I (hear. thrsh.) = the intensity of a sound at the threshold of hearing in units of
W/m?,
I (B) = the intensity of a sound under consideration in units of bels.

Thus, for a moderate sound the intensity in bels is
I (moderate sound) = log 10° = 5 B

This means that if bels are used, the intensity varies from 0 to only 12 for the entire
sound range from threshold of hearing to threshold of pain. This is a fairly re-
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revolution (displacement) cannot be varied. In a variable displacement pump, the
displacement can be varied by changing the physical relationships of various
pump elements. This change in pump displacement produces a change in pump
flow output even though pump speed remains constant.

It should be understood that pumps do not pump pressure. Instcad they
produce fluid flow, The resistance to this flow, produced by the hydraulic system,
is what determines the pressure. For example, if a positive displacement pump
has its discharge line open to the atmosphere, there will be flow. but there will be
no discharge pressure above atmospheric, because there is essentially no resis-
tance to flow. However, if the discharge line is blocked, then we have theoreti-
cally infinite resistance to flow. Hence, there is no place for the fluid to go. The
pressure will therefore rise until some component breaks unless pressure relief is
provided. This is the reason a pressure relief valve is needed when a positive
displacement pump is used. When the pressure reaches a set value, the relief
valve will open to allow flow back to the oil tank. Thus. a pressure relief valve
determines the maximum pressure level that the system will experience regardless
of the magnitude of the load resistance. A discussion of hydraulic control compo-
nents, such as pressure relief valves, is provided in Chapter 8.

Some pumps are made with variable displacement, pressure compensation
capability. Such pumps are designed so that as system pressure builds up, they
produce less flow. Finally at some predetermined maximum pressure level, the
flow output goes to zero due to zero displacement. This prevents any additional
pressure buildup. Pressure relief valves are not needed when pressure-compen-
sated pumps are used.

The hydraulic power developed by pumps is converted back into mechanical
energy by hydraulic actuators, which produce the useful work output. The subject
of power output components is covered in Chapter 7.

It should be noted that pumps are used in hydraulic systems to provide flow
of incompressible fluids (liquids) such as oil. In a pneumatic system where a
compressible fluid such as air is used, the unit that produces fluid flow is called a
compressor. Thus, in pneumatic systems, compressors perform functions similar
to those performed by pumps in hydraulic systems. Compressors are discussed in
Chapter 10.

6.2 PUMPING THEORY

All pumps operate on the principle whereby a partial vacuum is created at the
pump inlet due to the internal operation of the pump. This allows atmospheric
pressure to push the fluid out of the oil tank (reservoir) and into the pump intake.
The pump then mechanically pushes the fluid out the discharge line.

This type of operation can be visualized by referring to the simple piston
pump of Fig. 6-1. Notice that this pump contains two ball check valves, which are
described as follows:
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stricted range. To increase this range by a factor of 10, the decibel is used instead
of the bel per the following equation.

/

LUB) = 10 Jeg o Shren

(6-13)

Thus for a moderate sound, the decibel level is
I (moderate sound) = 10 log 10° = 50 dB
Likewise, for the threshold of hearing, the sound level in dB is
I (hear. thrsh.) = 10log 1 = 0 db

These values check with those provided in Figure 6-34.

Equation (6-13) can be rewritten to determine the amount that the intensity
of sound increases in units of dB if its intensity in W/m? increases by a given
factor. The applicable equation is

I (final)

dB increase = 10 log 7 Gnitial)

(6-14)

Thus for example, if the intensity (in units of W/m?) of a sound doubles, the dB
increase becomes

dB increase = 10 log 2 = 3.01 dB

This result means that if the intensity of a sound increases by only 3.01 dB, the
intensity doubles in power units of W/m?. Hence the change in the intensity of a
sound of only a few dB is significant.

Controlling noise levels is critically important in terms of preventing human
accidents due to noise masking as well as protecting against permanent loss of
hearing. Masking describes the ability of one sound to make the human ear inca-
pable of hearing a second one, such as a safety warning signal. In general, noise
reduction can be accomplished as follows:

1. Make changes to the source of the noise, such as a noisy pump. Problems
here include misaligned pump/motor couplings, improperly installed pump/
motor mounting plates, pump cavitation, and excess pump speed or pres-
sure,

2. Modify components connected to the primary source of the noise. An exam-
ple is the clamping of hydraulic piping at specifically located supports.

3. Use sound-absorption materials in nearby screens or partitions. This prac-
tice will reduce the reflection of sound waves to other areas of the building
where noise can be a problem.
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Noise is a significant parameter used to determine the performance of a
pump. Any increase in the noise level normally indicates increased wear and
imminent pump failure. Pumps are good generators but poor radiators of noise. As
such, pumps are one of the main contributors to noise in a fluid power system.
However, the noise we hear is not just the sound coming directly from the pump.
Itincludes the vibration and fluid pulsations produced by the pump as well. Pumps
are compact, and because of their relatively small size, they are poor radiators of
noise, especially at lower frequencies. Reservoirs, electric motors, and piping,
being large, are better radiators. Therefore, pump-induced vibrations or pulsa-
tions can cause them to radiate audible noise greater than that coming from the
pump. In general, fixed displacement pumps are less noisy than variable displace-
ment units because they have a more rigid construction.

As illustrated in Fig. 6-35, pump speed has a strong effect on noise, whereas
pressure and pump size have about equal but smaller effects. Since these three
factors determine horsepower, they provide a trade-off for noise. To achieve the
lowest noise levels, use the lowest practical speed (1000 or 2000 rpm where
electric motors are used, a reducer gear for engine prime movers) and select the
most advantageous combination of size and pressure to provide the needed horse-
power.

Still yet another noise problem, called cavitation, can occur due to entrained
air bubbles in the hydraulic fluid or vaporization of the hydraulic fluid. This occurs
when suction lift is excessive and the inlet pressure falls below the vapor pressure
of the fluid (usually about 5-psi suction). As a result, air or vapor bubbles, which

1200 RPM |
= 20 GFMm
2000 PSI

SPEED

DISPLACEMENT

PRESSUlFiE

\

‘ Figure 6-35. Data showing effect of
changing size, pressure, and speed on

100 150 200 250 300 noise. (Courtesy of Sperry Vickers,
OPERATING PARAMETER-PERCENT OF BASE Sperry Rand Corp., Troy, Michigan.)
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PUMP DESIGN | NOISE LEVEL (dB-A}
GEAR 80-100
VANE 65-85
PISTON 60-80 ; ;
Figure 6-37. Noise levels for various
SCREW 50-70 pump designs.

form in the low-pressure inlet region of the pump, are collapsed when they reach
the high-pressure discharge region. This produces high fluid velocity and impact
forces, which can erode the metallic components and shorten pump life.

The following rules will control or eliminate cavitation of a pump by keeping

the suction pressure above the saturation pressure of the fluid:

Keep suction line velocities below 5 ft/s.

Keep pump inlet lines as short as possible.

Minimize the number of fittings in the inlet line.

Mount the pump as close as possible to the reservoir.

Use low-pressure drop inlet filters or strainers. Use indicating-type filters
and strainers so that they can be replaced at proper intervals as they become
dirty.

Use the proper oil as recommended by the pump manufacturer. Figure 6-36
shows the preferred range of viscosities and temperatures for optimum
pump operation. The importance of temperature control lies in the fact that
increased temperatures tend to accelerate the liberation of air or vapor bub-
bles. Therefore, oil temperatures should be kept in the range of 120°F to
150°F to provide an optimum viscosity range and maximum resistance to
liberation of air or vapor bubbles to reduce the possibility of cavitation.

Pump noise is created as the internal rotating components abruptly increase

the fluid pressure from inlet to outlet. The abruptness of the pressure increases
plays a big role in the intensity of the pump noise. Thus, the noise level at which a
pump operates depends greatly on the design of the pump. Gear and vane pumps
generate a much higher noise level than do screw pumps. Figure 6-37 provides the
approximate noise levels associated with various pump designs.

6.9 PUMP SELECTION

Pumps are selected by taking into account a number of considerations for a
complete hydraulic system involving a particular application. Among these con-
siderations are flow-rate requirements (gpm), operating speed (rpm), pressure
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rating (psi), performance, reliability, maintenance, cost, and noise. The selection
of a pump typically entails the following sequence of operations:

1. Select the actuator (hydraulic cylinder or motor) that is appropriate based on
the loads encountered.

2. Determine the flow-rate requirements. This involves the calculation of the
flow rate necessary to drive the actuator to move the load through a specified
distance within a given time limit.

3. Determine the pump speed and select the prime mover. This, together with
the flow-rate calculation, determines the pump size (volumetric displace-
ment).

4. Select the pump type based on the application (gear, vane, or piston pump
and fixed or variable displacement).

5. Select the system pressure. This ties in with the actuator size and the magni-
tude of the resistive force produced by the external load on the system. Also
involved here is the total amount of power to be delivered by the pump.

6. Select the reservoir and associated plumbing, including piping, valving, hy-
draulic cylinders, and motors and other miscellaneous components.

7. Calculate the overall cost of the system.

8. Consider factors such as noise levels, horsepower loss, need for a heat
exchanger due to generated heat, pump wear, and scheduled maintenance
service to provide a desired life of the total system.

Normally the sequence of operations is repeated several times with different
sizes and types of components. After the procedure is repeated for several alter-
native systems, the best overall system is selected for the given application. This
process is called optimization. It means determining the ultimate selection of a
combination of system components to produce the most efficient overall system at
minimum cost commensurate with the requirements of a particular application.

6.10 PRESSURE INTENSIFIERS

Although a pump is the primary power source for a hydraulic system, auxiliary
units are frequently employed for special purposes. One such auxiliary unit is the
pressure intensifier or booster.

A pressure intensifier is used to increase the pressure in a hydraulic system
to a value above the pump discharge pressure. It accepts a high-volume flow at
relatively low pump pressure and converts a portion of this flow to high pressure.

Figure 6-38 shows a cutaway view of a Racine pressure booster. The internal
construction consists of an automatically reciprocating large piston that has two
small rod ends (also see Fig. 6-39). This piston has its large area (total area of
piston) exposed to pressure from a low-pressure pump. The force of the low-
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Figure 6-38. Photograph showing
cutaway view of pressure intensifier.
(Courtesy of Rexnord Inc., Hydraulic
Components Division, Racine, Wiscon-
Sin.)

pressure oil moves the piston and causes the small area of the piston rod to force
the oil out at intensified high pressure. This device is symmetrical about a vertical
centerline. Thus, as the large piston reciprocates, the left- and right-hand halves of
the unit duplicate each other during each stroke of the large piston.

The increase in pressure is in direct proportion to the ratio of the large piston
area and the rod area. The volume output is inversely proportional to this same
ratio.

high discharge pressure  area of piston _ high inlet flow rate
low inlet pressure area of rod low discharge flow rate

(6-15)
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Figure 6-39. Sketch showing oil flow paths of pressure intensifier. (Courtesy of
Rexnord Inc., Hydraulic Components Division, Racine, Wisconsin.)
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Racine pressure boosters are available with area ratios of 3:1, 5:1, and 7:1,
developing pressures to 5000 psi and flows to 7 gpm. There are many applications
for pressure intensifiers such as the elimination of a high-pressure/low-flow pump
used in conjunction with a low-pressure/high-flow pump. In an application such as
a punch press, it is necessary to extend a hydraulic cylinder rapidly using little
pressure to get the ram near the sheet metal strip as quickly as possible. Then the
cylinder must exert a large force using only a small flow rate. The large force is
needed to punch the workpiece from the sheet metal strip. Since the strip is thin,
only a small flow rate is required to perform the punching operation in a small
period of time. The use of the pressure intensifier results in a significant cost
savings in this application, because it replaces the expensive high-pressure pump
that would normally be required.

EXAMPLE. 6-8 : -
Ol at 20 gpm and 500 psi enters the low- pl‘e‘ibﬂl‘e mlet of a S 1 Racine booster. Find
the dlschdrge ﬁow and pressure. : -

'Solutfon Substltute dlrectly mto Eq (6 15)

high discharge pressure 5 o gpm

500 pb}. " " 1 low discharge flow rate

So]vmg for the unknown quamlttes, we have _

__h1g_h dls(_:hargc pressure = 5(500 psi) = 2500 psi

low discharge flow rate = %Q = 4 gpm

6.11 PUMP PERFORMANCE RATINGS IN
METRIC UNITS

Performance data for hydraulic pumps are measured and specified in metric units
as well as English units. Figure 6-40 shows actual performance data curves for a
Vickers Model VVB20 variable displacement, pressure-compensated vane pump
operating at 1200 rpm. The curves give values of flow rate (gpm), efficiency and
power (HP and kW) versus output pressure (psi and bars). This particular pump
(see Fig. 6-40) can operate at speeds between 1000 and 1800 rpm, is rated at 2540
psi (175 bars), and has a nominal displacement volume of 1.22 in.}/rev (20 cm®/
rev). Figure 6-41 shows a sectional view of this pump along with an outline
drawing containing dimensions in inches and millimeters. Although the curves
give flow rates in gpm, metric flow rates of liters per second (L/s) are frequently
specified.
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Performance Data

Typical for single pumps or sections at 1200
rem; full oil displacement at 150 SUS, 104°F
(40"C). Note compensator characteristics in
flow curve shown with each control diagram.

Model VVB020 SSHT

100 10

50 Volumetric efficiency""‘""-'—-—--_l-.__.________ i

80 -~ —=T"1—0verall efficiency 1 8
= oy —T | . | A — 10
o // e
B ] Sl e o
8& o - i 16 SE
=R |l 5 LT
=c 50 Input power, max —— s
R displacement_~7 z3
"o 40 = -~ 14 50 5
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Figure 6-40. English/metric performance curves for variable displacement, pres-
sure-compensated vane pump at 1200 rpm. (Courtesy of Vickers, Inc., Troy,
Michigan.)
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Dimensions in inches
and (millimeters).
Modei | A B [¢c]| o E F@ G H J K@ L M N P
WB020p | 472 | 583 | 56 | 3.15 | 3.84 | 5.005/4.995 | 2.13 | 504 | 335 1.111/1.101 | 1.81 | 232 | 323 | 3.23
(120) | (147) | (14} | (BO) (98) {127) {54) | (128) | (85) | (28.22/28.00) | (46} {58) (82) (82)
Sectional view
Figure 6-41, Sectional view of vane pump along with outline drawing containing

dimensions in inches and millimeters. (Courtesy of Vickers, Inc., Troy, Michi-

gan.)
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One liter equals 1000 ¢cm?® or 0.001 m? (a liter is defined as the volume of a
cube having sides of length equal to 10 ¢m). In terms of English units, the follow-
ing conversion factor is applicable since 1 in, = 2.54 cm:

1L = 1000 cm® X (s%—) = 61.0in

2.54 cm

Since 1 gt equals 231 in.*/4, or 57.7 in.?, we can conclude that 1 L equals 61.0/57.7
qt, or 1.06 qt. Thus, a liter is about 6% larger than a quart.

::-..:EXAMPLE 6 9 :
A :bump has a djspiaccmem volume of 100 cm3 It dehvera 0.0015 m¥/s at 1000 rpm
. :and 70 bars If the pr:me mover input torque is 120 N-m,

a. Whai is the overall efﬁmency of the pump?
b What is the theoretlca} torque required to operate the pump"

":..'::Saluuon

. a Use Eq (6-1M), where the volumemc d:splacement is

' S hm e 5
. . VD = IO{) (100 s ) 0.000100 m*/rey
 wehave
Or = VpN = (0.000100 m?/rev) (% rev__fs'.) = 0.00167 m%/s
Next solve for the volu.r'petric efficiency:

: i 0.0015
.nu'z%i X 100 = 05001167 <100 = 898%

~ Then solve for the mechanical efficiency:

: 5 2 3
= r% 100 = (70 x 10° N/m?)(0. 0016? m¥s) _ 100
o (120 N-m) (1000 X ~6-6 rad/s)
11,690 Nems

™" 570 N < 10 o - 5.0
. Note thal the prodnct TN gives power in units of N-m/s (W) where torque (7) has
_:umts of N- ‘m and shaft speed has units of rad/s. Finally, we solve for the overall
“;.eﬂic:lency '

. nm, 898 %930
Me”io0 0

- 83.5%




Sec. 6.2

Pumping Theory 205

¢ Check valve [ is connected to the pump inlet line and allows fluid to enter
the pump only at this location.

* Check valve 2 is connected to the pump discharge line and allows fluid to
leave the pump only at this location.

As the piston is pulled to the left, a partial vacuum is generated in pump
cavity 3, because the close tolerance between the piston and cylinder (or the use
of piston ring seals) prevents air inside cavity 4 from traveling into cavity 3. This
flow of air, if allowed to occur, would destroy the vacuum. This vacuum holds
check valve 2 against its scat (lower position) and allows atmospheric pressure to
push fluid from the reservoir into the pump via check valve 1. This inlet flow
occurs because the force of the fluid pushes the ball of check valve 1 off its seat.

When the piston is pushed to the right, the fluid movement closes inlet valve
1 and opens outlet valve 2. The quantity of fluid, displaced by the piston, is
forcibly ejected out the discharge line leading to the hydraulic system. The volume
of oil displaced by the piston during the discharge stroke is called the displace-
ment volume of the pump.

From the operation of the simple piston pump, it can be seen why a pump
does not pump pressure. Pumps produce flow. The pressure developed is due to
the resistance of the load, which is being driven by the system hydraulic ac-
tuators.

TO HYDRAULIC SYSTEM
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Figure 6-1. Pumping action of a simple piston pump.
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DT, . 3'(1:26}'{6 93) = 112 N-m

s, due tn mechamcal losses within the | pump, 120 N m of {orque are required to
iy _the pump mstead of 112 N ‘m. .

EXERCISES

Questions, Concepts, and Definitions

6-1.
6-2.

6-3.
6-4.
6-5.
6-6.
6-7.

6-8.

6-9.
6-10.
6-11.
6-12.

6-13.
6-14.
6-15.
6-16.
6-17.
6-18.
6-19.
6-20.
6-21.
6-22.
6-23.
6-24.
6-25.

Name the three popular construction types of positive displacement pumps.

What is a positive displacement pump, and in what ways does it differ from a
centrifugal pump?

How is the pumping action in positive displacement pumps accomplished?

How is the volumetric efficiency of a positive displacement pump determined?
How is the mechanical efficiency of a positive displacement pump determined?
How is the overall efficiency of a positive displacement pump determined?
Explain how atmospheric pressure pushes hydraulic oil up into the inlet port of a
pump.

What is the difference between a fixed displacement pump and a variable displace-
ment pump?

Name three designs of external gear pumps.

Name two designs of internal gear pumps.

Why is the operation of a screw pump quiet?

Name the important considerations when selecting a pump for a particular
application.

What is a pressure-compensated vane pump, and how does it work?

What is pump cavitation, and what is its cause?

How is pressure developed in a hydraulic system?

Why should the suction head of a pump not exceed 5 psi?

Why must positive displacement pumps be protected by relief valves?

Why are centrifugal pumps so little used in fluid power systems?

What are the reasons for the popularity of external gear pumps?

What is meant by a balanced-design hydraulic pump?

What is a pressure intensifier? List one application.

Name the two basic types of piston pumps.

What parameters affect the noise level of a positive displacement pump?

What is meant by the pressure rating of a positive displacement pump?

Name four rules that will control or eliminate cavitation of a pump.
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6-26.

6-27.

6-28.
6-29.
6-30.
6-31.
6-32.
6-33.
6-34.
6-35.
6-36.

6-37.

6-38.
6-39.
6-40.
6-41.
6-42.
6-43.
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Comment on the relative comparison in performance among gear, vane, and piston
pumps.

What pressure is typically available to push liquid into the inlet port of a pump?
Why?

How is pressure created in a hydraulic system?

What are the basic characteristics of positive displacement pumps?

What are two ways of expressing pump size?

What types of pumps are available in variable displacement designs?

Explain the principle of a balanced vane design pump.

How can displacement be varied in an axial piston pump?

What limits the pressure capability of a gear pump?

What are two ways of altering displacement volumes in gear pumps?

Explain how the size of the pumping chamber of a variable displacement vane pump
is changed.

How is the capability of a variable displacement pump affected by the addition of
pressure compensation?

What distinction is made between the terms sound and noise?

What is the difference between the terms sound intensity and sound loudness?
What is a decibel? Why are decibels used instead of bels to measure sound intensity?
What two human-safety concerns exist due to excessive noise levels?

Name the three principal ways in which noise reduction can be accomplished.
Why do screw pumps generate less noise than do gear, vane, and piston pumps?

Problems

Note: The letter E following an exercise number means that English units are used.

Similarly, the letter M indicates metric units.

Pump Flow Rates

6-44E. What is the theoretical flow rate from a fixed displacement, axial piston pump with

a nine-bore cylinder operating at 2000 rpm? Each bore has a 0.5-in. diameter, and
the stroke is 0.75 in.

6-45E. A vane pump is to have a volumetric displacement of 7 in., It has a rotor diameter

of 23 in., a cam ring diameter of 3} in., and a vane width of 2 in. What must be the
eccentricity?

6-46E. Find the offset angle for an axial piston pump that delivers 30 gpm at 3000 rpm. The

pump has nine §-in.-diameter pistons arranged on a 5-in. piston circle diameter.

6-47M. What is the theoretical flow rate from a fixed displacement, axial piston pump with

a nine-bore cylinder operating at 2000 rpm? Each bore has a 15-mm diameter and
the stroke is 20 mm.

6-48M. A vane pump is to have a volumetric displacement of 115 cm?®. It has a rotor

diameter of 63.5 mm, a cam ring diameter of 88.9 mm, and a vane width of 50.8
mm. What must be the eccentricity?

6-49M. Find the offset angle for an axial piston pump that delivers 0,0019 m¥/s at 3000 rpm.
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The pump has nine 15.9-mm-diameter pistons arranged on a 127-mm piston circle
diameter.

-50M. A pump having a 96% volumetric efficiency delivers 29 L/min of oil at 1000 rpm.
What is the volumetric displacement of the pump?

6-51. What is the metric equivalent of the following equation?

VN
Q=33

Pump Efficiencies

6-52. A positive displacement pump has an overall efficiency of 88% and a volumetric
efficiency of 92%. What is the mechanical efficiency?
6-53E. A gear pump has a 3i-in. outside diameter, a 2i-in. inside diameter, and a 1-in.
width. If the actual pump flow rate at 1800 rpm and rated pressure is 29 gpm, what
is the volumetric efficiency?
6-54M. A gear pump has a 82.6-mm outside diameter, a 57.2-mm inside diameter, and a
25.4-mm width. If the actual pump flow at 1800 rpm and rated pressure is 0.00183
m?/s, what is the volumetric efficiency?
6-55E. A pump has an overall efficiency of 88% and a volumetric efficiency of 92% while
consuming 8 hp. Determine the mechanical efficiency and the frictional horse-
power.
6-56M. Determine the overall efficiency of a pump driven by a 10-hp prime mover if the
pump delivers fluid at 40 L/min at a pressure of 10 MPa.
6-57. The intensity (in units of W/m?) of the noise of a pump increases by a factor of 10
due to cavitation. What is the corresponding increase in noise level in decibels?

Pump Power

6-58E. How much hydraulic horsepower would a pump produce when operating at 2000
psi and delivering 10 gpm? What hp electric motor would be selected to drive this
pump if its overall efficiency is 85%7

6-59E. A pump has a displacement volume of 6 in.?. It delivers 24 gpm at 1000 rpm and
1000 psi. If the prime mover input torque is 1100 in.-lb,
a. What is the overall efficiency of the pump?
b. What is the theoretical torque required to operate the pump?

6-60M. How much hydraulic power would a pump produce when operating at 140 bars and
delivering 0.001 m¥/s of 0il? What power-rated electric motor would be selected to
drive this pump if its overall efficiency is 85%7

6-61M. A pump has a displacement volume of 98.4 cm®. It delivers 0.0152 m¥/s of oil at

/M 1000 rpm and 70 bars. If the prime mover input torque is 124.3 N-m,
a. What is the overall efficiency of the pump?
b. What is the theoretical torque required to operate the pump?
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6-62E. A pump operates at 3000 psi and delivers 5 gpm. It requires 10 hp to drive the
pump. Determine the overall efficiency of the pump. If the pump is driven at 1000
rpm, what is the input torque to the pump?

6-63E. A pump has a displacement volume of 6 in.® and delivers 29 gpm at 1200 rpm and
500 psi. If the overall efficiency of the pump is 88%, find the actual torque required
to operate the pump.

6-64E. A 1.5-in.%/rev displacement pump delivers 10 gpm at a pressure of 2000 psi. At
100% overall efficiency, what prime mover hp and speed are required?

Pressure Intensifiers

6-65E. Oil at 21 gpm and 1000 psi enters the low-pressure inlet of a 3:1 Racine booster.
Find the discharge flow rate and pressure.

6-66M. Oil at 0.001 m¥s and 70 bars enters the low pressure inlet of a 3:1 Racine booster.
Find the discharge flow rate and pressure.

System Problems
6-67E. For the fluid power system of Fig. 6-42, the following data are given:
cylinder piston diameter = 8 in.
cylinder rod diameter = 4 in.
extending speed of cylinder = 3 in./s
external load on cylinder = 40,000 Ib
92%
90%

pump volumetric efficiency

pump mechanical efficiency

pump speed = 1800 rpm

pump inlet pressure = —4.0 psi
CYLINDER
F
—-—
CHECK EXESEBJAL
VALVE
PUMP
@ VENT
1J/‘—
L ljj
DIRECTIONAL
RESERVOIR CONTROL VALVE

Figure 6-42. System for Exercise 6-67.
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6-68M.

The total pressure drop in the line from the pump discharge port to the blank end of
the cylinder is 75 psi. The total pressure drop in the return line from the rod end of
the cylinder is 50 psi. Determine the

a. Volumetric displacement of the pump

b. Input hp required to drive the pump

¢. Input torque required to drive the pump

d. Percentage of pump input power delivered to the load

For the system of Exercise 6-67, change the data to metric units and solve parts a,
b, ¢, and d.

Computer Programming

6-69E.

6-T0M.

Write a computer program to solve the problem of Exercise 6-67. Execute your

program using values of 30,000 Ib, 40,000 Ib, and 50,000 Ib for the external load on
the cylinder.

Write a computer program to solve the problem of Exercise 6-68. Execute your

program using values of 120,000 N, 160,000 N, and 200,000 N for the external load
on the cylinder.
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6.3 PUMP CLASSIFICATION

There are two broad classifications of pumps as identified by the fluid power
industry. They are described as follows:

1. Hydrodynamic or nonpositive displacement pumps: Examples of this type
are the centrifugal (impeller) and axial (propeller) pumps shown in Fig. 6-2. Al-
though these pumps provide smooth continuous flow, their flow output is reduced
as circuit resistance is increased. In fact, it is possible to completely block off the
outlet to stop all flow, even while the pump is running at design speed. These
pumps are typically used for low-pressure, high-volume flow applications.

Since there is a great deal of clearance between the rotating and stationary
elements, these pumps are not self-priming. This is because there is too much
clearance space to scal against atmospheric pressure, and thus the displacement
between the inlet and outlet is not a positive one. Thus the pump flow rate
depends not only on the rotational speed (rpm) at which it is driven but also on the
resistance of the external system.

As the resistance of the external system starts to increase, some of the fluid
slips back into the clearance spaces, causing a reduction in the discharge flow
rate. This slippage is due to the fact that the fluid follows the path of least resis-
tance. When the resistance of the external system becomes infinitely large (for
example, a closed valve blocks the outlet line), the pump will produce no flow and
thus its volumetric efficiency becomes zero.

For example, this dramatic drop in volumetric efficiency with increase in
load resistance occurs when using a centrifugal pump. The operation of a centrifu-

EYE

IMNLET

PROPELL
IMPELLER IMPARTS ELLER

CENTRIFUGAL FORCE
TC CAUSE PUMPING
ACTION IMPELLER

BLADES

DUTLET

DIFF USER INLET

AXIAL FLOW CREATED
BY ROTATING PROPELLOR

IMPELLER
CENTRIFUGAL (IMPELLER) TYPES AXIAL (PROPELLER) TYPE

Figure 6-2. Nonpositive displacement pumps. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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gal pump is simple. The fluid enters at the center of the impeller and is picked up
by the rotating impeller. As the fluid rotates with the impeller, the centrifugal
force causes the fluid to move radially outward. This causes the fluid to flow
through the outlet discharge port of the housing. One of the interesting character-
istics of a centrifugal pump is its behavior when there is no demand for fluid. In
such a case, no harm occurs to the pump, and thus there is no need for safety
devices to prevent pump damage. The tips of the impeller blades merely slosh
through the fluid, and the rotational speed maintains a fluid pressure correspond-
ing to the centrifugal force established. The fact that there is no positive internal
seal against leakage is the reason that the centrifugal pump is not forced to pro-
duce flow against no demand. When demand for the fluid occurs (for example, the
opening of a valve), the pressure delivers the fluid to the source of the demand.
This is why centrifugal pumps are so desirable for pumping stations used for
delivering water to homes and factories. The demand for water may go to near
zero during the evening and reach a peak sometimes during the daytime. The
centrifugal pump can readily handle these large changes in fluid demand.

Although hydrodynamic pumps provide smooth continuous flow (when a
demand exists), their output flow rate is reduced as resistance to flow is increased.
This is shown in Fig. 6-3 where pump pressure is plotted versus pump flow. The
maximum pressure is called the shutoff head because all external circuit valves
are closed and there is no flow. As the external resistance decreases, the flow
increases at the expense of reduced pressure. Because the output flow changes
significantly with external circuit resistance, nonpositive displacement pumps are
rarely used in hydraulic systems.

2. Hydrostatic or positive displacement pumps: This type of pump ejects a
fixed quantity of fluid per revolution of the pump shaft. As a result, pump output
flow, neglecting the small internal leakage, is constant and not dependent on
system pressure. This makes them particularly well suited for fluid power sys-
tems. However, positive displacement pumps must be protected against overpres-
sure if the resistance to flow becomes very large or infinite. This can happen if a

PRESSURE (P)

MAX. PRESSURE
{PUMP SHUT
OFF HEAD)

MIN, PRESSURE

= FLOW (Q)

ZERO MAX. Figure 6-3. Typical centrifugal pump
FLOW FLOW pressure versus flow curve.
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valve is completely closed and there is no physical place for the fluid to go. The
reason for this is that a positive displacement pump continues to eject fluid (even
though it has no place to go), causing an extremely rapid buildup in pressure as the
fluid is compressed. A pressure relief valve is used to protect the pump against
overpressure by diverting pump flow back to the hydraulic tank where the fluid is
stored for system use.

Positive displacement pumps can be classified by the type of motion of
internal elements. The motion may be either rotary or reciprocating. Although
these pumps come in a wide variety of different designs, there are essentially three
basic types:

1. Gear pumps (fixed displacement only by geometrical necessity):
a. External gear pumps
b. Internal gear pumps
¢. Lobe pumps
d. Screw pumps
2. Vane pumps:
a. Unbalanced vane pumps (fixed or variable displacement)
b. Balanced vane pumps (fixed displacement only)
3. Piston pumps (fixed or variable displacement):
a. Axial design
b. Radial design

In addition, vane pumps can be of the balanced or unbalanced design. The
unbalanced design can have pressure compensation capability, which-automati-
cally protects the pump against overpressure. In Secs. 6.4, 6.5, and 6.6, we
discuss the details of the construction and operation of gear, vane, and piston
pumps, respectively.

6.4 GEAR PUMPS

Figure 6-4 illustrates the operation of an external gear pump, which develops flow
by carrying fluid between the teeth of two meshing gears. One of the gears is
connected to a drive shaft connected to the prime mover. The second gear is
driven as it meshes with the driver gear. Oil chambers are formed between the
gear teeth, the pump housing, and the side wear plates. The suction side is where
teeth come out of mesh. and it is here where the volume expands, bringing about a
reduction in pressure to below atmospheric pressure. Fluid is pushed into this
void by atmospheric pressure because the oil supply tank is vented to the atmo-
sphere. The discharge side is where teeth go into mesh, and it is here where the
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4. OQOUTLET PRESSURE AGAINST 3. AND FORCED OUT
TEETH CAUSES HEAVY SIDE- OF PRESSURE PORT AS
LOADING OMN SHAFTS AS TEETH GO BACK INTO
INDICATED BY ARROWS, MESH.

QUTLET
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Figure 6-4. External gear pump operation. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)

volume decreases between mating teeth. Since the pump has a positive internal
seal against leakage, the oil is positively ejected into the outlet port.

The following analysis permits us to evaluate the theoretical flow rate of a
gear pump using specified nomenclature:

D, = outside diameter of gear teeth (in., m)

5
I

inside diameter of gear teeth (in., m)

t-q
I

width of gear teeth (in., m)

Vp = displacement volume of pump (in.*/rev, m¥/rev)

=z
Il

rpm of pump

Or

theoretical pump flow rate
From gear geometry, the volumetric displacement is found:

Vp =7 (D}~ D)L
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Upon completing this chapter, you should be able to

1.

£ W T b

P

11.

Distinguish between positive displacement and nonpositive displacement
pumps.

Describe the pumping action of pumps.

Explain the operation of gear, vane, and piston pumps.

Determine the design flow rate delivered by positive displacement pumps.
Differentiate between axial and radial piston pumps.

Understand the difference between fixed displacement and variable dis-
placement pumps.

Explain the operation of pressure-compensated pumps.

. Distinguish between bent-axis-type piston pumps and the swash plate de-

sign.

. Differentiate between internal and external gear pumps.
10.

Evaluate the performance of pumps by determining the volumetric, mechan-
ical, and overall efficiencies.

Explain the phenomenon called pump cavitation and identify ways to elimi-
nate its occurrence.

. Compare the various performance factors of gear, vane, and piston pumps.

13.

Understand the significance of sound intensity levels in decibels.
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14. Explain the causes of pump noise and identify ways to reduce noise levels.

15. Describe the sequence of operations used to select a pump for a given
application.

16. Describe the operation of a pressure intensifier and identify typical applica-
tions.

6.1 INTRODUCTION

A pump, which is the heart of a hydraulic system, converts mechanical energy
into hydraulic energy. The mechanical energy is delivered to the pump via a prime
mover such as an electric motor. Due to mechanical action, the pump creates a
partial vacuum at its inlet. This permits atmospheric pressure to force the fluid
through the inlet line and into the pump. The pump then pushes the fluid into the
hydraulic system.

There are two broad classifications of pumps as identified by the fluid power
industry.

1. Nonpositive displacement pumps: This type is generally used for low-
pressure, high-volume flow applications. Because they are not capable of with-
standing high pressures, they are of little use in the fluid power field. Normally
their maximum pressure capacity is limited to 250-300 psi. This type of pump is
primarily used for transporting fluids from one location to another.

2. Positive displacement pumps: This type is universally used for fluid power
systems. As the name implies, a positive displacement pump ejects a fixed amount
of fluid into the hydraulic system per revolution of pump shaft rotation. Such a
pump is capable of overcoming the pressure resulting from the mechanical loads
on the system as well as the resistance to flow due to friction. These are two
features that are desired of fluid power pumps. These pumps have the following
advantages over nonpositive displacement pumps:

a. High-pressure capability (up to 10,000 psi or higher)

b. Small, compact size

¢. High volumetric efficiency

d. Small changes in efficiency throughout the design pressure range

e. Great flexibility of performance (can operate over a wide range of pressure
requirements and speed ranges)

There are three main types of positive displacement pumps: gear, vane, and
piston. Many variations exist in the design of each of these main types of pumps.
For example, vane and piston pumps can be of either fixed or variable displace-
ment. A fixed displacement pump is one in which the amount of fluid ejected per
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revolution (displacement) cannot be varied. In a variable displacement pump, the
displacement can be varied by changing the physical relationships of various
pump elements. This change in pump displacement produces a change in pump
flow output even though pump speed remains constant.

It should be understood that pumps do not pump pressure. Instcad they
produce fluid flow, The resistance to this flow, produced by the hydraulic system,
is what determines the pressure. For example, if a positive displacement pump
has its discharge line open to the atmosphere, there will be flow. but there will be
no discharge pressure above atmospheric, because there is essentially no resis-
tance to flow. However, if the discharge line is blocked, then we have theoreti-
cally infinite resistance to flow. Hence, there is no place for the fluid to go. The
pressure will therefore rise until some component breaks unless pressure relief is
provided. This is the reason a pressure relief valve is needed when a positive
displacement pump is used. When the pressure reaches a set value, the relief
valve will open to allow flow back to the oil tank. Thus. a pressure relief valve
determines the maximum pressure level that the system will experience regardless
of the magnitude of the load resistance. A discussion of hydraulic control compo-
nents, such as pressure relief valves, is provided in Chapter 8.

Some pumps are made with variable displacement, pressure compensation
capability. Such pumps are designed so that as system pressure builds up, they
produce less flow. Finally at some predetermined maximum pressure level, the
flow output goes to zero due to zero displacement. This prevents any additional
pressure buildup. Pressure relief valves are not needed when pressure-compen-
sated pumps are used.

The hydraulic power developed by pumps is converted back into mechanical
energy by hydraulic actuators, which produce the useful work output. The subject
of power output components is covered in Chapter 7.

It should be noted that pumps are used in hydraulic systems to provide flow
of incompressible fluids (liquids) such as oil. In a pneumatic system where a
compressible fluid such as air is used, the unit that produces fluid flow is called a
compressor. Thus, in pneumatic systems, compressors perform functions similar
to those performed by pumps in hydraulic systems. Compressors are discussed in
Chapter 10.

6.2 PUMPING THEORY

All pumps operate on the principle whereby a partial vacuum is created at the
pump inlet due to the internal operation of the pump. This allows atmospheric
pressure to push the fluid out of the oil tank (reservoir) and into the pump intake.
The pump then mechanically pushes the fluid out the discharge line.

This type of operation can be visualized by referring to the simple piston
pump of Fig. 6-1. Notice that this pump contains two ball check valves, which are
described as follows:
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¢ Check valve [ is connected to the pump inlet line and allows fluid to enter
the pump only at this location.

* Check valve 2 is connected to the pump discharge line and allows fluid to
leave the pump only at this location.

As the piston is pulled to the left, a partial vacuum is generated in pump
cavity 3, because the close tolerance between the piston and cylinder (or the use
of piston ring seals) prevents air inside cavity 4 from traveling into cavity 3. This
flow of air, if allowed to occur, would destroy the vacuum. This vacuum holds
check valve 2 against its scat (lower position) and allows atmospheric pressure to
push fluid from the reservoir into the pump via check valve 1. This inlet flow
occurs because the force of the fluid pushes the ball of check valve 1 off its seat.

When the piston is pushed to the right, the fluid movement closes inlet valve
1 and opens outlet valve 2. The quantity of fluid, displaced by the piston, is
forcibly ejected out the discharge line leading to the hydraulic system. The volume
of oil displaced by the piston during the discharge stroke is called the displace-
ment volume of the pump.

From the operation of the simple piston pump, it can be seen why a pump
does not pump pressure. Pumps produce flow. The pressure developed is due to
the resistance of the load, which is being driven by the system hydraulic ac-
tuators.
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Figure 6-1. Pumping action of a simple piston pump.
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6.3 PUMP CLASSIFICATION

There are two broad classifications of pumps as identified by the fluid power
industry. They are described as follows:

1. Hydrodynamic or nonpositive displacement pumps: Examples of this type
are the centrifugal (impeller) and axial (propeller) pumps shown in Fig. 6-2. Al-
though these pumps provide smooth continuous flow, their flow output is reduced
as circuit resistance is increased. In fact, it is possible to completely block off the
outlet to stop all flow, even while the pump is running at design speed. These
pumps are typically used for low-pressure, high-volume flow applications.

Since there is a great deal of clearance between the rotating and stationary
elements, these pumps are not self-priming. This is because there is too much
clearance space to scal against atmospheric pressure, and thus the displacement
between the inlet and outlet is not a positive one. Thus the pump flow rate
depends not only on the rotational speed (rpm) at which it is driven but also on the
resistance of the external system.

As the resistance of the external system starts to increase, some of the fluid
slips back into the clearance spaces, causing a reduction in the discharge flow
rate. This slippage is due to the fact that the fluid follows the path of least resis-
tance. When the resistance of the external system becomes infinitely large (for
example, a closed valve blocks the outlet line), the pump will produce no flow and
thus its volumetric efficiency becomes zero.

For example, this dramatic drop in volumetric efficiency with increase in
load resistance occurs when using a centrifugal pump. The operation of a centrifu-
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BY ROTATING PROPELLOR

IMPELLER
CENTRIFUGAL (IMPELLER) TYPES AXIAL (PROPELLER) TYPE

Figure 6-2. Nonpositive displacement pumps. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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gal pump is simple. The fluid enters at the center of the impeller and is picked up
by the rotating impeller. As the fluid rotates with the impeller, the centrifugal
force causes the fluid to move radially outward. This causes the fluid to flow
through the outlet discharge port of the housing. One of the interesting character-
istics of a centrifugal pump is its behavior when there is no demand for fluid. In
such a case, no harm occurs to the pump, and thus there is no need for safety
devices to prevent pump damage. The tips of the impeller blades merely slosh
through the fluid, and the rotational speed maintains a fluid pressure correspond-
ing to the centrifugal force established. The fact that there is no positive internal
seal against leakage is the reason that the centrifugal pump is not forced to pro-
duce flow against no demand. When demand for the fluid occurs (for example, the
opening of a valve), the pressure delivers the fluid to the source of the demand.
This is why centrifugal pumps are so desirable for pumping stations used for
delivering water to homes and factories. The demand for water may go to near
zero during the evening and reach a peak sometimes during the daytime. The
centrifugal pump can readily handle these large changes in fluid demand.

Although hydrodynamic pumps provide smooth continuous flow (when a
demand exists), their output flow rate is reduced as resistance to flow is increased.
This is shown in Fig. 6-3 where pump pressure is plotted versus pump flow. The
maximum pressure is called the shutoff head because all external circuit valves
are closed and there is no flow. As the external resistance decreases, the flow
increases at the expense of reduced pressure. Because the output flow changes
significantly with external circuit resistance, nonpositive displacement pumps are
rarely used in hydraulic systems.

2. Hydrostatic or positive displacement pumps: This type of pump ejects a
fixed quantity of fluid per revolution of the pump shaft. As a result, pump output
flow, neglecting the small internal leakage, is constant and not dependent on
system pressure. This makes them particularly well suited for fluid power sys-
tems. However, positive displacement pumps must be protected against overpres-
sure if the resistance to flow becomes very large or infinite. This can happen if a

PRESSURE (P)

MAX. PRESSURE
{PUMP SHUT
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valve is completely closed and there is no physical place for the fluid to go. The
reason for this is that a positive displacement pump continues to eject fluid (even
though it has no place to go), causing an extremely rapid buildup in pressure as the
fluid is compressed. A pressure relief valve is used to protect the pump against
overpressure by diverting pump flow back to the hydraulic tank where the fluid is
stored for system use.

Positive displacement pumps can be classified by the type of motion of
internal elements. The motion may be either rotary or reciprocating. Although
these pumps come in a wide variety of different designs, there are essentially three
basic types:

1. Gear pumps (fixed displacement only by geometrical necessity):
a. External gear pumps
b. Internal gear pumps
¢. Lobe pumps
d. Screw pumps
2. Vane pumps:
a. Unbalanced vane pumps (fixed or variable displacement)
b. Balanced vane pumps (fixed displacement only)
3. Piston pumps (fixed or variable displacement):
a. Axial design
b. Radial design

In addition, vane pumps can be of the balanced or unbalanced design. The
unbalanced design can have pressure compensation capability, which-automati-
cally protects the pump against overpressure. In Secs. 6.4, 6.5, and 6.6, we
discuss the details of the construction and operation of gear, vane, and piston
pumps, respectively.

6.4 GEAR PUMPS

Figure 6-4 illustrates the operation of an external gear pump, which develops flow
by carrying fluid between the teeth of two meshing gears. One of the gears is
connected to a drive shaft connected to the prime mover. The second gear is
driven as it meshes with the driver gear. Oil chambers are formed between the
gear teeth, the pump housing, and the side wear plates. The suction side is where
teeth come out of mesh. and it is here where the volume expands, bringing about a
reduction in pressure to below atmospheric pressure. Fluid is pushed into this
void by atmospheric pressure because the oil supply tank is vented to the atmo-
sphere. The discharge side is where teeth go into mesh, and it is here where the
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Figure 6-4. External gear pump operation. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)

volume decreases between mating teeth. Since the pump has a positive internal
seal against leakage, the oil is positively ejected into the outlet port.

The following analysis permits us to evaluate the theoretical flow rate of a
gear pump using specified nomenclature:

D, = outside diameter of gear teeth (in., m)

5
I

inside diameter of gear teeth (in., m)

t-q
I

width of gear teeth (in., m)

Vp = displacement volume of pump (in.*/rev, m¥/rev)

=z
Il

rpm of pump

Or

theoretical pump flow rate
From gear geometry, the volumetric displacement is found:

Vp =7 (D}~ D)L
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The theoretical flow rate (in English units) is determined next:
Oy (in.*min) = Vp (in.%/rev) X N (rpm)
Since 1 gal = 231 in.?, we have

_ VpN
QO (gpm) = 21 (6-1)

Using metric units, we have

0r () = vo () x

min rev.

N (&) (6-1M)
min

Equations (6-1) and (6-1M) show that the pump flow varies directly with
speed [see Fig. 6-5(a)]. Hence, the theoretical flow is constant at a given speed, as
shown by the solid line in Fig. 6-5(b).

There must be a small clearance (less than 0.001 in.) between the teeth tip
and pump housing. As a result, some of the oil at the discharge port can leak
directly back toward the suction. This means that the actual flow rate 0, is less
than the theoretical flow rate Qr, which is based on volumetric displacement and
pump speed. This internal leakage, which is called pump slippage, is identified by
the term volumetric efficiency v, which is usually greater than 90% for positive
displacement pumps, operating at design pressure:

O _
n===x 100 (6-2)
Or
INTERNA S
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AT CONSTANT PUMP SPEED

Figure 6-5. Positive displacement pump Q versus N and P versus Q curves. (a)
Flow versus speed curve, (b) Flow versus pressure curve at constant pump speed.
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The higher the discharge pressure, the lower the volumetric efficiency be-
cause internal leakage increases with pressure. This is shown by the dashed line in
Fig. 6-3(b). Pump manufacturers usually specify volumetric efficiency at the pump
rated pressure. The rated pressure of a positive displacement pump is that pres-
sure below which no mechanical damage due to overpressure will occur to the
pump and the result will be a long reliable service life. Too high a pressure not
only produces excessive leakage but also can damage a pump by distorting the
casing and overloading the shaft bearings. This brings to mind once again the need
for overpressure protection. Also keep in mind that high pressures occur when a
large load or resistance to flow is encountered.
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Figure 6-6 is a photograph showing detailed features of an external gear
pump. Also shown is the hydraulic symbol used to represent fixed displacement
pumps in hydraulic circuits. This external gear pump uses spur gears (teeth are
parallel to the axis of the gear), which are noisy at relatively high speeds. To
reduce noise and provide smoother operation, helical gears (teeth inclined at a
small angle to the axis of the gear) are sometimes used. However, these helical
gear pumps are limited to low-pressure applications (below 200 psi) because they
develop excessive end thrust due to the action of the helical gears. Herringbone
gear pumps eliminate this thrust action and thus can be used to develop much
higher pressures (above 750 psi). Herringbone gears consist basically of two rows
of helical teeth cut into one gear. One of the rows of each gear is right-handed and
the other is left-handed to cancel out the axial thrust force, Herringbone gear
pumps operate as smoothly as helical gear pumps and provide greater flow rates
with much less pulsating action.

Figure 6-7 illustrates the configuration and operation of the internal gear
pump. This design consists of an internal gear, a regular spur gear, a crescent-
shaped seal, and an external housing. As power is applied to either gear, the
motion of the gears draws fluid from the reservoir and forces it around both sides
of the crescent seal, which acts as a seal between the suction and discharge ports.
When the teeth mesh on the side opposite to the crescent seal, the fluid is forced to
enter the discharge port of the pump.

Figure 6-8 provides a cutaway view of an internal gear pump that contains its
own built-in safety relief valve.

Also in the general family of gear pumps is the lobe pump, which is illus-
trated in Fig. 6-9. This pump operates in a fashion similar to the external gear
pump. But unlike the external gear pump, both lobes are driven externally so that
they do not actually contact each other. Thus, they are quieter than other types of ;
gear pumps. Due to the smaller number of mating elements, the lobe pump output
will have a somewhat greater amount of pulsation, although its volumetric dis- ;
placement is generally greater than that for other types of gear pumps.
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Figure 6-6. Photograph showing detailed features of an external gear pump.
(Courtesy of Webster Electric Company, Inc., subsidiary of STA-RITE Industries,
Inc., Racine, Wisconsin.)
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Figure 6-7. Operation of an internal gear pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Trov, Michigan.)
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Figure 6-8. Cutaway view of an internal gear pump with built-in safety relief
valve. (Courtesy of Viking Pump Division of Houdaille Industries, Inc., Cedar
Falls, fowa.)

The Gerotor pump, shown in Fig. 6-10, operates very much like the internal
gear pump. The inner gear rotor (Gerotor element) is power-driven and draws the
outer gear rotor around as they mesh together. This forms inlet and discharge
pumping chambers between the rotor lobes. The tips of the inner and outer rotors
make contact to seal the pumping chambers from each other. The inner gear has
one tooth less than the outer gear, and the volumetric displacement is determined
by the space formed by the extra tooth in the outer rotor.

Figure 6-11 is a photograph of an actual Gerotor pump. As can be seen, this
is a simple type of pump since there are only two moving parts.

OUTLET

Figure 6-9. Operation of the lobe
pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Figure 6-10. Operation of the Gerotor pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp, Troy, Michigan.)

The screw pump (see Fig. 6-12) is an axial flow positive displacement unit.
Three precision ground screws, meshing within a close-fitting housing, deliver
nonpulsating flow quietly and efficiently. The two symmetrically opposed idler
rotors act as rotating seals, confining the fluid in a succession of closures or
stages. The idler rotors are in rolling contact with the central power rotor and are
free to float in their respective housing bores on a hydrodynamic oil film. There
are no radial bending loads. Axial hydraulic forces on the rotor set are balanced,
eliminating any need for thrust bearings.

In Fig. 6-13, we see a cutaway view of an actual screw pump. It is rated at
500 psi and can deliver up to 123 gpm. High-pressure designs are available for
3500-psi operation with output flow rates up to 88 gpm.

Figure 6-11. Gerotor pump. (Courtesy
of Brown & Sharpe Mfg. Co., Man-
chester, Michigan.)
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,f i i Inlet Cutlet

Power Rotor

Ball Bearing

Idler Rotor Balance Piston

Balance Cup Rotor Housing Mechanical Seal

Figure 6-12. Nomenclature of a screw pump. (Courtesy of DeLaval, IMO Pump
Division, Trenton, New Jersev.)

6.5 VANE PUMPS

Figure 6-14 illustrates the operation of a vane pump. The rotor, which contains
radial slots, is splined to the drive shaft and rotates inside a cam ring. Each slot
contains a vane designed to mate with the surface of the cam ring as the rotor
turns. Centrifugal force keeps the vanes out against the surface of the cam ring.
During one-half revolution of rotor rotation, the volume increases between the
rotor and cam ring. The resulting volume expansion causes a reduction of pres-

Figure 6-13. Screw pump. (Courtesy
of DelLaval, IMO Pump Division,
Trenton, New Jersev.)
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Figure 6-14. Vane pump operation. (Courtesy of Sperry Vickers, Sperry Rand
Corp., Trov, Michigan.)

sure. This is the suction process, which causes fluid to flow through the inlet port
and fill the void. As the rotor rotates through the second half revolution, the
surface of the cam ring pushes the vanes back into their slots, and the trapped
volume is reduced. This positively ejects the trapped fluid through the discharge
port.

Careful observation of Fig. 6-14 will reveal that there is an eccentricity
between the centerline of the rotor and the centerline of the cam ring. If the
eccentricity is zero, there will be no flow. The following analysis and nomencla-
ture is applicable to the vane pump:

D¢ = diameter of cam ring (in., m)

Dy = diameter of rotor (in., m)
L = width of rotor (in., m)
N = rotor rpm
Vp = pump volumetric displacement (in.?, m?)

e = eccentricity (in., m)
€max = Maximum possible eccentricity (in., m)

Vp,.. = maximum possible volumetric displacement (in.?, m?)
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From geometry, we can find the maximum possible eccentricity:

D¢ — Dg
Cmax — #

This maximum value of eccentricity produces a maximum volumetric dis-
placement:

Vo, = 3 (DE = DL

Rearranging, we have

Vb

(e

- }[ (D¢ + Dp)(D¢ — Dr)L

Substituting the expression for en,, yields

.

VDmux 4

(D(L' + fo}(zemax}[f
The actual volumetric displacement occurs when e, = e:
w
Y= 3 (D¢ + DgleL (6-3)

Some vane pumps have provisions for mechanically varying the eccentric-
ity. Such a design is called a variable displacement pump and is illustrated in Fig.
6-15. A handwheel or a pressure compensator can be used to move the cam ring to
change the eccentricity. The direction of flow through the pump can be reversed
by movement of the cam ring on either side of center.

The design we see in Fig. 6-15 is a pressure-compensated one in which
system pressure acts directly on the cam ring via a hydraulic piston on the right
side (not shown). This forces the cam ring against the compensator spring-loaded
piston on the left side of the cam ring. If the discharge pressure is large enough, it
overcomes the compensator spring force and shifts the cam ring to the left. This
reduces the eccentricity, which is maximum when discharge pressure is zero. As
the discharge pressure continues to increase, zero eccentricity is finally achieved,
and the pump flow becomes zero. Such a pump basically has its own protection
against excessive pressure buildup, as shown in Fig. 6-16. When the pressure
reaches a value called P, the compensator spring force equals the hydraulic
piston force. As the pressure continues to increase, the compensator spring is
compressed until zero eccentricity is achieved. The maximum pressure achieved
is called Pyeadnesas at which point the pump is protected because it attempts to
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Figure 6-15. Variable displacement, pressure-compensated vane pump. (Cour-
tesy of Brown & Sharpe Mfe. Co., Manchester, Michigan.)
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Figure 6-17. Cutaway photograph of pressure-compensated vane pump. (Cour-
tesy of Continental Hydraulics, Division of Continental Machines, Inc., Savage,
Minnesota.)

produce no more flow. As a result there is no horsepower wasted and fluid heating
is reduced.

Figure 6-17 shows the internal configuration of an actual pressure-compen-
sated vane pump. This design contains a cam ring that rotates slightly during use,
thereby distributing wear over the entire inner circumference of the ring.
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Figure 6-18. Balanced vane pump principles. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)



Sec. 6.5 Vane Pumps 221

Notice in Figs. 6-14 and 6-15 that a side load is exerted on the bearings of the
vane pump because of pressure unbalance. This same undesirable side load exists
for the gear pump of Fig. 6-4. Such pumps are hydraulically unbalanced.

A balanced vane pump is one that has two intake and two outlet ports
diametrically opposite each other. Thus, pressure ports are opposite each other,
and a complete hydraulic balance is achieved. One disadvantage of a balanced
vane pump is that it cannot be designed as a variable displacement unit. Instead of
having a circular cam ring, a balanced design vane pump has an elliptical housing,
which forms two separate pumping chambers on opposite sides of the rotor. This
eliminates the bearing side loads and thus permits higher operating pressures.
Figure 6-18 shows the balanced vane pump principle of operation.

Figure 6-19 is a cutaway view of a balanced vane pump containing 12 vanes
and a spring-loaded end plate. The inlet port is in the body, and the outlet is in the
cover, which may be assembied in any of four positions for convenience in piping.
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Figure 6-19. Cutaway view of balanced vane pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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6.6 PISTON PUMPS

A piston pump works on the principle that a reciprocating piston can draw in fluid
when it retracts in a cylinder bore and discharge it when it extends. The basic
question is how to mechanize a series of reciprocating pistons. There are two
basic types of piston pumps. One is the axial design, having pistons that are
parallel to the axis of the cylinder block. Axial piston pumps can be either of the
bent axis configuration or of the swash plate design. The second type of piston
pump is the radial design, which has pistons arranged radially in a cylinder block.

Figure 6-20 shows an axial piston pump (bent-axis type) that contains a
cylinder block rotating with the drive shaft. However, the centerline of the cylin-
der block is set at an offset angle relative to the centerline of the drive shaft. The
cylinder block contains a number of pistons arranged along a circle. The piston
rods are connected to the drive shaft flange by ball and socket joints. The pistons
are forced in and out of their bores as the distance between the drive shaft flange
and cylinder block changes. A universal link connects the block to the drive shaft
to provide alignment and positive drive.

The volumetric displacement of the pump varies with the offset angle 6 as
shown in Fig. 6-21. No flow is produced when the cylinder block centerline is
parallel to the drive shaft centerline. # can vary from 0° to a maximum of about
30°. Fixed displacement units are usually provided with 23° or 30° offset angles.

Variable displacement units are available with a yoke and some external
control to change the offset angle. One such design, which uses a stroking cylin-
der, is shown in Fig. 6-22. Some designs have controls that move the yoke over
the center position to reverse the direction of flow through the pump.

Figure 6-23 is a cutaway of a variable displacement piston pump in which an
external handwheel can be turned to establish the desired offset angle. Also
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Figure 6-20. Axial piston pump (bent-axis type). (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Figure 6-21. Volumetric displacement
changes with offset angle. (Courtesy of
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Figure 6-22. Variable displacement piston pump with stroking cylinder. (Cour-
tesy of Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

shown is the hydraulic symbol used to represent variable displacement pumps in

hydraulic circuits.
The following nomenclature and analysis are applicable to an axial piston

pump:

offset angle (°)

S5
Il

n
I

piston stroke (in., m)
D = piston circle diameter (in. m)
Y = number of pistons

A = piston area (in.2, m?)
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Figure 6-23. Variable displacement piston pump with handwheel. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

From trigonometry we have

_s
tan(#) = D
or
S = D tan(6)

The total displacement volume equals the number of pistons multiplied by
the displacement volume per piston:

Vp = YAS
Substituting, we have
Vp = YAD tan(6) (6-4)
From Eq. (6-1) we obtain, upon substitution and using English units,

_ DANY tan(6)

@=""m &3]
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Similarly, using Eq. (6-1M) for metric units, we have

Q = DANY tan(6) (6-5M)

elwerslé gpm at 3000 rmehe .

n a 5-in. piston circle diameter

. mhe
ONm/A)HI3000)0)

at an axial piston pump delivers at 1000 rpm. The
istons arranged on a 125-mm piston circle diamete

Figure 6-24 provides a photograph and sketch illustrating the swash plate
design in-line piston pump. In this type, the cylinder block and drive shaft are
located on the same centerline. The pistons are connected to a shoe plate, which
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Figure 6-24. In-line design piston pump. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)

bears against an angled swash plate. As the cylinder rotates (see Fig. 6-25), the
pistons reciprocate because the piston shoes follow the angled surface of the
swash plate.

The outlet and inlet ports are located in the valve plate so that the pistons
pass the inlet as they are being pulled out and pass the outlet as they are being
forced back in. This type of pump can also be designed to have variable displace-
ment capability. In such a design, the swash plate is mounted in a movable yoke,
as depicted in Fig. 6-26. The swash plate angle can be changed by pivoting the
yoke on pintles (see Fig. 6-27). Positioning of the yoke can be accomplished by
manual operation, servo control, or a compensator control, as shown in Fig. 6-26.
The maximum swash plate angle is limited to 173° by construction.
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Figure 6-25. Swash plate causes pistons to reciprocate. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)

The operation and construction of a radial piston pump is illustrated in Fig.
6-28. This design consists of a pintle to direct fluid in and out of the cylinders, a
cylinder barrel with pistons, and a rotor containing a reaction ring. The pistons
remain in constant contact with the reaction ring due to centrifugal force and back
pressure on the pistons. For pumping action, the reaction ring is moved eccentri-
cally with respect to the pintle or shaft axis. As the cylinder barrel rotates, the

YOKE PIVOTS TO CHANGE
SWASH PLATE ANGLE
COMPENSATGR

SHAFT SEAL

BEARING

PORT
CONNECTIONS

VALVE PLATE

ROTATING GROUP
PINTLE

Figure 6-26. Variable displacement
version of in-line piston pump, (Cour-
SWASH DRIVE SHAET tesy of Sperry Vickers, Sperry Rand
HOUSING PLATE Corp., Troy, Michigan.)
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Figure 6-27. Variation in pump displacement. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.).

pistons on one side travel outward. This draws in fluid as each cylinder passes the
suction ports of the pintle. When a piston passes the point of maximum eccentric-
ity, it is forced inward by the reaction ring. This forces the fluid to enter the
discharge port of the pintle. In some models, the displacement can be varied by
moving the reaction ring to change the piston stroke.

Figure 6-29 provides a photograph of a cutaway view of an actual radial
piston pump that has variable displacement, pressure-compensated discharge.
This pump is available in three sizes (2.40-, 3.00-, and 4.00-in.” volumetric dis-
placements) and weighs approximately 60 lb. Variable displacement is accom-

CENTERLINE —-‘
CYLINDER BLOCK
" CENTERLINE

PINTLE
CASE

PISTONS

CYLINDER BLOCK

REACTION RING

Figure 6-28. Operation of a radial piston pump. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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Figure 6-29. Cutaway view of a radial
piston pump. {Courtesy of Deere &
Co., Moline, Hiinois.)

plished by hydraulic rather than mechanical means and is responsive to discharge
line pressure.

6.7 PUMP PERFORMANCE

The performance delivered by a pump is primarily a function of the precision of its
manufacture. Components must be made to close tolerances, which must be
maintained while the pump is operating under design conditions. The maintenance
of close tolerances is accomplished by designs that have mechanical integrity and
balanced pressures.

Theoretically the ideal pump would be one having zero clearance between all
mating parts. Although this is not feasible, working clearances should be as small
as possible while maintaining proper oil films for lubrication between rubbing
parts.

Pump manufacturers run tests to determine performance data for their vari-
ous types of pumps. The overall efficiency of a pump can be computed by compar-
ing the power available at the output of the pump to the power supplied at the
input. Overall efficiency can be broken into two distinct components called volu-
metric and mechanical efficiencies.

1. Volumetric efficiency (v,): Volumetric efficiency indicates the amount of
leakage that takes place within the pump. This involves considerations such as
manufacturing tolerances and flexing of the pump casing under design pressure
operating conditions:
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actual flow rate produced by pump
theoretical flow rate pump should produce

QA

Mo = X 100 = % 100 (6-6)

Volumetric efficiencies typically run from 80% to 90% for gear pumps, 82%
to 92% for vane pumps, and 90% to 98% for piston pumps.

2. Mechanical efficiency (v),,): Mechanical efficiency indicates the amount of
energy losses that occur due to reasons other than leakage. This includes friction
in bearings and between other mating parts. It also includes energy losses due to
fluid turbulence. Mechanical efficiencies typically run from 90% to 95%:

theoretical power required to operate pump
actual power delivered to pump

x 100

MNm =

or

_ bump output power assuming no leakage
input power delivered to pump

x 100

Using English units and horsepower for power yields

PQ;/1714

m = TNI63.000 < 100 6-7)

In metric units, using watts for power,

PQ;
M = T5F X 100 (6-TM)

The parameters of Eqs. (6-7) and (6-7M) are defined as follows in conjunc-
tion with Fig. 6-30:

P = measured pump discharge pressure (psi, Pa)

Or

calculated theoretical pump flow rate (gpm, m'/s)

T = measured input torque in prime mover shaft of pump (in.-1b, N-m)
N = measured pump speed (rpm, rad/s)

Mechanical efficiency can also be computed in terms of torques:

theoretical torque required to operate pum
A - PP 10 =22 100 6D
actual torque supplied to pump T,

Nm =
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Figure 6-30. Terms involving pump
OIL TANK mechanical efficiency.

Equations for evaluating Ty and T, are given as follows:

Vp (in.3) x P (psi)

Tr (in.:lb) = o (6-9)
or
1% 3 .
T ey = YO0) 0 B (PR (6-9M)
2
_ horsepower supplied to pump X 63,000
Ta N trom) (6-10)
or
T, = power supplied to pump (W) (6-10M)
(rad)
N o
h
where

3. Overall efficiency (v,): The overall efficiency considers all energy losses
and is defined mathematically as follows:

volumetric efficiency X mechanical efficiency
100

overall efficiency =
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Substituting from Eq. (6-6) and (6-7). we have (for English units)

N _ Q4 100 POITIA
T = a0 (0. 100 < 100
' 100 Of 100 TN/63.000

Canceling hike terms yields

POTI4 pump output horsepower
—— % ) = ———— —

M TNI63.000 pump input horsepower

A 100 (6-11)

Repeating this substitution for metric units [using Egs. (6-6) and (6-7M)] vields

!)
oy = D00
IN pump input power

UMp outpul power
- | rey s 100

(6-11M)

f\ pump h&ﬁ a di‘%phu.cmcnt \o}umt,, of Sin.. It deliv ers 20 g gpm al m()(} rpm and IUUU

"-_ _psl If the pnme mover mpm mrqm: 15 90() in.-lh,

_ a. thl is the overall L‘i“fiLlLﬂL} af l‘ht pump

b, Wh !1 is l:hf., Ihwrf,tlwl torque rt:qmrui 1o opuate the pump

'. Solurfcm
0 4 Um. I:q (6 13 1o hml tht, lhem ehux[ flow rate:

'.,, _ (5)(1000)

""1hc \»olumum cHlUan ¥

Qa’ jG; : . + m: o
: _:_.‘r:.te-: 0 :>< 100 = 57 x 100 = 92.6%

N e“ :S'QH-';;- f

Then stil\;é_-__ﬁ:ir-the -m‘ec:hamcal“efﬁcienr_:,v:‘ ;

PO L ;m [C1000)21.6)}/1714
- TNIG3000 ~ [O00Y10001T63,000

-f-:Emdll} we acﬂ»c for the Ommll Efﬁunm\f

; M Y2 6 % 88 1
.

= Rl 6%

":h',?\ e 1,17;,,, = . 900 x 0. 881 = 793 in.-Ib

% 100 = 88.1%

lhu’; due ta} mechdmcﬂl losses w:[hm the pump. 900 in.-Ib of torgue are

- -r_¢‘Q_U”--‘-d to drive the pump instead of 793 in.-1b.
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Pump manufacturers specify pump performance characteristics in the form
of graphs. Test data are obtained initially in tabular form and then put in graphical
form for better visual interpretation. Figure 6-31 represents typical performance
curves obtained for a 6-in.? variable displacement pump operating at full displace-
ment. The upper graph gives curves of overall and volumetric efficiencies as a
function of pump speed (rpm) for pressure levels of 3000 and 5000 psi. The lower
graph gives curves of pump input horsepower (hp) and pump output flow (gpm) as
a function of pump speed for the same two pressure levels.

Performance curves for the radial piston pump of Fig. 6-29 are presented in
Fig. 6-32. Recall that this pump comes in three different sizes:

PR24.

PR30:

2.40-in.” displacement

3.00-in.? displacement

PR40: 4.00-in.? displacement

Thus, there are three curves on two of the graphs. Observe the linear rela-
tionship between discharge flow (gpm) and pump speed (rpm). Also note that the
discharge flow of these pumps is nearly constant over a broad pressure range.
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Figure 6-32. Performance curves of radial piston pumps. (Courtesy of Deere &

Co., Moline, Iflinois.)
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PUMP PRESSURE SPEED OVERALL HP FLOW COST
TYPE RATING RATING | EFFICIENCY PER LB CAPACITY | (DOLLARS
(P51} {RPM]} [PER CENT) RATIO {GPM) PER HP)
EXTERNAL GEAR 2000- 1200- 80-50 2 1-150 4-8
3000 2500
INTERNAL GEAR 500— 1200- 70-B5 2 1-200 4-8
2000 2500
VANE 1000~ 1200 80-85 2 . 1-B0O 6-30
2000 1800
AXIAL PISTON 2000- 1200 90-98 4 1-200 6-50
12,000 3000
RADIAL PISTON 3000- 1200- 85-85 3 1-200 5-35
12,000 1800

Figure 6-33. Comparison of various performance factors for pumps,

Discharge flow is infinitely variable between the point of inflection on the con-
stant-discharge portion of the curve and zero flow. The volumetric and overall
efficiency curves are based on a 2000-psi pump pressure.

Figure 6-33 contains a chart showing a comparison of various performance
factors for hydraulic pumps. In general, gear pumps are the least expensive but
also provide the lowest level of performance. In addition, gear pump efficiency is
rapidly reduced by wear, which contributes to high maintenance costs. The volu-
metric efficiency is greatly affected by the following leakage losses, which can
rapidly accelerate due to wear:

1. Leakage around the outer periphery of the gears
2. Leakage across the faces of the gears
3. Leakage at the points where the gear teeth make contact

Gear pumps are simple in design and compact in size. Therefore, they are
the most common type of pump used in fluid power systems. The greatest number
of applications of gear pumps are in the mobile equipment and machine tool fields.

Vane pump efficiencies and costs fall between those of gear and piston
pumps. Vane pumps have good efficiencies and last for a reasonably long period
of time. However, continued satisfactory performance necessitates clean oil with
good lubricity. Excessive shaft speeds can cause operating problems. Leakage
losses in vane pumps occur across the faces of the rotor and between the bronze
wear plates and the pressure ring.

Piston pumps are the most expensive and provide the highest level of overall
performance. They can be driven at high speeds (up to 5000 rpm) to provide a high
horsepower-to-weight ratio. They produce essentially a nonpulsating flow and can
operate at the highest pressure levels. Due to very close-fitting pistons, they have
the highest efficiencies. Since no side loads occur to the pistons, the pump life
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expectancy is at least several years. However, because of their complex design,
piston pumps cannot normally be repaired in the field.

6.8 PUMP NOISE

Noise is sound that people find undesirable. For example, prolonged exposure to
loud noise can result in loss of hearing. In addition, noise can mask sounds that
people want to hear, such as voice communication between people and warning
signals emanating from safety equipment.

The sounds that people hear come as pressure waves through the surround-
ing air medium. The pressure waves, which possess an amplitude and frequency,
are generated by a vibrating object such as a pump, hydraulic motor, or pipeline.
The human ear receives the sound waves and converts them into electrical signals
that are transmitted to the brain. The brain translates these electrical signals into
the sensation of sound.

The strength of a sound wave, which depends on the pressure amplitude, is
described by its intensity. Infensity is defined as the rate at which sound energy is
transmitted through a unit area. Note that this is the definition of power per unit
area. As such, intensity is typically represented in units of W/m?. However it is
general practice to express this energy-transfer rate in units of decibels (dB).
Decibels give the relative magnitudes of two intensities by comparing the one
under consideration to the intensity of a sound at the threshold of hearing (the
weakest intensity that the human ear can hear). One bel (1 B = 10 dB) represents a
very large change in sound intensity. Thus it has become standard practice to
express sound intensity in units of decibels.

Note that intensity and loudness are not the same, because loudness de-
pends on each person’s sense of hearing. The loudness of a sound may differ for
two people sitting next to each other and listening to the same sound. However
the intensity of a sound, which represents the amount of energy possessed by the
sound, can be measured and thus does not depend on the person hearing it.

One decibel equals approximately the smallest change in intensity that can
be detected by most people. The weakest sound intensity that the human ear can
hear is designated as 0 dB. In contrast, sound intensities of 120 dB or greater
produce pain and may cause permanent loss of hearing.

Figure 6-34 gives examples of some common sounds and the corresponding
intensity levels in decibels. As shown in Fig. 6-34, a sound level of 90 dB is
considered very loud and is represented as the sound level in a noisy factory. The
Occupational Safety and Health Agency (OSHA) stipulates that 90 dB(A) is the
maximum sound level that a person may be exposed to during an 8-hr period in the
workplace. The letter A following the symbol dB signifies that the sound level-
measuring equipment uses a filtering system that more closely simulates the sensi-
tivity of the human ear.

The sound level in dB is obtained by taking the logarithm to the base 10 of
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Figure 6-34. Common sound levels (dB).

the ratio of the intensity under consideration to the threshold of hearing intensity.
The logarithm is used because the intensity of even a moderate sound (50 dB, per
Fig. 6-34) is actually 100,000 (10°) times the smallest intensity that can be detected
by the human ear (0 dB). Using a logarithmic scale reduces this huge factor to a
more comprehensible one, as shown in the following equations:

I (B) = (6-12)

I
o8 rear. Trehl)

where
I = the intensity of a sound under consideration in units of W/m?,
I (hear. thrsh.) = the intensity of a sound at the threshold of hearing in units of
W/m?,
I (B) = the intensity of a sound under consideration in units of bels.

Thus, for a moderate sound the intensity in bels is
I (moderate sound) = log 10° = 5 B

This means that if bels are used, the intensity varies from 0 to only 12 for the entire
sound range from threshold of hearing to threshold of pain. This is a fairly re-
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stricted range. To increase this range by a factor of 10, the decibel is used instead
of the bel per the following equation.

/

LUB) = 10 Jeg o Shren

(6-13)

Thus for a moderate sound, the decibel level is
I (moderate sound) = 10 log 10° = 50 dB
Likewise, for the threshold of hearing, the sound level in dB is
I (hear. thrsh.) = 10log 1 = 0 db

These values check with those provided in Figure 6-34.

Equation (6-13) can be rewritten to determine the amount that the intensity
of sound increases in units of dB if its intensity in W/m? increases by a given
factor. The applicable equation is

I (final)

dB increase = 10 log 7 Gnitial)

(6-14)

Thus for example, if the intensity (in units of W/m?) of a sound doubles, the dB
increase becomes

dB increase = 10 log 2 = 3.01 dB

This result means that if the intensity of a sound increases by only 3.01 dB, the
intensity doubles in power units of W/m?. Hence the change in the intensity of a
sound of only a few dB is significant.

Controlling noise levels is critically important in terms of preventing human
accidents due to noise masking as well as protecting against permanent loss of
hearing. Masking describes the ability of one sound to make the human ear inca-
pable of hearing a second one, such as a safety warning signal. In general, noise
reduction can be accomplished as follows:

1. Make changes to the source of the noise, such as a noisy pump. Problems
here include misaligned pump/motor couplings, improperly installed pump/
motor mounting plates, pump cavitation, and excess pump speed or pres-
sure,

2. Modify components connected to the primary source of the noise. An exam-
ple is the clamping of hydraulic piping at specifically located supports.

3. Use sound-absorption materials in nearby screens or partitions. This prac-
tice will reduce the reflection of sound waves to other areas of the building
where noise can be a problem.
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Noise is a significant parameter used to determine the performance of a
pump. Any increase in the noise level normally indicates increased wear and
imminent pump failure. Pumps are good generators but poor radiators of noise. As
such, pumps are one of the main contributors to noise in a fluid power system.
However, the noise we hear is not just the sound coming directly from the pump.
Itincludes the vibration and fluid pulsations produced by the pump as well. Pumps
are compact, and because of their relatively small size, they are poor radiators of
noise, especially at lower frequencies. Reservoirs, electric motors, and piping,
being large, are better radiators. Therefore, pump-induced vibrations or pulsa-
tions can cause them to radiate audible noise greater than that coming from the
pump. In general, fixed displacement pumps are less noisy than variable displace-
ment units because they have a more rigid construction.

As illustrated in Fig. 6-35, pump speed has a strong effect on noise, whereas
pressure and pump size have about equal but smaller effects. Since these three
factors determine horsepower, they provide a trade-off for noise. To achieve the
lowest noise levels, use the lowest practical speed (1000 or 2000 rpm where
electric motors are used, a reducer gear for engine prime movers) and select the
most advantageous combination of size and pressure to provide the needed horse-
power.

Still yet another noise problem, called cavitation, can occur due to entrained
air bubbles in the hydraulic fluid or vaporization of the hydraulic fluid. This occurs
when suction lift is excessive and the inlet pressure falls below the vapor pressure
of the fluid (usually about 5-psi suction). As a result, air or vapor bubbles, which

1200 RPM |
= 20 GFMm
2000 PSI

SPEED

DISPLACEMENT

PRESSUlFiE

\

‘ Figure 6-35. Data showing effect of
changing size, pressure, and speed on

100 150 200 250 300 noise. (Courtesy of Sperry Vickers,
OPERATING PARAMETER-PERCENT OF BASE Sperry Rand Corp., Troy, Michigan.)
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PUMP DESIGN | NOISE LEVEL (dB-A}
GEAR 80-100
VANE 65-85
PISTON 60-80 ; ;
Figure 6-37. Noise levels for various
SCREW 50-70 pump designs.

form in the low-pressure inlet region of the pump, are collapsed when they reach
the high-pressure discharge region. This produces high fluid velocity and impact
forces, which can erode the metallic components and shorten pump life.

The following rules will control or eliminate cavitation of a pump by keeping

the suction pressure above the saturation pressure of the fluid:

Keep suction line velocities below 5 ft/s.

Keep pump inlet lines as short as possible.

Minimize the number of fittings in the inlet line.

Mount the pump as close as possible to the reservoir.

Use low-pressure drop inlet filters or strainers. Use indicating-type filters
and strainers so that they can be replaced at proper intervals as they become
dirty.

Use the proper oil as recommended by the pump manufacturer. Figure 6-36
shows the preferred range of viscosities and temperatures for optimum
pump operation. The importance of temperature control lies in the fact that
increased temperatures tend to accelerate the liberation of air or vapor bub-
bles. Therefore, oil temperatures should be kept in the range of 120°F to
150°F to provide an optimum viscosity range and maximum resistance to
liberation of air or vapor bubbles to reduce the possibility of cavitation.

Pump noise is created as the internal rotating components abruptly increase

the fluid pressure from inlet to outlet. The abruptness of the pressure increases
plays a big role in the intensity of the pump noise. Thus, the noise level at which a
pump operates depends greatly on the design of the pump. Gear and vane pumps
generate a much higher noise level than do screw pumps. Figure 6-37 provides the
approximate noise levels associated with various pump designs.

6.9 PUMP SELECTION

Pumps are selected by taking into account a number of considerations for a
complete hydraulic system involving a particular application. Among these con-
siderations are flow-rate requirements (gpm), operating speed (rpm), pressure
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rating (psi), performance, reliability, maintenance, cost, and noise. The selection
of a pump typically entails the following sequence of operations:

1. Select the actuator (hydraulic cylinder or motor) that is appropriate based on
the loads encountered.

2. Determine the flow-rate requirements. This involves the calculation of the
flow rate necessary to drive the actuator to move the load through a specified
distance within a given time limit.

3. Determine the pump speed and select the prime mover. This, together with
the flow-rate calculation, determines the pump size (volumetric displace-
ment).

4. Select the pump type based on the application (gear, vane, or piston pump
and fixed or variable displacement).

5. Select the system pressure. This ties in with the actuator size and the magni-
tude of the resistive force produced by the external load on the system. Also
involved here is the total amount of power to be delivered by the pump.

6. Select the reservoir and associated plumbing, including piping, valving, hy-
draulic cylinders, and motors and other miscellaneous components.

7. Calculate the overall cost of the system.

8. Consider factors such as noise levels, horsepower loss, need for a heat
exchanger due to generated heat, pump wear, and scheduled maintenance
service to provide a desired life of the total system.

Normally the sequence of operations is repeated several times with different
sizes and types of components. After the procedure is repeated for several alter-
native systems, the best overall system is selected for the given application. This
process is called optimization. It means determining the ultimate selection of a
combination of system components to produce the most efficient overall system at
minimum cost commensurate with the requirements of a particular application.

6.10 PRESSURE INTENSIFIERS

Although a pump is the primary power source for a hydraulic system, auxiliary
units are frequently employed for special purposes. One such auxiliary unit is the
pressure intensifier or booster.

A pressure intensifier is used to increase the pressure in a hydraulic system
to a value above the pump discharge pressure. It accepts a high-volume flow at
relatively low pump pressure and converts a portion of this flow to high pressure.

Figure 6-38 shows a cutaway view of a Racine pressure booster. The internal
construction consists of an automatically reciprocating large piston that has two
small rod ends (also see Fig. 6-39). This piston has its large area (total area of
piston) exposed to pressure from a low-pressure pump. The force of the low-
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Figure 6-38. Photograph showing
cutaway view of pressure intensifier.
(Courtesy of Rexnord Inc., Hydraulic
Components Division, Racine, Wiscon-
Sin.)

pressure oil moves the piston and causes the small area of the piston rod to force
the oil out at intensified high pressure. This device is symmetrical about a vertical
centerline. Thus, as the large piston reciprocates, the left- and right-hand halves of
the unit duplicate each other during each stroke of the large piston.

The increase in pressure is in direct proportion to the ratio of the large piston
area and the rod area. The volume output is inversely proportional to this same
ratio.

high discharge pressure  area of piston _ high inlet flow rate
low inlet pressure area of rod low discharge flow rate

(6-15)

EXHAUST
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LOW PRESSURE
o] ]

L

1.5# ;ﬁi
HIGH PRESSURE e pR e
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P TIPTTIZANNNN

Figure 6-39. Sketch showing oil flow paths of pressure intensifier. (Courtesy of
Rexnord Inc., Hydraulic Components Division, Racine, Wisconsin.)
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Racine pressure boosters are available with area ratios of 3:1, 5:1, and 7:1,
developing pressures to 5000 psi and flows to 7 gpm. There are many applications
for pressure intensifiers such as the elimination of a high-pressure/low-flow pump
used in conjunction with a low-pressure/high-flow pump. In an application such as
a punch press, it is necessary to extend a hydraulic cylinder rapidly using little
pressure to get the ram near the sheet metal strip as quickly as possible. Then the
cylinder must exert a large force using only a small flow rate. The large force is
needed to punch the workpiece from the sheet metal strip. Since the strip is thin,
only a small flow rate is required to perform the punching operation in a small
period of time. The use of the pressure intensifier results in a significant cost
savings in this application, because it replaces the expensive high-pressure pump
that would normally be required.

EXAMPLE. 6-8 : -
Ol at 20 gpm and 500 psi enters the low- pl‘e‘ibﬂl‘e mlet of a S 1 Racine booster. Find
the dlschdrge ﬁow and pressure. : -

'Solutfon Substltute dlrectly mto Eq (6 15)

high discharge pressure 5 o gpm

500 pb}. " " 1 low discharge flow rate

So]vmg for the unknown quamlttes, we have _

__h1g_h dls(_:hargc pressure = 5(500 psi) = 2500 psi

low discharge flow rate = %Q = 4 gpm

6.11 PUMP PERFORMANCE RATINGS IN
METRIC UNITS

Performance data for hydraulic pumps are measured and specified in metric units
as well as English units. Figure 6-40 shows actual performance data curves for a
Vickers Model VVB20 variable displacement, pressure-compensated vane pump
operating at 1200 rpm. The curves give values of flow rate (gpm), efficiency and
power (HP and kW) versus output pressure (psi and bars). This particular pump
(see Fig. 6-40) can operate at speeds between 1000 and 1800 rpm, is rated at 2540
psi (175 bars), and has a nominal displacement volume of 1.22 in.}/rev (20 cm®/
rev). Figure 6-41 shows a sectional view of this pump along with an outline
drawing containing dimensions in inches and millimeters. Although the curves
give flow rates in gpm, metric flow rates of liters per second (L/s) are frequently
specified.
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Performance Data

Typical for single pumps or sections at 1200
rem; full oil displacement at 150 SUS, 104°F
(40"C). Note compensator characteristics in
flow curve shown with each control diagram.

Model VVB020 SSHT

100 10

50 Volumetric efficiency""‘""-'—-—--_l-.__.________ i

80 -~ —=T"1—0verall efficiency 1 8
= oy —T | . | A — 10
o // e
B ] Sl e o
8& o - i 16 SE
=R |l 5 LT
=c 50 Input power, max —— s
R displacement_~7 z3
"o 40 = -~ 14 50 5
S | oo
zW a5 — ] Effective output flow 3
2 | —\
“ 20 " ﬂow| G\ S vt || H

/ owef‘ zerd _...---______,...-.-----\
10 ] input P I ortrols All other 1
controls
" el i { ret b b o
Q 25 50 75 100 125 150 175
Outlet pressurre{bar} |

PSI 0O 500 1000 1500 2000 2500

Figure 6-40. English/metric performance curves for variable displacement, pres-
sure-compensated vane pump at 1200 rpm. (Courtesy of Vickers, Inc., Troy,
Michigan.)
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Dimensions in inches
and (millimeters).
Modei | A B [¢c]| o E F@ G H J K@ L M N P
WB020p | 472 | 583 | 56 | 3.15 | 3.84 | 5.005/4.995 | 2.13 | 504 | 335 1.111/1.101 | 1.81 | 232 | 323 | 3.23
(120) | (147) | (14} | (BO) (98) {127) {54) | (128) | (85) | (28.22/28.00) | (46} {58) (82) (82)
Sectional view
Figure 6-41, Sectional view of vane pump along with outline drawing containing

dimensions in inches and millimeters. (Courtesy of Vickers, Inc., Troy, Michi-

gan.)
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One liter equals 1000 ¢cm?® or 0.001 m? (a liter is defined as the volume of a
cube having sides of length equal to 10 ¢m). In terms of English units, the follow-
ing conversion factor is applicable since 1 in, = 2.54 cm:

1L = 1000 cm® X (s%—) = 61.0in

2.54 cm

Since 1 gt equals 231 in.*/4, or 57.7 in.?, we can conclude that 1 L equals 61.0/57.7
qt, or 1.06 qt. Thus, a liter is about 6% larger than a quart.

::-..:EXAMPLE 6 9 :
A :bump has a djspiaccmem volume of 100 cm3 It dehvera 0.0015 m¥/s at 1000 rpm
. :and 70 bars If the pr:me mover input torque is 120 N-m,

a. Whai is the overall efﬁmency of the pump?
b What is the theoretlca} torque required to operate the pump"

":..'::Saluuon

. a Use Eq (6-1M), where the volumemc d:splacement is

' S hm e 5
. . VD = IO{) (100 s ) 0.000100 m*/rey
 wehave
Or = VpN = (0.000100 m?/rev) (% rev__fs'.) = 0.00167 m%/s
Next solve for the volu.r'petric efficiency:

: i 0.0015
.nu'z%i X 100 = 05001167 <100 = 898%

~ Then solve for the mechanical efficiency:

: 5 2 3
= r% 100 = (70 x 10° N/m?)(0. 0016? m¥s) _ 100
o (120 N-m) (1000 X ~6-6 rad/s)
11,690 Nems

™" 570 N < 10 o - 5.0
. Note thal the prodnct TN gives power in units of N-m/s (W) where torque (7) has
_:umts of N- ‘m and shaft speed has units of rad/s. Finally, we solve for the overall
“;.eﬂic:lency '

. nm, 898 %930
Me”io0 0

- 83.5%
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DT, . 3'(1:26}'{6 93) = 112 N-m

s, due tn mechamcal losses within the | pump, 120 N m of {orque are required to
iy _the pump mstead of 112 N ‘m. .

EXERCISES

Questions, Concepts, and Definitions

6-1.
6-2.

6-3.
6-4.
6-5.
6-6.
6-7.

6-8.

6-9.
6-10.
6-11.
6-12.

6-13.
6-14.
6-15.
6-16.
6-17.
6-18.
6-19.
6-20.
6-21.
6-22.
6-23.
6-24.
6-25.

Name the three popular construction types of positive displacement pumps.

What is a positive displacement pump, and in what ways does it differ from a
centrifugal pump?

How is the pumping action in positive displacement pumps accomplished?

How is the volumetric efficiency of a positive displacement pump determined?
How is the mechanical efficiency of a positive displacement pump determined?
How is the overall efficiency of a positive displacement pump determined?
Explain how atmospheric pressure pushes hydraulic oil up into the inlet port of a
pump.

What is the difference between a fixed displacement pump and a variable displace-
ment pump?

Name three designs of external gear pumps.

Name two designs of internal gear pumps.

Why is the operation of a screw pump quiet?

Name the important considerations when selecting a pump for a particular
application.

What is a pressure-compensated vane pump, and how does it work?

What is pump cavitation, and what is its cause?

How is pressure developed in a hydraulic system?

Why should the suction head of a pump not exceed 5 psi?

Why must positive displacement pumps be protected by relief valves?

Why are centrifugal pumps so little used in fluid power systems?

What are the reasons for the popularity of external gear pumps?

What is meant by a balanced-design hydraulic pump?

What is a pressure intensifier? List one application.

Name the two basic types of piston pumps.

What parameters affect the noise level of a positive displacement pump?

What is meant by the pressure rating of a positive displacement pump?

Name four rules that will control or eliminate cavitation of a pump.
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6-26.

6-27.

6-28.
6-29.
6-30.
6-31.
6-32.
6-33.
6-34.
6-35.
6-36.

6-37.

6-38.
6-39.
6-40.
6-41.
6-42.
6-43.
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Comment on the relative comparison in performance among gear, vane, and piston
pumps.

What pressure is typically available to push liquid into the inlet port of a pump?
Why?

How is pressure created in a hydraulic system?

What are the basic characteristics of positive displacement pumps?

What are two ways of expressing pump size?

What types of pumps are available in variable displacement designs?

Explain the principle of a balanced vane design pump.

How can displacement be varied in an axial piston pump?

What limits the pressure capability of a gear pump?

What are two ways of altering displacement volumes in gear pumps?

Explain how the size of the pumping chamber of a variable displacement vane pump
is changed.

How is the capability of a variable displacement pump affected by the addition of
pressure compensation?

What distinction is made between the terms sound and noise?

What is the difference between the terms sound intensity and sound loudness?
What is a decibel? Why are decibels used instead of bels to measure sound intensity?
What two human-safety concerns exist due to excessive noise levels?

Name the three principal ways in which noise reduction can be accomplished.
Why do screw pumps generate less noise than do gear, vane, and piston pumps?

Problems

Note: The letter E following an exercise number means that English units are used.

Similarly, the letter M indicates metric units.

Pump Flow Rates

6-44E. What is the theoretical flow rate from a fixed displacement, axial piston pump with

a nine-bore cylinder operating at 2000 rpm? Each bore has a 0.5-in. diameter, and
the stroke is 0.75 in.

6-45E. A vane pump is to have a volumetric displacement of 7 in., It has a rotor diameter

of 23 in., a cam ring diameter of 3} in., and a vane width of 2 in. What must be the
eccentricity?

6-46E. Find the offset angle for an axial piston pump that delivers 30 gpm at 3000 rpm. The

pump has nine §-in.-diameter pistons arranged on a 5-in. piston circle diameter.

6-47M. What is the theoretical flow rate from a fixed displacement, axial piston pump with

a nine-bore cylinder operating at 2000 rpm? Each bore has a 15-mm diameter and
the stroke is 20 mm.

6-48M. A vane pump is to have a volumetric displacement of 115 cm?®. It has a rotor

diameter of 63.5 mm, a cam ring diameter of 88.9 mm, and a vane width of 50.8
mm. What must be the eccentricity?

6-49M. Find the offset angle for an axial piston pump that delivers 0,0019 m¥/s at 3000 rpm.
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The pump has nine 15.9-mm-diameter pistons arranged on a 127-mm piston circle
diameter.

-50M. A pump having a 96% volumetric efficiency delivers 29 L/min of oil at 1000 rpm.
What is the volumetric displacement of the pump?

6-51. What is the metric equivalent of the following equation?

VN
Q=33

Pump Efficiencies

6-52. A positive displacement pump has an overall efficiency of 88% and a volumetric
efficiency of 92%. What is the mechanical efficiency?
6-53E. A gear pump has a 3i-in. outside diameter, a 2i-in. inside diameter, and a 1-in.
width. If the actual pump flow rate at 1800 rpm and rated pressure is 29 gpm, what
is the volumetric efficiency?
6-54M. A gear pump has a 82.6-mm outside diameter, a 57.2-mm inside diameter, and a
25.4-mm width. If the actual pump flow at 1800 rpm and rated pressure is 0.00183
m?/s, what is the volumetric efficiency?
6-55E. A pump has an overall efficiency of 88% and a volumetric efficiency of 92% while
consuming 8 hp. Determine the mechanical efficiency and the frictional horse-
power.
6-56M. Determine the overall efficiency of a pump driven by a 10-hp prime mover if the
pump delivers fluid at 40 L/min at a pressure of 10 MPa.
6-57. The intensity (in units of W/m?) of the noise of a pump increases by a factor of 10
due to cavitation. What is the corresponding increase in noise level in decibels?

Pump Power

6-58E. How much hydraulic horsepower would a pump produce when operating at 2000
psi and delivering 10 gpm? What hp electric motor would be selected to drive this
pump if its overall efficiency is 85%7

6-59E. A pump has a displacement volume of 6 in.?. It delivers 24 gpm at 1000 rpm and
1000 psi. If the prime mover input torque is 1100 in.-lb,
a. What is the overall efficiency of the pump?
b. What is the theoretical torque required to operate the pump?

6-60M. How much hydraulic power would a pump produce when operating at 140 bars and
delivering 0.001 m¥/s of 0il? What power-rated electric motor would be selected to
drive this pump if its overall efficiency is 85%7

6-61M. A pump has a displacement volume of 98.4 cm®. It delivers 0.0152 m¥/s of oil at

/M 1000 rpm and 70 bars. If the prime mover input torque is 124.3 N-m,
a. What is the overall efficiency of the pump?
b. What is the theoretical torque required to operate the pump?
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6-62E. A pump operates at 3000 psi and delivers 5 gpm. It requires 10 hp to drive the
pump. Determine the overall efficiency of the pump. If the pump is driven at 1000
rpm, what is the input torque to the pump?

6-63E. A pump has a displacement volume of 6 in.® and delivers 29 gpm at 1200 rpm and
500 psi. If the overall efficiency of the pump is 88%, find the actual torque required
to operate the pump.

6-64E. A 1.5-in.%/rev displacement pump delivers 10 gpm at a pressure of 2000 psi. At
100% overall efficiency, what prime mover hp and speed are required?

Pressure Intensifiers

6-65E. Oil at 21 gpm and 1000 psi enters the low-pressure inlet of a 3:1 Racine booster.
Find the discharge flow rate and pressure.

6-66M. Oil at 0.001 m¥s and 70 bars enters the low pressure inlet of a 3:1 Racine booster.
Find the discharge flow rate and pressure.

System Problems
6-67E. For the fluid power system of Fig. 6-42, the following data are given:
cylinder piston diameter = 8 in.
cylinder rod diameter = 4 in.
extending speed of cylinder = 3 in./s
external load on cylinder = 40,000 Ib
92%
90%

pump volumetric efficiency

pump mechanical efficiency

pump speed = 1800 rpm

pump inlet pressure = —4.0 psi
CYLINDER
F
—-—
CHECK EXESEBJAL
VALVE
PUMP
@ VENT
1J/‘—
L ljj
DIRECTIONAL
RESERVOIR CONTROL VALVE

Figure 6-42. System for Exercise 6-67.
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6-68M.

The total pressure drop in the line from the pump discharge port to the blank end of
the cylinder is 75 psi. The total pressure drop in the return line from the rod end of
the cylinder is 50 psi. Determine the

a. Volumetric displacement of the pump

b. Input hp required to drive the pump

¢. Input torque required to drive the pump

d. Percentage of pump input power delivered to the load

For the system of Exercise 6-67, change the data to metric units and solve parts a,
b, ¢, and d.

Computer Programming

6-69E.

6-T0M.

Write a computer program to solve the problem of Exercise 6-67. Execute your

program using values of 30,000 Ib, 40,000 Ib, and 50,000 Ib for the external load on
the cylinder.

Write a computer program to solve the problem of Exercise 6-68. Execute your

program using values of 120,000 N, 160,000 N, and 200,000 N for the external load
on the cylinder.
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Learning Objectives
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Upon completing this chapter, you should be able to

1.
2.

30

10.

11.
12.
13.
14.

Describe the construction and design features of hydraulic cylinders.
Identify the various types of hydraulic cylinder mountings and mechanical
linkages for transmitting power.

Calculate the load-carrying capacity. speed, and power of hydraulic cylin-
ders during the extending and retracting strokes.

. Determine the maximum pressure developed by cushions at the ends of a

hydraulic cylinder.
Explain the operation and features of double-rod cylinders and telescoping ;
cylinders.

. Analyze hydraulic cylinder piston rod forces resulting from driving external

loads via various mechanical linkages.

. Evaluate torque-pressure-displacement relationships for limited rotation hy-

draulic actuators.

Explain the operation of gear, vane, and piston hydraulic motors.
Evaluate the performance of hydraulic motors by determining the volumet-
ric, mechanical, and overall efficiencies.

Make a comparison of the various performance factors of gear, vane, and
piston hydraulic motors.

Determine the design torque and power delivered by hydraulic motors.
Analyze the operation and performance of hydrostatic transmissions.
Understand the design and operation of electrohydraulic stepping motors.

Describe the design and operation of low-speed. high-torque hydraulic mo-
tors.
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7.1 INTRODUCTION

Pumps perform the function of adding energy to a hydraulic system for transmis-
sion to some remote point. Fluid power actuators do just the opposite. They
extract energy from a fluid and convert it to a mechanical output to perform useful
work.

Fluid power can be transmitted through either linear or rotary motion by
using linear actuators called hydraulic cylinders or rotary actuators called hydrau-
lic motors. Hydraulic cylinders extend and retract to perform a complete cycle of
operation. They sometimes include cushions in their end plates to prevent shock
loading, which can damage the moving piston or the stationary cylinder end
plates. Rotary actuators can be of the limited rotation or the continuous rotation
type. Limited rotation motors are frequently called oscillation fluid motors be-
cause they produce a reciprocating motion. Continuous rotary hydraulic motors
(or simply hydraulic motors), in reality, are pumps that have been redesigned to
withstand the different forces that are involved in motor applications. As a result,
hydraulic motors are of the gear, vane, or piston configuration. A gear motor, like
a gear pump, must be a fixed displacement unit. Also, as in the case of pumps,
piston motors can be either fixed or variable displacement units.

Hydrostatic transmissions are hydraulic systems specifically designed to
have a pump drive a hydraulic motor. Thus, a hydrostatic transmission simply
transforms mechanical power into fluid power and then reconverts the fluid power
back into shaft power. The advantages of hydrostatic transmissions include power
transmission to remote areas, infinitely variable speed control, self-overload pro-
tection, reverse rotation capability, dynamic braking, and a high horsepower-to-
weight ratio. They are used in applications where lifting, lowering, opening, clos-
ing, and indexing arc required. Specific applications include materials handling
equipment, farm tractors, railway locomotives, buses, automobiles, and machine
tools.

7.2 LINEAR HYDRAULIC ACTUATORS
(HYDRAULIC CYLINDERS)

Overall Operating Features

The simplest type of linear actuator is the single-acting cylinder, which is shown
schematically in Fig. 7-1(a). 1t consists of a piston inside a cylindrical housing
called a barrel. Attached to one end of the piston is a rod, which extends outside
one end of the cylinder (rod end). At the other end (blank end) is a port for the
entrance and exit of oil, A single-acting cylinder can exert a force in only the
extending direction as fluid from the pump enters the blank end of the cylinder.
Single-acting cylinders do not retract hydraulically. Retraction is accomplished by
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% EXTENSION
Z <

ROD ~ ]
TAACTION |

PISTON

RETRACTION

OIL FROM
PUMP

BARREL

{a) SCHEMATIC REPRESENTATION (b) SYMBOLIC REPRESENTATION

Figure 7-1. Single-acting hydraulic cylinder.

using gravity or by the inclusion of a compression spring in the rod end. Figure
7-1(b) shows the symbolic representation of a single-acting cylinder.

Figure 7-2 shows the design of a double-acting hydraulic cylinder. Such a
cylinder can be extended and retracted hydraulically. Thus, an output force can
be applied in two directions (extension and retraction). This particular cylinder
has a working pressure rating of 2000 psi for its smallest bore size of 1% in. and 800
psi for its largest bore size of 8 in.

The nomenclature of a double-acting cylinder is provided in Fig. 7-2. In this
design, the barrel is made of seamless steel tubing, honed to a fine finish on the
inside. The piston, which is made of ductile iron, contains U-cup packings to seal
against leakage between the piston and barrel. The ports are located in the end
caps, which are secured to the barrel by tie rods. The tapered cushion plungers
provide smooth deceleration at both ends of the stroke. Therefore, the piston does
not bang into the end caps with excessive impact, which could damage the hy-
draulic cylinder after a given number of cycles. The symbol for a double-acting
cylinder is shown in Fig. 7-3. Notice that the symbol implies how the cylinder
operates without showing any details. In drawing hydraulic circuits (as done in
Chapter 9), symbolic representation of all components will be used. This facili-
tates circuit analysis and troubleshooting. Also, it would be too time-consuming to
draw each component schematically. The symbols, which are merely combina-
tions of simple geometric figures such as circles, rectangles, and lines, make no
attempt to show the internal configuration of a component. However, symbols
must clearly show the function of each component.

Various types of cylinder mountings are in existence, as illustrated in Fig.
7-4. This permits versatility in the anchoring of cylinders. The rod ends are usually
threaded so that they can be attached directly to the load, a clevis, a yoke, or
some other mating device.

Through the use of various mechanical linkages, the applications of hydrau-
lic cylinders are limited only by the ingenuity of the fluid power designer. As
illustrated in Fig. 7-5, these linkages can transform a linear motion into either an
oscillating or rotary motion. In addition, linkages can also be employed to in-
crease or decrease the effective leverage and stroke of a cylinder.
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Figure 7-3.  Symbolic representation of
I double-acting cylinder. (Courtesy of
Sheffer Corp., Cincinnari, Ohio.)

Much effort has been made by manufacturers of hydraulic cylinders to re-
duce or eliminate the side loading of cylinders created as a result of misalignment.
Itis almost impossible to achieve perfect alignment even though the alignment of a
hydraulic cylinder has a direct bearing on its life.

A universal alignment mounting accessory designed to reduce misalignment
problems is illustrated in Fig. 7-6. By using one of these accessory components
and a mating clevis at each end of the cylinder (see Fig. 7-6). the following benefits
are obtained:

FOOT AND RECTANGULAR SQUARE FLANGE
CENTERLINE FLANGE MOUNT MOUNT
LUG MOUNTS

TRUNMION CLEVIS MOUNT FLUSH SIDE
MOUNT MOUNT

INTERMEDIATE EXTENDED DOUBLE ROD END
TRUNNION TIE ROD
MOUNT

Figure 7-4. Various cylinder mountings. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Trov, Michigan.)
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multiplied 2:1 in twg directions rotary motion

- s ¥ 5 -
Fast rotary motion Four positive posifions Tramme| plate Moton tronsferred

-
Engine borring
using steep screw nut with two cylinders fo adistant point

Figure 7-5. Typical mechanical linkages that can be combined with hydraulic cylinders.
(Courtesy of Rexnord Inc., Hyvdraulic Components Division, Racine, Wiscon sin.)

Figure 7-6. Universal alignment mounting accessory for fluid cylinders. (Couwr-
tesy of Sheffer Corp., Cincinnati, Ohio.)
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Freer range of mounting positions

Reduced cylinder binding and side loading

Allowance for universal swivel

. Reduced bearing and tube wear

Elimination of piston blow-by caused by misalignment

R

The force output and piston velocity of double-acting cylinders is not the
same for extension and retraction strokes. This phenomenon is due to the effect of
the rod and is defined by Eqgs. (7-1)—(7-4).

Extension stroke:

force (Ib) = pressure (psi) x piston area (in.?) (7-1)
force (N) = pressure (N/m?) X piston area (m?) (7-1M)

input flow (ft*/s)
piston area (f1%)

velocity (fi/s) =

. _input flow (m?/s) 5
velocity (m/s) = piston area () (7-2M)

Retraction stroke:

force (Ib) = pressure (psi) X [piston area (in.2) — rod area (in.2)]

(7-32)
force (N) = pressure (N/m?) X [piston area (m? — rod area (m?)]
(7-3M)
L input flow (ft*/s)
velocity (ft/s) = piston area (ft*) — rod area (f1) (=4
H Nils
velocity (m/s) = input flow (m?/s) (7-4M)

piston area (m*) — rod area (m?)

The hydraulic horsepower developed by a hydraulic cylinder can be found
using

_ piston velocity (ft/s) x hydraulic force (Ib)
B 550

horsepower

_ input flow (gpm) X pressure (psi)
B 1714

(7-5)
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Using metric units, the kW power developed is

kW power = input flow (m?/s) x pressure (kPa) (7-5M)

ExampLE 7-1.

A pump supplies oil at 20 gpm tc a 2-in. »dlameter double—ac&mg hydraullc cylinder
Ihe load i% 1000 1b (extendmg and retracting) and the rod dlameter is 1 in., find

a. 'The__ hydraulic pre'ssure during the*exte'uding str_oke

b. The piston velocity during the extending stroke

£ The-giyi:inder horsepower during the extending stroke
d. The hydraulic pressure during the retraction stroke
e. The piston velocity during the retraction stroke

f. The cylinder horsepower during the retraction stroke

Sa!.uh'on. i o :
vl force (1b) o 1000 _ 1000 _ 318 psi
8 PiEn _ piston area (in.?)  (w/4)2)7  3.14
. input flow (ft}/s) _ 20/448 _ 0.0446
b. velocity = Siston area (1)  3.14/144  0.0218 4 fo

_piston velocity (ft/s) X hydraulic force (Ib)
e HP = . %350

{2 05)( 1000)

350 -372h

or

mput flow (gpm) X _pressure {psn) (20}{313} . hp .

HE - = e v
i L force (Ib)
o pl:cssum- _piston area (m 1} — rod area (m Z)
. 0 1000

~ 425 psi. .

3 14 = («M)(m z 355

Theretore as expected more pressure is required to retract than extend the same
load due to the effect cf the rod
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input flow (ft/s)
piston area (ft°) — rod area (ft)
0,046 : L
" 2.355/144

e velocity =

= 273 ft/s

Th:ereﬁ;:ir;:. as expected (for the same pump flow), the piston retraction velocity is
. greater than that for extension due to the effect of the rod.

- HP 5 piston ‘ve:lé_city-_ (ft/s) x hydraulic force (ib)

e : 350
_emen

L T

HP _ input flow (gpm) X pressure (psi) _ (20)425)
vl 1714 1714

= = 4.96 hp
 Thus, more _'Hﬁrs:épowef is supplied by the cylinder during the retraction stroke
- because the piston velocity is;-;_gremer during retraction and the load force remained
_ the same during both strokes. This, of caurse, was accomplished by the greater
~ pressure level during the retraction stroke. Recall that the pump output flow rate is

constant, with a value of 20 gpm,

Cylinder Cushions

Double-acting cylinders sometimes contain cylinder cushions at the ends of
the cylinder to slow the piston down near the ends of the stroke. This prevents
excessive impact when the piston is stopped by the end caps, as illustrated in Fig.
7-7. As shown, deceleration starts when the tapered plunger enters the opening in
the cap. This restricts the exhaust flow from the barrel to the port. During the last
small portion of the stroke, the oil must exhaust through an adjustable opening.
The cushion design also incorporates a check valve to allow free flow to the piston
during direction reversal.

The maximum pressure developed by cushions at the ends of a cylinder must
be considered since excessive pressure buildup would rupture the cylinder. Ex-
ample 7-2 illustrates how to calculate this pressure, which decelerates the piston
at the ends of its extension and retraction strokes.

A pump delivers oil at a rate of 18.2 gpm into the blank end of the 3-in.-diameter

hydrau_i_ic_i:’ylihder shown in Fig. 7-8. The piston contains a l-in.-diameter cushion
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1. EXHAUST FLOW
PASSES FREELY OUT
OF CYLINDER UNTIL ...

5. CHECK VALVE
ALLOWS FREE FLOW
TO PISTON FOR \

2. PLUNGER ENTERS
CAP...

EXTENSION

3. NOW FLOW MUST

TAKE RESTRICTED PATH
CAUSING THE PISTON
TO DECELERATE

4. RATE OF DECELERATION
IS CONTROLLED BY ADJUSTABLE
OPENING.

Figure 7-7.  Operation of cylinder cushions. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)

i :_'é'lun'ger:tl'ia{'is 0 'HITn lung.' nd the1 efore I’hc pi%wn de’.ce]erateq over a distance of

:pump pressure rehbf valve se:lmg equalq 750 psi. Therefore, Lhc maximum pressure
f‘( P 1) at. the blank end of the cylinder equals 750 psi while the cushion is decelerating
jthe pﬁton Fmd the md}umum pfesqure (F3) dcveloped by the cushion.
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CUSHION
PLUNGER
—\H =
5 '\ W= 1500 LB
@ RoD o LOAD
-] ?| | a

1 1 A\

Qy =18.2 GPM Qour

Figure 7-8. Cylinder cushion problem for Example 7-2.

(18.2/448) f6%/s _ 0.0406
| .**'4‘?(3)21144} e~ 0.049

= 0;83. ft/s

(7-6)
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fght (W) divid

d by the acceleration of

(7-7)

[(1500)(5. _')23"2”21'55 750@;3}'{3} - (. 12)(15{30)
T (wm)(aﬁ i {17'1’4}{1}2

Special Cylinder Designs

In Fig. 7-9 we see a unique, compact, self-contained hydraulic package called the
Powr-Pak by its manufacturer. It supplies a force where a minimum size and
maximum power are required. To provide for flexibility of operation, a selection
of speeds and power is available. It consists of a heavy-duty hydraulic cylinder, a

Figure 7-9. Powr-Pak hydraulic power
package. (Courtesy of Sheffer Corp..
Cincinnati, Ohio.)
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reversible electric motor, a reversible Gerotor pump, a reservoir, and automatic
valving. This package is a complete hydraulic power system that is simple and
easy to put into operation. You mount it and connect three wires through a
reversing switch to an electrical power source. Because manifold porting is uti-
lized, the customer does not have to do any plumbing. The mounting operation is
simplified because 11 standard mountings are available. The hydraulic cylinder
comes in bore sizes from 2% to 14 in. Operating pressures up to 2000 psi are
obtainable. Figure 7-10 shows the Powr-Pak mounted to a press-type machine.
Applications that have also been found for this system (due to its versatility, low
cost, and reliability) include forming, bending, clamping, raising and lowering,
and tilting operations.

Figure 7-11 illustrates a double-rod cylinder in which the rod extends out of
the cylinder at both ends. For such a cylinder, the words extend and retract have
no meaning. Since the force and speed are the same for either end, this type of
cylinder is typically used when the same task is to be performed at either end.

Figore 7-10.  Powr-Pak driving a press-
type machine. (Courtesy af Sheffer
Carp., Cincinnati, Ohio.)
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Figure 7-11., Double-rod cylinder.
(Courtesy of Allenair Corp., Mineola,
New York.)

Since each end contains the same size rod, the velocity of the piston is the same
for both strokes.

Figure 7-12 illustrates the internal design features of a telescopic cylinder.
This type actually contains multiple cylinders that slide inside each other. They
are used where long work strokes are required but the full retraction length must
be minimized. One application for a telescopic cylinder is the high-lift fork truck,
illustrated in Fig. 7-13.

Figure 7-12. Telescopic cylinder.
(Courtesy of Commercial Shearing,
Inc., Youngstown, Ohio.)
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Figure 7-13. High-lift fork truck.
(Courtesy of Eaton Corp., Industrial
Truck Division, Philadelphia, Pennsyl-
vania.)

7.3 MECHANICS OF HYDRAULIC

CYLINDER LOADINGS

In many applications the load that a hydraulic cylinder must overcome does not
act along the axis of the hydraulic cylinder. The following is an analysis on how to
determine the hydraulic cylinder force required to drive nonaxial loads using the
first-class, second-class, and third-class lever systems of Fig. 7-5. Notice that in
first-class, second-class, and third-class lever systems, the cylinder rod and load
rod are pin-connected by a lever that can rotate about a fixed hinge pin. A similar
analysis can be made of any of the other types of linkage arrangements shown in
Fig. 7-5.

First-Class Lever System

Figure 7-14 shows a first-class lever system, which is characterized by the lever
fixed-hinge pin being located between the cylinder and load rod pins. Note that the
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CYLINDER
ROD PIN
Fcy!l

CYLINDER

TRRRNTERERRRRINRRSN

Figure 7-14. Use of a first-class lever to drive a load.

length of the level portion from the cylinder rod pin to the fixed hinge is L,,
whereas the length of the lever portion from the load rod pin to the fixed hinge
is Lz.

To determine the cylinder force Fy required to drive a load force Fi.g, we
equate moments about the fixed hinge, which is the pivot point of the lever, The
cylinder force attempts to rotate the lever counter clockwise about the pivot, and
this creates a counterclockwise moment. Similarly. the load force creates a clock-

wise moment about the pivot. At equilibrium, these two moments are equal in
magnitude:

Counterclockwise moment = clockwise moment

Fea(Licos ) = Fla(Lcos 6)

or

Ly ..
ﬁ f]oad (7"8]

-Fc.vl =

It should be noted that the cylinder is clevis-mounted (see Fig. 7-4 for the

clevis-mount destgn) to allow the rod pinned end to travel along the circular path

of the lever as it rotates about its fixed hinge pin. If the centerline of the hydraulic

cylinder becomes offset by an angle ¢ from the vertical, as shown in Fig. 7-14, the
relationship becomes
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Feg(Licos 6 X cos ¢) = FioulLcos 6)
or

. Ly .
‘FL‘Y' - m Fhmd (7-9)

Examination of Eq. (7-8) shows that when L, (distance from cylinder rod to
hinge pin) is greater than L,, the cylinder force is less than the load force. Of
course, this results in a load stroke that is less than the cylinder stroke, as required
by the conservation of energy law. When ¢ is 10° or less, the value of cos ¢ is very
nearly unity (cos 0° = 1 and cos 10° = 0.985) and thus Eq. (7-8) can be used instead
of Eq. (7-9).

The length of the moment arm for either the cylinder force or the load force
is the perpendicular distance from the hinge pin to the line of action of the force.
Thus, for the development of Eq. (7-8), the moment arms are L,cos 6 and L.cos 6
rather than simply L, and L,. Similarly, for the development of Eq. (7-9), the
moment arm for the cylinder force is L cos # % cos ¢. rather than simply L,cos 6,
which is based on the assumption that ¢ = 0°.

Second-Class Lever System

Figure 7-15 shows a second-class lever system, which is characterized by the load
rod pin being located between the fixed hinge pin and cylinder rod pin of the lever.

Figure 7-15. Use of a second-class

NN NN NN NN lever system to drive a load.
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The analysis is accomplished by equating moments about the fixed hinge pin,
as follows:

Feycos (L) + L;)cos ) = Figl(lscos 6)

or

L,

Feji= Ty = 10068 & Floa

(7-10)

Comparing Eq. (7-9) to Eq. (7-10) shows that a smaller cylinder force is
required to drive a given load force for a given lever length if a second-class lever
is used instead of a first-class lever. Thus, using a second-class lever rather than a
first-class lever reduces the required cylinder piston area for a given application.
Of course, using a second-class lever also results in a smaller load stroke for a
given cylinder stroke.

Third-Class Lever System

As shown in Fig. 7-16, for a third-class lever system the cylinder rod pin lies
between the load rod pin and fixed hinge pin of the lever.

Ls FIXED
HINGE
PIN

l

Fioad

Figure 7-16. Use of a third-class lever
NN NN system to drive a load.
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Equating moments about the fixed hinge pin yields

Feycos ¢p(Lacos 8) = Figa(Ly + L) cos 8

or

FC}’! = chos (ﬁ load

(7-11)

Examination of Eq. (7-11) reveals that for a class-three lever, the cylinder
force is greater than the load force. The reason for using a class-three lever system
would be to produce a load stroke that is greater than the cylinder stroke, at the
expense of requiring a larger cylinder diameter.
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7.4 LIMITED ROTATION HYDRAULIC ACTUATOR

A limited rotation hydraulic actuator (or rotary actuator) provides rotary output
motion over a finite angle. This device produces high instantaneous torque in
either direction and requires only small space and simple mountings. Rotary
actuators consist of a chamber or chambers containing the working fluid and a
movable surface against which the fluid acts. The movable surface is connected to
an output shaft to produce the output motion. A direct-acting vane-type actuator
is shown schematically in Fig. 7-17. Fluid under pressure is directed to one side of
the moving vane, causing it to rotate. This type provides about 280° of rotation.
Vane unit capacity ranges from 3 to 1 million in.-Ib.

Rotary actuators are available with working pressures up to 5000 psi. They
are typically mounted by foot, flange, and end mounts. Cushioning devices are
available in most designs. Figure 7-18 shows an actual rotary actuator similar to

Stationary

Figure 7-17. Limited rotation hydrau-
lic actuator. (Courtesy of Rexnord Inc.,
Hydraulic Components Division, Ra-
cine, Wisconsin.)

Rotating
vane

Figure 7-18. Rotary actuator. (Cour-
tesy of Ex-cell-O Corp., Troy, Michi-
g
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the design depicted schematically in Fig. 7-17. Since it contains two vanes, the
maximum angle of rotation is reduced to about 100°. However, the torque-carry-
ing capacity is twice that obtained by a single-vane design. This particular unit can
operate with either air or oil at pressures up to 1000 psi.

The following nomenclature and analysis are applicable to a limited rotation
hydraulic actuator containing a single rotating vane:
Rg = outer radius of rotor (in., m)
Ry = outer radius of vane (in., m)
L = width of vane (in., m)
P = hydraulic pressure (psi, Pa)
F = hydraulic force acting on vane (Ib, N)
A = surface area of vane in contact with oil (in.2, m?)
T = torque developed (in.-lb, N-m)
The force on the vane equals the pressure times the vane surface area:

F =PA = P(Ry— Rp)L

The torque equals the vane force times the mean radius of the vane:

Ry +
T=P(Ry — Rp)L %{)
Upon rearranging we have
P - )
T=7L(Rtf— R3) (7-12)

A second equation for torque can be developed by noting the following
relationship for volumetric displacement Vp:

Vb= m(R}— RR)L (7-13)
Combining Egs. (7-12) and (7-13) yields

_PVp

F=F%

(7-14)
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Observe from Eq. (7-14) that torque output can be increased by increasing
the pressure or volumetric displacement or both.

| Exawre74

: 'A smgle»vane ratary actuator bas the foﬂomng physwal data:

~ outer mdius of rotor = 0 5in.

quter radms of vane = 1.5- in.

It

width of vane = 1 in.

i the torque lnad is 1000 in. lb what pressure must be develuped to overcome
: {he ioad‘l : . _

.: .-Safuiiou :
: Us: Eq I?-13J to mlve for the volumetric displacement:

'  Vp=r(P - 052)(|}~623m3
__ :Then use Eq (? 14) to s.folve for the pre:ssure

6 28T 6. 23{!000)

i

= 1000 psi

Figure 7-19 illustrates a rotary actuator that uses a rack and pinion drive.
Pressure applied to the tube chamber on one side moves the rack to the opposite
chamber, causing the shaft to rotate. The shaft is double-ended, giving either
clockwise or counterclockwise rotation, depending on which end is driving. This
type of rack and pinion rotary actuator is available to 1 million in.-1b of torque and
can provide rotations up to 360°,

Still a third type of rotary actuator is illustrated in Fig. 7-20. Looking into the
driver end, counterclockwise rotation is obtained with pressure applied on the
driver end port. Clockwise rotation results when pressure is applied to the idler
end port. Using simple valving, the piston and exclusive helix design allows the
actuator to be stopped at any point in the rotation cycle, where it will hold
indefinitely. The work load is thus firmly held and cannot back off under reverse
tension, shock, or vibration—even if a complete power loss occurs. This type of
rotary actuator will deliver controlled torque from near 0 to 15,000 in.-1b with
pressures of 5 to 300 psi.

As shown in Fig. 7-21, applications for rotary actuators include conveyor
sorting, valve turning, air bending operations, flipover between work stations,
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HOUSING
4009

TUBE
TAD10—{ROTATION]

SPRING WASHER
g

LOCK SCREW
£4001

SHAFT B PINION
T za00a
RACK & DOUBLE
PISTON
#4012—(ROTATION)

END CAP
\I. #a005
PISTON BEARING FRONT BEARING
4014 *s007

PISTON SEAL “'D" RING
raon1

Figure 7-19. Rack and pinion drive rotary actuator. (Courtesy of Carter Con-
trols, Inc., Lansing, Hlinois.)

o Patentid Helies! Besling Ring

° Himed Steel Tubing

o Shivlded Thriasl Bearing ° 2 High Tenaile Guide Rods
o Specinl Head Fastenara ° Hurdenel Helieal Piaton Rod
o Alluyed Holical Piston o Cihhion Adjustmiont

° Cushion Packing o Guhle Rord FTenajon Nut

Figure 7-20. Rotary actuator with helical piston and rod. (Courtesy of Carter
Controls, Inc., Lansing, HMinois.)
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Plug or Butterfly Valve Turning
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g Har

Motion

All Bending Operations
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For Welding or Machining Fixtures
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\\ /
!
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S

Turn or Osclllate

Index or Position

Lift or Rotate

Figure 7-21.
Hlinois.)

Positloning, Turnover or Dumping

’+

Applications of rotary actuators. (Courtesy of Carter Controls, Inc., Lansing,
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positioning for welding, lifting, rotating, and dumping. The symbol for a rotary
actuator is shown at the lower right-hand side of Fig. 7-21.

7.5 GEAR MOTORS

Hydraulic motors are actuators that can rotate continuously and as such have the
same basic configuration as pumps. However, instead of pushing on the fluid as
pumps do, motors are pushed upon by the fluid. In this way, hydraulic motors
develop torque and produce continuous rotary motion. Since the casing of a
hydraulic motor is pressurized from an outside source, most hydraulic motors
have casing drains to protect shaft seals. There are three basic types of hydraulic
motors: gear, vane, and piston. Let’s first examine the operation and configura-
tion of the gear motor.

A gear motor develops torque due to hydraulic pressure acting on the sur-
faces of the gear teeth, as illustrated in Fig. 7-22. The direction of rotation of the

4. THESE TWO TEETH HAVE ONLY
TANK LINE PRESSURE OPPOSING

3. PRESSURE BETWEEN TEETH IN )L

THIS SEGMENT PUSHES BOTH WAYS

AND DOES NOT AFFECT TORQUE

AS OIL IS CARRIED AROUND TO
QUTLET

3. PRESSURE BETWEEN TEETH IN
THIS SEGMENT PUSHES BOTH WAYS
AND DOES NOT AFFECT TORQUE
AS OIL IS CARRIED AROUND TO
OUTLET

2. SEGMENTS OF TWO MESHING

1. THESE TWO TEETH ARE SUBJECT TEETH TEND TO OPPOSE ROTATION

TO HIGH PRESSURE AND TEND TO MAKING NET TORGQUE AVAILABLE

ROTATE GEARS IN DIRECTION OF A FUNCTION OF ONE TOOTH.
ARROWS

Figure 7-22. Torque development by a gear motor. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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motor can be reversed by reversing the direction of flow. As is the case for gear
pumps, the volumetric displacement of a gear motor is fixed. The gear motor
shown in Fig. 7-22 is not balanced with respect to pressure loads. The high
pressure at the inlet, coupled with the low pressure at the outlet, produces a large
side load on the shaft and bearings. Gear motors are normally limited to 2000-psi
operating pressures and 2400-rpm operating speeds. They are available with a
maximum flow capacity of 150 gpm.

The main advantages of a gear motor are its simple design and subsequent
low cost. Figure 7-23 shows a cutaway view of an actual gear motor. Also shown
is the hydraulic symbol used in hydraulic circuits for representing fixed displace-
ment motors.

Hydraulic mators can also be of the internal gear design. This type can
operate at higher pressures and speeds and also has greater displacements than
the external gear motor.

As in the case of pumps, screw-type hydraulic motors exist using three
meshing screws (a power rotor and two idler rotors). Such a motor is illustrated in
Fig. 7-24. The rolling screw set results in extremely quiet operation. Torque is
developed by differential pressure acting on the thread area of the screw set.
Motor torque is proportional to differential pressure across the screw set. This
particular motor can operate at pressures up to 3000 psi and can possess volumet-
ric displacements up to 13.9 in.%,

Figure 7-23. External gear motor. (Courtesy of Webster Electric Company, Inc.,
subsidiary of STA-RITE Industries, Inc., Racine, Wisconsin.)
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Figure 7-24. Screw motor. (Courtesy of DelLaval, IMO Pump Division, Trenton,
New Jersey.)

7.6 VANE MOTORS

Vane motors develop torque by the hydraulic pressure acting on the exposed
surfaces of the vanes, which slide in and out of the rotor connected to the drive
shaft (see Fig. 7-25, view A). As the rotor revolves, the vanes follow the surface of
the cam ring because springs (not shown in Fig. 7-25) are used to force the vanes
radially outward. No centrifugal force exists until the rotor starts to revolve.
Therefore, the vanes must have some means other than centrifugal force to hold
them against the cam ring. Some designs use springs, whereas other types use
pressure-loaded vanes. The sliding action of the vanes forms sealed chambers,
which carry the fluid from the inlet to the outlet.

Vane motors are universally of the balanced design illustrated in view B of
Fig. 7-25. In this design, pressure buildup at either port is directed to two intercon-
nected cavities located 180° apart. The side loads that are created are therefore
canceled out. Since vane motors are hydraulically balanced, they are fixed dis-
placement units.

Figure 7-26 shows a design where pivoted rocker arms are attached to the
rotor and serve as springs to force the vanes outward against the elliptical cam
ring. This type of motor is available to operate at pressures up to 2500 psi and at
speeds up to 4000 rpm. The maximum flow delivery is 250 gpm.

7.7 PISTON MOTORS

Piston motors can be either fixed or variable displacement units. They generate
torque by pressure acting on the ends of pistons reciprocating inside a cylinder
block. Figure 7-27 illustrates the in-line design in which the motor driveshaft and
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2. THE RESULTING 1. PRESSURE OMN THIS VANE
FORCE ON THE VANE MEANS A FORCE ....
CREATES TORQUE ON
THE MOTOR SHAFT

SYSTEM PRESSURE

DRIVE SHAFT
ROTOR
VIEW A BASIC OPERATION

1. THIS VANE IS
SUBJECT TO HIGH OUTLET
PRESSURE AT THE
INLET SIDE AND LOW ﬂ ROTATION
PRESSURE OFPOSITE

INLET

3. THE INLET

CONNECTS TO TWO
OPPOSING PRESSURE

2. THE RESULTING FORCE
PASSAGES TO BALANCE
ON THE VANE CREATES SIDE LOADS ON THE

TORQUE ON THE ROTOR
SHAFT ROTOR,

VIEW B BALANCED DESIGN

Figure 7-25. Operation of a vane motor. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)

cylinder block are centered on the same axis. Pressure acting on the ends of the
pistons generates a force against an angled swash plate. This causes the cylinder
block to rotate with a torque that is proportional to the area of the pistons. The
torque is also a function of the swash plate angle. The in-line piston motor is
designed either as a fixed or variable displacement unit (see Fig. 7-28). As illus-
trated in Fig. 7-29, the swash plate angle determines the volumetric displacement.
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Figure 7-26. Vane motors with spring-loaded vanes. (C ourtesy of Sperry Vick-
ers, Sperry Rand Corp, Troy, Michigan.)

In variable displacement units, the swash plate is mounted in a swinging
yoke. The angle of the swash plate can be altered by various means, such as a
lever, handwheel, or servo control. If the swash plate angle is increased, the
torque capacity is increased, but the drive shaft speed is decreased. Mechanical
stops are usually incorporated so that the torque and speed capacities stay within
prescribed limits.
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5. AS THE PISTON PASSES THE
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Figure 7-27. In-line piston motor operation. (C ourtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan,)

A bent-axis piston motor is illustrated in Fig. 7-30. This type of motor also
develops torque due to pressure acting on reciprocating pistons. This design,
however, has the cylinder block and driveshaft mounted at an angle to each other
so that the force is exerted on the driveshaft flange.

Speed and torque depend on the angle between the cylinder block and
driveshaft. The larger the angle, the greater the displacement and torque but the
smaller the speed. This angle varies from a minimum of 74° to a maximum of 30°.
Figure 7-31 shows a fixed displacement, bent-axis motor, whereas Fig. 7-32 illus-
trates the variable displacement design in which the displacement is varied by a
handwheel.
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FIXED DISPLACEMENT
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Figure 7-28. Two configurations of in-line piston motors. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)

Piston motors are the most efficient of the three basic types and are capable
of operating at the highest speeds and pressures. Operating speeds of 12,000 rpm
and pressures of 5000 psi can be obtained with piston motors. Large piston motors
are capable of delivering flows up to 450 gpm.

A direct drive wheel hub motor is illustrated in Fig. 7-33. This type of motor
imparts torque directly to drive wheels of vehicles such as tractors without any
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STROKE LENGTH STROKE LENGTH
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MAXIMUM SWASH MINIMUM SWASH
PLATE ANGLE PLATE ANGLE
AND AND
MAXIMUM TORGUE MINIMUM TORQUE
CAPABILITY CAPABILITY

Figure 7-29. Motor displacement varies with swash plate angle, (Courtesy of
Sperry Vickers, Sperrv Rand Corp., Troy, Micligan,)

intermediate reduction gears. Designed to be mounted directly into a standard 15-
or 20-in. wheel rim, these simplificd power packages eliminate axles, gear boxes,
torque converters, conventional hydrostatic transmissions. and reduction gears.

These wheel motors are of multistroke radial piston design, working against
a cam ring. The special design of the cam permits full rated torque from start-up
through maximum rpm. In most applications, the inherent dynamic braking is
sufficient. A secondary, stalic braking syslem is available, which provides fail-
safe “holding™ where such is required.

Other significant leatures of this wheel motor are instantaneous reversing
through simply changing the direction ol the o1l flow; two-speed ranges, with full
or half displacement: high external loading; operations at 5000 psi: low noise level:
free wheeling; and ultrasmooth performance.

The theoretical torque capacity of a hydraulic motor can be determined by
the following equation. which is identical to that used for hydraulic actuators:

in.* ;
Vo (5] < P (psi)
T (in.-Ib} = — T (7-15)
Using metric units we have
m?* .
Vi (n._\f] X P (Pa)
T(N-m) = 6.78 (7-15M)

Thus, the torque capacity is proportional not only to the pressure but also to the
volumetric displacement.
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Figure 7-30. Bent-axis piston motor. (Courtesy of Sperry Vickers, Sperry Rand
Corp., Troy, Michigan.)

PORTS

Figure 7-31. Fixed displacement bent-axis piston motor. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)

DRIVESHAFT
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CYLINDER BLOCK
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Figure 7-32. Variable displacement bent-axis piston motor with handwheel con-
trol. {Courtesy of Sperrv Vickers, Sperry Rand Corp., Troy, Michigan.)

Figure 7-33. Wheel hub motor. (Cour-
tesy of Bird-fohnson Co,, Walpole,
Massachusetts.)
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The horsepower (HP) output can also be mathematically expressed:
_ T(in.Ib) x N (rpm)
HE = 63.000
S
Vi (:%;) x P (psi) x N (rpm)
Tev! -
395,000 (7-16)
In metric units,
rad
power (W) = T (N'm) x V( § )
(7-16M)

Vo (E) x P (Pa) x N [':j)

6.28

Also, as is the case for pumps, the following equation gives the relationship
between speed, volumetric displacement, and flow:

3

Vi (E—J * N {rpm)

. rev
Q (gpm) = - 5 (7-17)
or
m* - fn® . frev
¢ (?-) =¥ (.E) N (TJ (7-17M)
I'he use of Egs. (7-15), (7-16). and (7-17) can be illustrated by an example
i l:LxAM.PLF 7.

A hydraul:c muwr has a 5-an v;ﬂumemc éispkaw '
H}U{} psi and it rccuvu oil f‘mm

a Specd
i Torque Cd.pdmig? ;
& Horsepo’Wer capac;ty

"'Salmfﬂn
a. me Eq. (7-]7) we aolve for motor qpeed:

__Q (2311(#0)
Vo s o
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 b. Torque capacity is found using Eq. (7-15):

G ro YoP  GXI000) o0,

e .H:¢E$¢p0“f¢r'oﬁfp?ﬁ_.i_§ obtained from Eq. (7-16):
- ﬁp o TN _ (795)(462)

=58 hp

7.8 HYDRAULIC MOTOR PERFORMANCE

The performance of any hydraulic motor depends on the seal between the inlet
and outlet sides. Internal leakage (slippage) between the inlet and outlet reduces
efficiency.

Gear motors typically have an overall efficiency of 70% to 75% as compared
to 75% to 85% for vane motors and 85% to 95% for piston motors.

Some systems require that a hydraulic motor start under load. Such systems
should include a stall-torque factor when making design calculations. For exam-
ple, only about 80% of the maximum torque can be expected if the motor is
required to start either under load or operate at speeds below 500 rpm.

Hydraulic motor performance is evaluated on the same three efficiency pa-
rameters as used for hydraulic pumps. They are defined for motors as follows:

1. Volumetric efficiency (,):

_ theoretical flow rate motor should consume

= Or

actual flow rate consumed by motor 100 = E — (18]

Observe that volumetric efficiency for a motor is the inverse of that for a
pump, because a pump does not produce as much flow as it theoretically should,
whereas a motor uses more flow than it theoretically should due to slippage.

Determination of volumetric efficiency requires the calculation of the theo-
retical flow rate, which is defined for a motor by

—
Vo (B2) x N (rpm)

rev
Or (gpm) = 23] (7-19)

or

0r () = vo () x (=Y (7-19M)
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2. Mechanical efficiency (v),):

actual torque delivered by motor
q i — % 100 = =2 x 100
torque motor should theoretically deliver T

T;‘.!H = (?-20}

Equations (7-21) and (7-22) allow for the caleulation of 77 and 7, respectively:

;g .
Tr(in. Ib) = Y2 (%) X P (psi)

6.28 WR20)
or
3
Vo (2) x P (Pa)
Tr(N-m) = ——2V" (7-21M)
g 6.28 -
TGin.-Ib) = actual HP del:veNre(i[-pbni/)mtwlor X 63,000 (7-22)
or
T,(N-m) = actual wattage di[;;ered by motor (7-22M)
N )
8
3. Overall efficiency (m,):
n, = ——_"‘l*g’d" (7-23)
actual power delivered by motor
= : X 100
actual power delivered to motor
In English units, we have
T4 (in.:lb) X N (rpm)
i 100 7-24
o C X i
K P (psi) X Q4 (gpm) (7-24)
1714
In metric units, we have
‘rad
Ty(N'm) x N (%)
B, = ; (7-24M)

P (Pa) x 0, (E)

8

Figure 7-34 represents typical performance curves obtained for a 6-in.* vari-
able displacement motor operating at full displacement. The upper graph gives
curves of overall and volumetric efficiencies as a function of motor speed (rpm)
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Figure 7-34. Performance curves for 6-in.* variable displacement motor., (Cour-
tesy of Abex Corp., Denison Division, Columbus, Ohio,)
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for pressure levels of 3000 and 5000 psi. The lower graph gives curves of motor
input flow (gpm) and motor output torque (in.:lb) as a function of motor speed
(rpm) for the same two pressure levels.

_ | -
': A hydmulrc mot@r h_ ! a dmplacemcm of 10_'" Yand operaxes wlth a pressure of 1096
psi and a speed of 2000 rpm. If the actual ﬂew rate consumed by the motor is 95 gpm

and the actuai torqua dehvered by the motor is 1500 in.-lb, find

BT
b, 'qm
o
: _ d The acluai hﬁrsepower dciwcred by the motor
s-ESafutmn o i e i
o Fu-qt calculaze tha theorencaj flow mte

V,;yN (IO}(ZII]OUJ

Bl *3‘56@‘“
Qr 866 '
Ny = QA {}O*WX]UQ 911%

. need to calculate the lheoreucal torque:

VpP _ (10X1000) .
" a :592 in.- lb

i Sy
TR N0 e 00 - M2
.\55 S nunm'_ 91.1:x 94.2
ogwm e = 85.8%
L TN }Sﬂuuzcm;
'- HP 63000 = 476hp

7.9 HYDROSTATIC TRANSMISSIONS

A system consisting of a hydraulic pump, a hydraulic motor, and appropriate
valves and pipes can be used to provide adjustable speed drives for many practical
applications. Such a system is called a hydrostatic transmission. There must, of
course, be a prime mover such as an electric motor or gasoline engine. Applica-
tions in existence include tractors, rollers, front-end loaders, hoes, and lift trucks.
Some of the advantages of hydrostatic transmissions are the following:

1. Infinitely variable speed and torque in either direction and over the full speed
and torque ranges.
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2. Extremely high horsepower-to-weight ratio.
Ability to be stalled without damage.

4. Low inertia of rotating members permits fast starting and stopping with
smoothness and precision,

5. Flexibility and simplicity of design.

»

Figure 7-35 illustrates the internal features of a variable displacement piston
pump and a fixed displacement piston motor used in a heavy-duty hydrostatic
transmission. Both pump and motor are of the swash plate in-line piston design.
This type of hydrostatic transmission is expressly designed for application in the
agricultural, construction, materials-handling, garden tractor, recreational vehi-
cle, and industrial markets.

For the transmission of Fig, 7-35, the operator has complete control of the
system, with one lever for starting, stopping, forward motion, or reverse motion.
Control of the variable displacement pump is the key to controlling the vehicle.
Prime mover horsepower is transmitted to the pump. When the operator moves
the control lever, the swash plate in the pump is tilted from neutral. When the
pump swash plate is tilted, a positive stroke of the pistons occurs. This, in turn, at
any given input speed, produces a certain flow from the pump. This flow is
transferred through high-pressure lines to the motor. The ratio of the volume of
flow from the pump to the displacement of the motor determines the speed at
which the motor will run. Moving the control lever to the opposite side of neutral
causes the flow through the pump to reverse its direction. This reverses the
direction of rotation of the motor. Speed of the output shaft is controlled by
adjusting the displacement (flow) of the pump. Load (working pressure) is deter-
mined by the external conditions (grade, ground conditions, etc.), and this estab-
lishes the demand on the system.

Figure 7-36 illustrates the plumbing of the entire system for the hydrostatic
transmission. The shutoff valve is included to facilitate a filter change without a
large loss of fluid from the reservoir. The heat exchanger ensures that the maxi-
mum continuous oil temperature will not exceed 180°F.

operating at 1000-psi pressure, has the following chat
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Figure 7-35. Pump and motor of a heavy-duty hydrostatic transmission. (Cour-
tesy of Sundstrand Hvdro-Transmission Division, Sundstrand € orp., Ames,
Towa.)
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Figure 7-36. Plumbing installation of hydrostatic transmission system, (Courtesy
of Sundstrand Hydro-Transmission Division, Sundstrand Corp., Ames, lowa.)
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7.10 ELECTROHYDRAULIC STEPPING MOTORS

An electrohydraulic stepper (or stepping) motor (EHSM) is a device that uses 2
small electrical stepper motor to control the huge power available from a hydrau-
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Figure 7-37. Schematic drawing of electrohydraulic stepper motor (EHSM). (Courtesy of
Motion Products, Minneapolis, Minnesota.)

lic motor. The electrohydraulic stepper motor consists of three components: elec-
trical stepper motor, hydraulic servo valve, and hydraulic motor (see Fig. 7-37).
These three independent components, when integrated in a particular fashion,
provide for the hydraulic motor to accurately follow the electrical stepper but with
a torque output that is several hundred times greater than the capabilities of the
electrical stepper.

The electric stepper motor rotates a precise, fixed amount per each electrical
pulse received. This motor is directly coupled to the rotary linear translator of the
servo valve. The output torque of the electric motor must be capable of overcom-
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Figure 7-38. Characteristics of electrohydraulic stepper motor (EHSM). (Courtesy of Mo-
tion Products, Minneapolis, Minnesota.)
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ing the flow forces in the servo valve, The flow forces in the servo valve are
directly proportional to the rate of flow through the valve. Figure 7-38(a) gives the
axial force on the valve spool for various flows. The torque required to operate the
rotary linear translator against this axial force is dependent on the flow gain in the
servo valve. Figure 7-38(b) gives the torque required for the operation of the servo
valve at various flow rates. This is the torque demanded of the electric stepper,
and as can be seen from the curve, a very small electric stepper can produce
enormous output horsepower to be available at the hydraulic motor shaft. The
electric motor is run submerged in oil. This is achieved by diverting the casing
drain flow of the hydraulic motor and servo valve through the housing surrounding
the electric stepper. This technique has the advantage of protecting the electric
stepper from overheating due to the ability of the oil to act as a very efficient heat
sink.
The mechanical input servo valve performs the following two functions:

1. The hydraulic motor comes to rest only when there is no positional error
between the electric stepper and the hydraulic motor. Hence, the servo valve
makes the hydraulic motor reproduce exactly the position of the electric stepper.
A closed-loop circuit exists between the electric stepper and the hydraulic motor,
through the servo valve. The hydraulic motor exactly reproduces the position of
the electrical stepper, ignoring any minor mechanical imperfections.

2. The amount of oil flow through the servo valve is such that it tends to
cancel out the lag between the electric motor and the hydraulic motor. Thus, the
speed and direction of rotation of the hydraulic motor would always try to repro-
duce the motion of the electric motor. The flow through the servo valve is directly
proportional to the lag between the electric and hydraulic motors. Thus, as the lag
between the electric stepper and the hydraulic motor increases, this causes addi-
tional flow to pass through the servo valve, which, in turn, speeds up the hydraulic
motor. The hydraulic motor is faithfully trying to reproduce the position of the
electric stepper, and the servo valve provides the feedback through mechanical
linkage.

The hydraulic motor is the most important component of the EHSM pack-
age. The performance characteristics of the hydraulic motor determine the perfor-
mance that can be achieved from the whole package. The hydraulic motor has
very desirable characteristics for operation under these conditions. Among these
are high starting torque, excellent reliability, low-speed operating capability, and
high overall efficiency. The motor is a fixed clearance, axial rolling vane motor
and has a balanced rotor design, as shown in Fig. 7-39.

Figure 7-40(a) shows an actual electrohydraulic stepper motor and Figure
7-40(b) shows an electronic control system called a preset indexer. This electronic
control system performs the counting function, acceleration-deceleration control,
and the general control interface between the motor, machine, and operator. The
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Figure 7-39.  Working principle of hydraulic motor. (Courtesy of Motion Products, Minne-
apolis, Minnesota.)

output shaft speed of the hydraulic motor is directly proportional to the input
pulse rate to the electric stepper motor. This rate is controlled by the preset
indexer, The position of the output shaft is directly related to the number of input
pulses received by the electric stepper motor.

Electrohydraulic stepper motors are typically used for precision control of
position and speed. They are available with displacements from 0.4 to 7 in.%.
Horsepower capabilities run from 3.5 to 35 hp. Typical applications include textile
drives, paper mills, roll feeds, automatic storage systems, machine tools, con-
veyor drives, hoists, and elevators.

In Figure 7-41 we see a cutaway view of an electrohydraulic stepping motor.
This particular motor produces a rotation of 1.8°/pulse and can accept pulses at a
rate of 2500 pulses/s.
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Figure 7-40. Electrohydraulic stepper motor with electronic control system. (Courtesy of
Motion Products, Minneapolis, Minnesota.)
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Figure 7-41. Cutaway of an electrohydraulic stepping motor. (Courtesy af Bird-
Johnson Co., Walpole, Massachusetts.)

7.11 LOW-SPEED, HIGH-TORQUE MOTORS

In many applications, there is a need for low speed accompanied by high-torque
output. There are special hydraulic motors available specifically designed to meet
these conditions. Figure 7-42 shows a cutaway view of such a motor, which
contains five cylinders. It is designed to operate at speeds as low as 3 rpm with no
need for cumbersome, power-wasting speed reducers. This type of motor can
generate up to 192,000 in.:Ib of torque in continuous operation and can be re-
versed and stalled without damage.

The secret to the operation of this type of motor (called Staffa by its manu-
facturer) is illustrated in Fig. 7-43, along with specifications for this motor, which
is applicable to the B series of 5, 7, or 10 cylinders. With its machined tolerances
so closely held, and because it is completely balanced in a film of oil, a Staffa
motor has an overall efficiency as high as 98%. Typical applications for this type
of motor include machine tools, vibratory rollers, swing drive of log loaders, and
underground coal mining machinery,

In Fig. 7-44 we see a photograph showing a cutaway view of a second type of
low-speed, high-torque hydraulic motor, which is capable of delivering torques up
to 1,108,000 in.-1b. This motor is of radial piston design and offers high power in a
narrow profile. The hub remains stationary as pairs of opposing pistons turn the
rotating casing. Each pair of pistons is connected to rollers, which ride a specially
designed cam ring. A rotary valve distributes oil to pairs of pistons in sequence,
and they, in turn, produce a smooth, nonpulsating rotation, with torque being
constant throughout the full 360°, at all speeds and all operating pressures (see
Fig. 7-45).
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Figure 7-42. Low-speed, high-torque
motor. (Courtesy of Brown & Sharpe
Mfe, Co., Manchester, Michigan.)

Direction of rotation is determined by feeding oil to one or the other of two
alternative ports. By fitting a special valve to the motor, two speed ranges are
possible using the same rate of inlet flow. The speed is doubled, whereas the
output torque is halved in the higher range.

A key feature of the motors is their ability to develop full operational torque
when starting and operating at very low speeds. Full torque at fractional rpm can
be attained.

Special roller bearings prevent side loading of the piston; hydraulic and
dynamic balance reduces the thrust on the heavy-duty main bearings. This design
permits much higher external loading than other concepts. Freewheeling, in which
the housing rotates freely, may be accomplished by retracting the pistons, thus
eliminating pressured oil circulation through the rotary valve.

7.12 HYDRAULIC MOTOR PERFORMANCE RATING IN

METRIC UNITS

As in the case for pumps, performance data for hydraulic motors are measured
and specified in metric units as well as English units. Figure 7-46 shows actual
performance and dimensional data for Vickers M2 series high performance motors
designed for use in mobile equipment. The performance of these motors has been
proven via rugged earth-moving, agricultural, mining, material-handling applica-
tions, and with hydrostatic transmissions.



MAX,
DISPLACE- TORQUE HORSE-
PRESSURE SPEED

MODEL (PSH} MENT |FT-LBS) POWER
Inter- Max, E Max, Max.

Comt | mittene €01 | Gol | gone | Sring | pout | contin.
B10 3000 | 3500 11.6| 050 440 410 500 33
B30 3000 | 3500 27 A7 1,020 1,050 450 50
Bd5 3000 | 3500 45 195 1,700 1,700 400 B0
B8O 3000 | 4000 B2 .355 3,150 3680 | 300 130
B125 3000 | 4000 125 541 4,670 5,300 | 220 100
B150 3000 | 3500 151 853 5,850 6,240 | 220 120
B200 3000 | 3500 188 812 7,380 8,500 175 125
B270 3000 | 3500 | 263 1.138 10,250 11,600 125 170
B40O 3000 | 3500 | 415 1.796 16,000 18,400 100 225

All models have § cylinders, except B270, which has 7, and B400,
which has 10. All models have standard continuous pressure ratings of
3,000 PSI, but this and other specs can vary with modifications avail-
able within the range of a single model number,

HYDRAULICALLY BALANCED VALVE

The rotary valve has large inlet (high pressure} and dis-
charge (low pressure) slots to direct oil to and from the
cylinders. To offset the side thrust that these unequal pres-
sure areas would cause, the Staffa design provides a total
counterbalancing effect: Oil from each large slot is allowed
access 1o two small slots on the opposite side, one at each
end. This keeps the valve centered with no frictional or
efficiency loss.

BALANCED PISTON ASSEMBLY

Staffa motors have greater starting
torque and wear less than all other
motors because there is no metal-to-
metal contact between the piston
assembly and the crankshaft. Hy-
draulic oil is metered down through
the assembly to a pocket under the
connecting rod, where it bleeds out
under the shoe. The presence of this
oil creates an upward hydraulic force
equal to the main downward force,
This results in the creation of a
hydrostatic "*float” for the piston
assembly.

Figure 7-43. Operational features of low-speed, high-torque motor. (C ourtesy af
Brown & Sharpe Mfg. Co.. Manchester, Michigan.)
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The pistons {1) are contained in a stationary cylinder housing (2) and
are connected to rollers (3) which bear on the cam ring (4), The rotary
valve (5} distributes oil from the inlet (A) to each cylinder in sequence.
The oil pressure displaces the pistons outward, driving the rollers over
the cam ring, causing it and the outer casing of the motor to rotate.
Fixed side guides (6) absorb reaction forces on the rollers, thus unload-
ing the pistons from any side (tangential) forces, and eliminating this
source of cylinder wear. Oil escapes from the motor through outlet (C).
An even number of opposed pistons assures hydraulic balance and un-
loads the main bearing from any piston forces.

Connection of an integral two-speed (4-way) valve to the motor pro-
vides a choice of two speed ranges. In the higher speed range, the torque
is halved. In this arrangement two oil inlet lines are provided, each of
which communicates with half the number of pistons.

Free wheeling can be accomplished, by pressurizing the case and re-
tracting the piston/roller assemblies, permitting the housing to rotate
freely without any circulation of hydraulic fluid.

Figure 7-44, Radial piston low-speed,
high-torque motor. (Courtesy of Bird-

Johnson Ca., Walpole, Massachusetts.)

Figure 7-45. Operating principles of low-speed, high-torque motor. (Courtesy of Bird-

Johnson Co., Walpole, Massachuserts.)
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M2 Series High Performance Motors

Ring
Characteristics. These motors are an economical Inle¥/Qutlet=<. g %{'“"Vou""
efficient, and compact means of converting hydraulic ' "

|

energy to mechanical energy. They can be stalled under | 225ur® Plate~_ | Vane

load without damage when protected bv a relief valve, Check Valve~_ Rotor
Spring—_

Hydraulic Balance. Two internal areas are diametri-
cally opposed as are two outlet areas. This construction
eliminates bearing loads resulting from pressure, amajor
cause of shaft bearing wear in designs without this
feature.

Efficiency. Optimum running clearances and hydraulic
balance assure sustained high efficiency over the life of
the motor.

Smooth Operation. Inertia of rotating parts is low.,, ® Speeds to 2800 RPM
parts are symmetrical, providing dynamic balance and ® Pressures to 2000 PSI (138 bar)
freedom from vibration. 5 S .
@ Choice of shafts, port positions and mountings

o | o | g | ] o [OHERSOS WO W
Saﬂﬂ‘i 100 psi- (7 ban) o in.frev. Mabx. Pressure| nd Pressures | Ibs. {‘ )
oo« | 25 {34y 151 410 (556] | 2200 rpm ® 2000 psi (138 ba)| 50 | 42 48 21
Me:200 .35-{47}. 216 | 500 {m) 1600 1om @ 1750 s (121 ban| (1499 | qoan| wzte | (o
s ST T 132 | 3404617 |2600 oM @ 20006 (WIS T 9T 4y | 49 | 17
M2y 25 134) 158 410 {556) | 2500 rpm @ 2000 psi (138 bar) |54 (137, -y iy
s as-l:;;i;. g am!sm‘ 5000 tom @ 2000 bal 138 bar |56 (142} | (1040)| (1245) | (®)

* Shaft rotation is reversible In this series, @ From face of mounting Hange to end of motar cover

Figure 7-46. Performance and dimensional English/metric data for Vickers M2
series high performance motors. (Courtesy of Vickers Inc.. Troy, Michigan.)

Examples 7-8, 7-9, and 7-10 show how to analyze the performance of hy-
draulic motors and hydrostatic transmissions using metric units.
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h Torque cap&mty is found tlsmg Eq 2 !SM)

L VoP (0000082 m)(70 X 10N/mY)
'f___ 6% ew e

g Power output is Ubtamed as ﬁal]ows
' L  power = TN = (1. 4 Nm)(7.32 % 2 rad/s)
= 4200 W = 4.20 kW

_. _Ex.amm 7-9 - .
A hydrauhc motar has a dlsplacment nf 164 c:mS and operates with a pressure of 70
bars and a speed of 200[] rpm. If the actual flow rate con&umed by the motos‘ 18 0.006
3! s and the acmal mrque dehvered by the motor is 170 N- ‘m, find <0

i a. 7}0

€. T}g £ .:
d. 1 he actual kW dehvered by the motor ;

'Sa!udon
oA Fzrst calculate the theoretical ﬂow rate.

QT = VoN = 000164 mﬂfrev) (——0 rews) = 0.00547 m’fs

0. 0054’?’

0006 ]{)G = 91.2% .

:_::-_: 'Q : i
m Ox lﬂ(_)

b, To ﬁnd nm, we need ta ea]culate the theoretlcal turque

'-;: : : : 5

"‘*' _'1;99; :“‘ 100

power = T,N = (170) (zuoo X 2-1’) - 35,600 W = 35.6 kW
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EXAMPLE; a0 |

A bydrostanc rransmwsmn, operatmg at 70 bars pressnre has the following charac-

te:rls*tlcs
Pump  Motor
Vp=82cm’ LT
T =82% %.-9%
T =88% g, =%

Fmd lhe

R [haplacement of 1he momr
b. Motar oulput torque o

: Solunan_. S :
a pump theoreucal ﬂuw rate - dlsplacement of pump X pump speed

- (ﬂ 000082} ( 00) = 0.000683 m?/s

. '--punifzf'écmaf_ ﬁow 'rat_t_:. = pump t,heorem.a] ﬂow rate X pump volumetric efficiency

_f} 900683)({3 82) = 0 000560 m*!s

. momr theoretlcal flow rate = pump acmai ﬂcw rate
: o >< motor valumetnc efficiency

(0 000560)(0.92) = 0.000515 m’/s

motor theeretlcal flow rate

"Mofor“dm:pl-acemem ; motor speed

3000515 : o 3
400!6{) =0, 0000773 m 77.3 ey’

':"r.'de'b_vged_t__p motor = system pre'ssure X 'ractuai flow rate to motor
o a0 000560) = 3920 W ”
( el wered by motor = - (3920)(0.92)(0.90) = 3246 w

I

- power delivered by motor

~ motor speed
. ame
"~ 400 x 27/60

' mrque delwered by motnr

=775 N,
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EXERCISES

Questions, Concepts, and Definitions

7-1.

7-2.
7-3.
7-4.
7-5.
7-6.

7-7.
7-8.
7-9.
7-10.
7-11.
7-12.
7-13.
7-14.
7-15.

7-16.

7-17.
7-18.

7-19.
7-20.
7-21.
7-22.

7-23.
7-24

7-25.
7-26

7-27.

7-28
7-29.

What is the difference between a single-acting and a double-acting hydraulic eylin-
der?

Name four different types of hydraulic cylinder mountings.

What is a cylinder cushion? What is its purpose?

What is a double-rod cylinder? When would it normally be used?

What is a telescoping rod cylinder? When would it normally be used?

What is a limited rotation hydraulic actuator? How does it differ from a hydraulic
motor?

What are the main advantages of gear motors?

Why are vane motors fixed-displacement units?

Name one way in which van motors differ from vane pumps.

Can a piston pump be used as a piston motor?

For a hydraulic motor, define volumetric, mechanical, and overall efficiency.
Why does a hydraulic motor use more flow than it theoretically should?

What is a hydrostatic transmission? Name four advantages it typically possesses.
What is a electrohydraulic stepping motor, and how does it work?

Explain why, theoretically, the torque output from a fixed-displacement hydraulic
motor operating at constant pressure is the same regardless of changes in speed.

Why does the rod of a double-acting cylinder retract at a greater velocity than it
extends for the same input flow rate?

How are single-acting cylinders retracted?

The torque output from a fixed-displacement hydraulic motor operating at constant
pressure is the same regardless of changes in speed. True or false? Explain your
answer.

What determines the speed of a hydraulic actuator?
What determines the pump size required in a hydraulic system?
Define the displacement and torque ratings of a hydraulic motor.

Explain how the vanes are held in contact with the cam ring in high-performance
vane motors.

How is torque developed in an in-line-type piston motor?

If a hydraulic motor is pressure-compensated, what is the effect of an increase in the
working load?

What type of hydraulic motor is generally most efficient?

Knowing the displacement and speed of a hydraulic motor, how do you calculate the
gpm flowing through it?

Differentiate between first-, second-, and third-class lever systems used with hydrau-
lic cylinders to drive loads.

Relative to mechanical lever systems, define the term moment.

Relative to mechanical lever systems, define the term moment arm.



Chap. 7

L]

Exercises 309

7-30. When using lever systems with hydraulic cylinders, why must the cylinder be clevis-
mounted?

7-31. Using the mechanics of cylinder loadings with lever systems as an example, explain
the ditference between a torque and a moment.

Problems

Note: The letter E following an exercise number means that English units are used. Simi-
larly, the letter M indicates metric units.

Hydraulic Cylinder Speed, Force, and Power

7-32E. A pump supplies oil at 25 gpm to a 1-in.-diameter double-acting hydraulic cylin-

der. If the load is 1200 1b (extending and retracting) and the rod diameter is § in.,
find the

a. Hydraulic pressure during the extending stroke
b. Piston velocity during the extending stroke

¢. Cylinder horsepower during the extending stroke
d. Hydraulic pressure during the retracting stroke
e. Piston velocity during the retracting stroke

f. Cylinder horsepower during the retracting stroke

7-33M. A pump supplies oil at 0.0016 m*/s to a 40-mm-diameter double-acting hydraulic

cylinder. 1f the load is 5000 N (extending and retracting) and the rod diameter is 20
mm, find the

a. Hydraulic pressure during the extending stroke
b. Piston velocity during the extending stroke
¢. Cylinder kW power during the extending stroke
d. Hydraulic pressure during the retracting stroke
e. Piston velocity during the retracting stroke
f. Cylinder kW power during the retracting stroke

7-34. Determine the value of constants €, and (5 in the following equations for deter-
mining the speed of a hydraulic cylinder.

fmj-
; C —
" (i) __ C,0 (gpm) 5 (E‘.) _ ?.Q( S )
.min A (in.%) .8 A (m?)
7-35. A hydraulic cylinder has a rod diameter equal to one-half the piston diameter.

Determine the ditference in load-carry capacity between extension and retraction
if the pressure is constant.

7-36. For the cylinder in Exercise 7-35, what would happen if the pressure were applied
to both sides of the cylinder at the same time?

Hydraulic Cylinder Cushions

7-37E. A pump delivers oil at a rate of 20 gpm to the blank end of a 2-in.-diameter
hydraulic cylinder as shown in Fig. 7-8. The piston contains a §-in.-diameter cush-
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7-38M.
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ion plunger that is 1 in. long. The cylinder drives a 1000-Ib load, which slides on a
flat horizontal surface having a coefficient of friction equal to 0.15. The pump
pressure relief valve setting equals 500 psi. Find the maximum pressure developed
by the cushion.

Change the data of Exercise 7-37 to metric units and solve for the maximum
pressure developed by the cushion.

Mechanics of Cylinder Loadings

7-39M.

7-40M.

T-42E.

Change the data of Example 7-3 to metric units.

a. Solve for the cylinder force required to overcome the load force for the first-,
second-, and third-class lever systems,

b. Repeat part a with @ = 10°.

¢. Repeat part a with ¢ = 5% and 207,

For the system of Fig. 7-47, determine the hydraulic cylinder force required to
drive a 1000-N load.

# 7-41E. For the crane system of Fig. 7-48, determine the hydraulic cylinder force required

to lift the 2000-1b load.

For the toggle mechanism of Fig. 7-49, determine the output load force for a
hydraulic cylinder force of 1000 1b.

Limited Rotation Hydraulic Actuators

7-43E.

A rotary actuator has the following physical data:

outer radius of rotor = 0.4 in.
outer radius of vane = 1.25 in.
width of vane= 0.75 in.

If the torque load is 750 in.-lb, whal pressure must be developed to overcome the
load?

Ll

Figure 7-47. System for Exercise 7-40.
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2000 Ib

Figure 7-48. System for Exercise 7-41.

Figure 7-49. System for Exercise 7-42,

7-44M. A rotary actuator has the following physical data:
outer radius of rotor = 10 mm
outer radius of vane = 32 mm
width of vane= 20 mm

If the torque load is 85 N-m, what pressure must be developed to overcome the
load?

Hydraulic Motor Speed, Torque, and Power

7-45E. A hydraulic motor has a 6-in.* volumetric displacement. If it has a pressure rating
of 2000 psi and receives oil from 4 15 gpm pump. find the motor
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a. Speed
b. Torque capacity
¢. Horsepower capacity

?7-46M. A hydraulic motor has a 100-cm’ volumetric displacement. If it has a pressure
rating of 140 bars and receives oil from a 0.001-m3/s pump, find the motor
a. Speed
b. Torque capacity
c. kW power capacity

7T-47E. The pressure rating of the components in a hydraulic system is 1000 psi. The

system contains a hydraulic motor to turn a 10-in.-radius drum at 30 rpm to lift a

1000-1b weight W, as shown in Fig. 7-50. Determine the flow rate in units of gpm
and the horsepower of the motor.

@ CABLE
<

PULLEY

DRUM

Figure 7-50. System in Exercise 7-47.

» 7-48M. The system of Exercise 7-47, as shown in Fig. 7-50, has the following data using
metric units:

pressure = 1 x 10° kPa
drum radius = 0.3 m
motor speed = 30 rpm
weight of load = 4000 N

Determine the flow rate in units of m3/s and the power of the motor in kW.

7-49E. A hydraulic system contains a pump that discharges oil at 2000 psi and 100 gpm to
a hydraulic motor, as shown in Fig. 7-51. The pressure at the motor inlet is 1800 psi
due to a pressure drop in the line. If oil leaves the motor at 200 psi, determine the
power delivered by the motor.

7-50M. Change the data of Exercise 7-49 to metric units and solve for the power delivered
by the motor.

%
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2000 PSI 1800 PSI 200 PSI

PUMP } ” = ” (MOTOR
Q=100 GPM

Figure 7-51. System in Exercise 7-49.

7-51E.

7-52M.

7-53E.

7-54E.

If the pipeline between the pump and motor in Exercise 7-49 is horizontal and of
constant diameter, what is the cause of the 200-psi pressure drop?

Change the data of Exercise 7-51 to metric units and determine the cause of the
pressure drop in the pipeline from the pump outlet to the motor inlet.

What theoretical torque could a 4-HP hydraulic motor deliver at a rated speed of
1750 rpm?

In Exercise 7-53, the pressure remains constant at 2000 psi.

4. What eflfect would doubling the speed have on the torque?

b. What effect would halving the speed have on the torque?

Hydraulic Motor Efficiencies

7-55E.

v 7-56M.

7-57E.

7-58E.

A hydraulic motor has a displacement of 8 in.” and operates with a pressure of 1500
psi and a speed of 2000 rpm. If the actual flow rate consumed by the motor is 75
gpm and the actual torque delivered by the motor is 1800 in.-lb, find

a. Ny

b. N

Coime

d. The horsepower delivered by the motor

A hydraulic motor has a displacement of 130 cm® and operates with a pressure of
105 bars and a speed of 2000 rpm. If the actual flow rate consumed by the motor is
0.005 m*/s and the actual torque delivered by the motor is 200 N:m, find

a. M,

h‘ Mim

C. Tl'!‘}

d. kW power delivered by the motor

A hydraulic motor has volumetric efficiency of 90% and operates at a speed of 1750
rpm and a pressure of 1000 psi. If the actual flow rate consumed by the motor is 75
gpm and the actual torque delivered by the motor is 1300 in.-Ib, find the overall
efficiency of the motor.

A gear motor has an overall efficiency of 84% at a pressure drop of 3000 psi across

its ports and when the ratio of flow rate to speed is 0.075 gpm/rpm. Determine the
torque and displacement of the motor.
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7-59E. A hydrostatic transmission operating at 1500 psi pressure has the following charac-

teristics:

Find the

Pump Maotor
Vp =6in? Vi =7
Ny = 85% B = 94%
Mm = 90% Mm = 92%
N = 1000 rpm N = 600 rpm

a. Displacement of the motor

k. Motor output torgue

& 7-60M. A hydrostatic transmission operating at 105 bars pressure has the following charac-

teristics:

Find the

Pump Maotor
Vj'j == lﬂﬂ l::ﬂ""1 V” =7
N = 85% N = 94%
Mm = 90% T — 92%
N = 1000 rpm N = 600 rpm

a. Displacement of the motor

b. Motor output torque

Computer Programming
7-61E. Write a computer program to solve the problem of Exercise 7-59. Execute vour
program using values of 1000, 1500, and 2000 psi for the operaling pressure.

7-62M. Write a computer program (o solve the problem of Exercise 7-60. Execute your
program using values of 50, 105, and 200 bars for the operating pressure.
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PRESSURE

PRESSURE AT |
FULL PUMP FLOW

CRACKING PRESSURE

! FLOW THROUGH
0 ¥ RELIEF VALVE

FULL PUMP FLOW

Figure 8-27. Pressure versus flow curve for simple relief valve.

does not accept any flow, then all the pump flow must return back to the tank via
the relief valve. The pressure relief valve provides protection against any over-
loads experienced by the actuators in the hydraulic system. Of course, a relief
valve is not needed if a pressure-compensated vane pump is used. Obviously one
important function of a pressure relief valve is to limit the force or torque pro-
duced by hydraulic cylinders and motors,

A compound pressure relief valve (see Fig. 8-30 for external and cutaway
views of an actual design) is one that operates in two stages. As shown in Fig.
8-30, the pilot stage is located in the upper valve body and contains a pressure-
limiting poppet that is held against a seat by an adjustable spring. The lower body
contains the port connections. Diversion of the full pump flow is accomplished by
the balanced piston in the lower body.

The operation is as follows (refer to Fig. 8-31): In normal operation, the
balanced piston is in hydraulic balance. Pressure at the inlet port acts under the
piston and also on its top because an orifice is drilled through the large land. For

TO HYDRAULIC

SYSTEM
f PRESSURE
i RELIEF
VALVE
PUMP ¢ * _
g HYDRAULIC LINE : ‘ I_il
i |
| Py
I i L.Ji FILTER
| |
oo TANK L
Figure 8-28. Symbol Figure 8-29. Symbolic representation of partial hydraulic

for simple relief valve. BICHE,
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POPPET

PILOT STAGE

BALANCED
PISTON

Figure 8-30. External and cutaway views of an actual compound relief valve.
(Courtesy of Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

pressures less than the valve setting, the piston is held on its seat by a light spring.
As soon as pressure reaches the setting of the adjustable spring, the poppet is
forced off its seat. This limits the pressure in the upper chamber. The restricted
flow through the orifice and into the upper chamber results in an increase in
pressure in the lower chamber. This causes an unbalance in hydraulic forces.
which tends to raise the piston off its seat. When the pressure difference between
the upper and lower chambers reaches approximately 20 psi, the large piston lifts
off its seat to permit flow directly to the tank. If the flow increases through the
valve, the piston lifts farther off its seat. However, this compresses only the light
spring, and hence very little override occurs. Compound relief valves may be
remotely operated by using the outlet port from the chamber above the piston. For
example, this chamber can be vented to tank via a solenoid directional control
valve. When this valve vents the pressure relief valve to the tank, the 20-psi
pressure in the bottom chamber overcomes the light spring and unloads the pump
to the tank, '

Figure 8-32 is a photograph of a compound pressure relief valve that has this
remote operation capability. This particular model has its own built-in solenoid-
actuated two-way vent valve, which is located between the cap and body of the
main valve. Manual override of the solenoid return spring is a standard feature.
The pressure relief valve is vented when the solenoid is de-energized and
devented when energized. This relief valve has a maximum flow capacity of 53
gpm and can be adjusted to limit system pressures up to 5000 psi. Clockwise
tightening of the hex locknut prevents accidental setting changes by use of the
knurled knob.
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4, WHEN THE VALVE
SETTING 15 REACHED,
THE POPPET "OPENS" 7. VENT CONNECTION
LIMITING PRESSURE PERMITS UNLOADING
IN UPPER CHAMBER. PUMP THROUGH

RELIEF WALVE.

3. SPRING HOLDS
PISTON CLOSED,

1. INLET PRESSURE
HERE...

6. PISTON MOVES UP TO

DIVERT PUMP OUTPUT 5, WHEN THIS

DIRECTLY TO TANK, PRESSURE IS 20 psi
HIGHER THAN |N
UPPER CHAMBER ...

2. |5 SENSED ABOVE
PISTOMN AND AT PILOT
VALVE THROUGH
ORIFICE |MN PISTON,

VIEW A VIEW B VIEW C
CLOSED CRACKED RELIEVING

Figure 8-31. Operation of compoeund pressure relief valve. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Trov, Michigan.)

Figure 8-32. Pressure relief valve with
integral solenoid-actuated, two-way
vent valve. (Courtesy of Abex Corp.,
Denison Division, Columbus, Ohio.)
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A second type of pressure control valve is the pressure-reducing valve, This
type of valve (which is normally open) is used to maintain reduced pressures in
specified locations of hydraulic systems. It is actuated by downstream pressure
and tends to close as this pressure reaches the valve setting. Figure 8-33 illustrates
the operation of a pressure-reducing valve that uses a spring-loaded spool to
control the downstream pressure. If downstream pressure is below the valve
setting, fluid will flow freely from the inlet to the outlet. Notice that there is an
internal passageway from the outlet. which transmits outlet pressure to the spool
end opposite the spring. When the outlet (downstream) pressure increases to the
valve setting, the spool moves to the right to partially block the outlet port, as
shown in view B. Just enough flow is passed to the outlet to maintain its preset
pressure level. If the valve closes completely, leakage past the spool could cause
downstream pressure to build up above the valve setting. This is prevented from
occurring because a continuous bleed to the tank is permitted via a separate drain
line to the tank. Figure 8-33 also provides the graphical symbol for a pressure-
reducing valve. Observe that the symbol shows that the spring cavity has a drain
to the tank.

An additional pressure control device is the unloading valve. This valve is
used to permit a pump to build up to an adjustable pressure setting and then allow
it to discharge to the tank at essentially zero pressure as long as pilot pressure is
maintained on the valve from a remote source, Hence, the pump has essentially

=
Ll
|
|
[
LEAKAGE FLOW
BLEED OIL SPRING HOLDS KEEPS VALVE
PASSAGE VALVE OPEN SLIGHLTLY OPEN
\ / £
gﬂlllll“ll] ]l]lj]
DRAIN ¥ DRAIN
OUTLET  INLET
TO REDUCED FROM
PRESSURE MAIN
SYSTEM SYSTEM
A. BELOW VALVE SETTING B. AT VALVE SETTING

Figure B-33. Operation of a pressure-reducing valve. (Courtesy of Sperry Vick-
ers, Sperry Rand Corp., Troy, Michigan.)
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Figure 8-34. Schematic of unloading valve. (Courtesy of Abex Corp., Denison
Division, Columbus, Ohio.)

no load and is therefore developing a minimum amount of horsepower. This is the
case in spite of the fact that the pump is delivering a full pump flow because the
pressure is practically zero. This is not the same with a pressure relief valve
because the pump is delivering full pump flow at the pressure relief valve setting
and thus is operating at maximum horsepower conditions. Figure 8-34 shows a
schematic of an unloading valve used to unload the pump connected to port A
when the pressure at port X is maintained at the value that satisfies the valve
setting. The high-flow poppet is controlled by the spring-loaded ball and the pres-
sure applied to port X. Flow entering at port A is blocked by the poppet at low
pressures. The pressure signal from A passes through the orifice in the main
poppet to the topside area and on to the ball. There is no flow through these
sections of the valve until the pressure rises to the maximum permitted by the

Figure 8-35. Photograph of unloading
valve. (Courtesy of Abex Corp., Deni-
son Division, Columbus, Ohio.)
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adjustably set spring-loaded ball. When that occurs, the poppet lifts and flow goes
from port A to port B, which is typically connected to the tank. The pressure
signal to port X (sustained by another part of the system) acts against the solid
control piston and forces the ball farther off the seat. This causes the topside
pressure on the main poppet to go to a very low value and allows flow from A to B
with a very low pressure drop as long as signal pressure at X' is maintained. The
ball reseats, and the main poppet closes with a snap action when the pressure at X
falls to approximately 90% of the maximum pressure setting of the spring-loaded
ball. Also included in Fig. 8-34 is the graphical symbol of an unloading valve.
Figure 8-35 shows a photograph of the actual unloading valve.

5 E’KAMPLK ? 8«1

'_'.'A pressure r 1ef valve has a pressurc setting of 1000 psi. Compute the horsepower
ol loss ACross thls vaIVe rf it returns all the flow back to the tank from a 20-gpm pump.

PQ A iOOO)(ztl)

4 174 = 1171p

e

: MPLE 8—2 _
o An unloadmg Vaive is. zlsed to Lmload the pump of Example 8- 1 If the puinp dis-

0 S

Still another pressure control device is the sequence valve, which is de-
signed to cause a hydraulic system to operate in a pressure sequence. After the
components connected to port A (see Fig. 8-36) have reached the adjusted pres-
sure of the sequence valve, it passes fluid through port B to do additional work in a
different portion of the system. The high-flow poppet of the sequence valve is
controlled by the spring-loaded cone. Flow entering at port A is blocked by the
poppet at low pressures. The pressure signal at A passes through orifices to the
topside of the poppet and to the cone. There is no flow through these sections until
the pressure rises at A to the maximum permitted by the adjustably set spring-
loaded cone. When the pressure at A reaches that value, the main poppet lifts,
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Pilat drain part of tee body R45

X

f————
|

1
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|

| K—

R4 SEGUENCE VALVE

Figure 8-36. Schematic of sequence valve. (Courtesy of Abex Corp., Denison
Division, Columbus, Ohio.)

passing flow to port B. It maintains the adjusted pressure at port A until the
pressure at B rises to the same value. A small pilot flow (about { gpm) goes
through the control piston and past the pilot cone to the external drain at this time.
When the pressure at B rises to the pressure at A, the control piston seats and
prevents further pilot flow loss. The main poppet opens fully and allows the
pressure at A and B to rise to higher values together. Flow may go cither way at
this time. The spring cavity of the control cone drains externally from port Y,
generally to the tank. This sequence valve may be remotely controlled from vent
port X. Figure 8-36 also includes the graphical symbol for a sequence valve. The
pilot line can come from anywhere in the circuit and not just from directly up-
stream, as shown.

A final pressure control valve to be presented here is the counterbalance
valve. The purpose of a counterbalance valve is to maintain control of a vertical
cylinder to prevent it from descending due to gravity. As shown in Fig. 8-37, the
primary port of this valve is connected to the bottom of the cylinder, and the
secondary port is connected to a directional control valve (DCV). The pressure
setting of the counterbalance valve is somewhat higher than is necessary to pre-
vent the cylinder load from falling. As shown in Fig. 8-37(a), when pump flow is
directed (via the DCV) to the top of the cylinder, the cylinder piston is pushed
downward. This causes pressure at the primary port to increase to raise the spool.
This opens a flow path for discharge through the secondary port to the DCV and
back to the tank. When raising the cylinder [see Fig. 8-37(b)], an integral check
valve opens to allow free flow for retracting the cylinder. Figure 8-37(c) gives the
graphical symbol for a counterbalance valve.
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Figure 8-37. Application of counterbalance valve. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Trov, Michigan.)

8.4 FLOW CONTROL VALVES

Flow control valves are used to regulate the speed of hydraulic cylinders and
motors controlling the flow rate to these actuators. They may be as simple as a
fixed orifice or an adjustable needle valve. Needle valves are designed to give fine
control of flow in small-diameter piping. As illustrated in Fig. 8-38, their name is
derived from their sharp, pointed conical disk and matching seat. The graphical
symbol for a needle valve (which is a variable orifice) is also given in Fig, 8-38.

Figure 8-39 shows a flow control valve that is easy to read and adjust. The
stem has several color rings, which, in conjunction with a numbered knob, per-
mits reading of a given valve opening as shown. Charts are available that allow
quick determination of the controlled flow rate for given valve settings and pres-
sure drops. A locknut prevents unwanted changes in flow.

There are two basic types of flow control valves: nonpressure-compensated
and pressure-compensated. The nonpressure-compensated type is used where
system pressures are relatively constant and motoring speeds are not too critical.
They work on the principle that the flow through an orifice will be constant if the
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Figure 8-38. Needle valve. (Courtesy
of Crane Co., Chicago, Hllinois.)

pressure drop remains constant. Figure 8-40 gives a cutaway view of a nonpres-
sure-compensated flow control valve and its graphical symbol. The design shown
also includes a check valve, which permits free flow in the direction opposite to
the flow control direction.

If the load on an actuator changes significantly, system pressure will change
appreciably, Thus, the flow rate through a nonpressure-compensated valve will
change for the same flow rate setting. Figure 8-41 illustrates the operation of a
pressure-compensated valve. This design incorporates a hydrostat that maintains
a constant 20-psi differential across the throttle, which is an orifice whose area can

Figure 8-39. Easy read and adjust flow control vaive. (Courtesy of Deltrol Corp.,
Bellwood, Hlinois.)
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| i VOLUME CONTROLLED
S WHEN FLOW IS THIS WAY

FREE FLOW IN
THIS DIRECTION

Figure 8-40. Noncompensated flow control valve. (Courtesy af Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)

be adjusted by an external knob setting, The orifice area setting determines the
flow rate to be controlled. The hydrostat is held normally open by a light spring.
However, it starts to close as inlet pressure increases and overcomes the light
spring force. This closes the opening through the hydrostat and thereby blocks off

SPRING LOAD SETS
PRESSURE DIFFERENCE
ACROSS THROTTLE

TO LOAD THIS AREA EQUALS

COMBINED AREAS OF
T AMNNULUS AND STEM

N

HYDROSTAT PISTON 15§
BALANCED BETWEEN
INTERMEDIATE PRESSURE
BELOW AND LOAD PRESSURE

ANMNULUS

FROM PUMP

LAND BLOCKS

THROTTLE EXCESS FLOW AND
CONTROLS STEM FORCES IT OVER
FLOW RELIEF VALVE

Figure 8-41. Operation of pressure-compensated flow control valve. (Courtesy aof Sperry
Vickers, Sperry Rund Corp., Troy, Michigan.)
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all flow in excess of the throttle setting. As a result, the only oil that will pass
through the valve is that amount which 20 psi can force through the throttle. Flow
exceeding this amount can be used by other parts of the circuit or return to the
tank via the pressure relief valve. Also included in Fig. 8-41 is the graphical
symbol for a pressure-compensated flow control valve.

In Fig. 8-42 we have a see-through model of an actual pressure-compensated
flow control valve, which has a pressure rating of 3000 psi. Pressure compensation
will maintain preset flow within [ to 5% depending on the basic flow rate as long as
there is 150-psi pressure differential between the inlet and outlet ports. The dial is
calibrated for easy and repeatable flow settings. Adjustments over the complete
valve capacity of 12 gpm are obtained within a 270° arc. A dial key lock prevents
tampering with valve settings. A sharp-edged orifice design means that the valve is
immune to temperature or fluid viscosity changes.

8.5 SERVO VALVES

A servo valve is a directional control valve that has infinitely variable positioning
capability. Thus, it can control not only the direction of fluid flow but also the
amount. Servo valves are coupled with feedback-sensing devices, which allow for
the very accurate control of position, velocity, and acceleration of an actuator.
Figure 8-43 shows the mechanical-type servo valve, which is essentially a
force amplifier used for positioning control. In this design, a small input force
shifts the spool of the servo valve to the right by a specified amount. The oil flows
through port P, retracting the hydraulic cylinder to the right. The action of the

Figure 8-42. Pressure-compensated
flow control valve. (Courtesy of Conti-
nental Hydraulics, Division of Conti-
nental Machines Inc., Savage, Minne-
sota.)
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Figure 8-43. Mechanical-hydraulic servo valve.

feedback link shifts the sliding sleeve to the right until it blocks off the flow to the
hydraulic cylinder. Thus, a given input motion produces a specific and controlled
amount of output motion. Such a system where the output is fed back to modify
the input is called a closed-loop system. One of the most common applications of
this type of mechanical-hydraulic servo valve is the hydraulic power steering
system of automobiles and other transportation vehicles.

In recent years, the electrohydraulic servo valve has arrived on the indus-
trial scene. Typical electrohydraulic servo valves use an electrical torque motor, a
double-nozzle pilot stage, and a sliding spool second stage. Figure 8-44 gives a
cutaway view of an actual electrohydraulic servo valve. This servo valve is an
electrically controlled, proportional metering valve suitable for a variety of mobile
vehicles and industrial control applications such as earth-moving vehicles, articu-
lated arm devices, cargo-handling cranes, lift trucks, logging equipment, farm
machinery, steel mill controls, utility construction, fire trucks, and servicing vehi-
cles.

The construction and operational features of an electrohydraulic servo valve
can be seen by referring to the schematic drawing of Fig. 8-45. The torque motor
includes coils, pole pieces, magnets, and an armature. The armature is supported
for limited movement by a flexure tube. The flexure tube also provides a fluid seal
between the hydraulic and electromagnetic portions of the valve. The flapper
attaches to the center of the armature and extends down, inside the flexure tube,
A nozzle is located on each side of the flapper so that flapper motion varies the
nozzle openings. Pressurized hydraulic fluid is supplied to each nozzle through an
inlet orifice located in the end of the spool. This pilot stage flow is filtered by a 40-
wm screen that is wrapped around the shank of the spool. Differential pressure
between the ends of the spool is varied by flapper motion between the nozzles.

The four-way valve spool directs flow from supply to either control port C1
or C2 in an amount proportional to spool displacement. The spool contains flow
metering slots in the control lands that are uncovered by spool motion. Spool
movement deflects a feedback wire that applies a torque to the armature/flapper.
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Figure 8-44. Electrohydraulic servo
valve. (Courtesy of Moog Inc., Indus-
trial Division, East Aurora, New York.)
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Figure 8-45. Schematic cross section of electrohydraulic servo valve. (Courtesy
of Moog Inc., Industrial Division, East Aurora, New York.)
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Spool detent springs are provided to center the spool whenever hydraulic driving
pressures are absent. Electrical current in the torque motor coils causes either
clockwise or counterclockwise torque on the armature. This torque displaces the
flapper between the two nozzles. The differential nozzle flow moves the spool to
either the right or left. The spool continues to move until the feedback torque
counteracts the electromagnetic torque. At this point the armature/flapper is re-
turned to center, so the spool stops and remains displaced until the electrical input
changes to a new level. Therefore, valve spool position is proportional to the
electrical signal. The actual flow from the valve to the load will depend on the load
pressure.

Rated flow is achieved with either a plus or minus 100% electrical signal, The
amount of rated flow now depends on the valve pressure drop.

The overall operation of an electrohydraulic system is as follows: The elec-
trohydraulic servo valve operates from an electrical signal to its torque motor,
which positions the spool of a directional control valve. The signal to the torque
motor comes from an electrical device such as a potentiometer (see Fig. 8-46). The
signal from the potentiometer is electrically amplified to drive the torque motor of
the servo valve. The hydraulic flow output of the servo valve powers an actuator,
which in turn drives the load. The velocity or position of the load is fed back in
electrical form to the input of the servo valve via a feedback device such as a
tachometer generator or potentiometer. Because the loop is closed by this action,
this type of system is commonly referred to as a closed-loop system. This feed-
back signal is compared to the command input signal, and the difference between
the two signals is sent to the torque motor as an error signal. This produces a
correction in the velocity or position of the load until it matches up with the
desired value. At this point the error signal to the torque motor becomes zero, and
no additional changes are made to the load until the original command input signal
is changed as desired. Electrohydraulic servo systems (closed-loop systems) can
provide very precise control of the position, velacity, or acceleration of a load.

COMPARATOR MECHANICAL
AP EER SERVO HYDRAULIC| OUTPUT

ELECTRICAL ELECTRICAL ELECTRICAL |VALVE[ LvpRrauLic | ACTUATOR

LOAD

INPLIT ERROR SIGNAL SIGNAL

ELECTRICAL
FEEDBACK FEEDBALK
TRANSDUCER

TACHOMETER FOR VELOCITY CONTROL
POTENTIOMETER FOR POSITIONAL CONTROL

Figure 8-46. Block diagram of an electrohydraulic servo system (closed-loop).
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8.6 CARTRIDGE VALVES

Market pressures and worldwide competition make the need for more efficient
and economical hydraulic systems greater than ever. Integrated hydraulic circuits
offer a proven way to achieve these improvements. Integrated hydraulic circuits
are compact hydraulic systems formed by integrating various cartridge valves and
other components into a single, machined, ported manifold block.

A cartridge valve is designed to be assembled into a cavity of a ported
manifold block (alone or along with other cartridge valves and hydraulic compo-
nents) in order to perform the valve's intended function. (See Fig, 8-47 for cut-
away views of several threaded cartridge valves.) The cartridge valve is assem-
bled into the manifold block either by screw threads (threaded design) or by a
bolted cover (slip-in design). Figure 8-48 shows a manifold block containing a
number of cartridge valves and other hydraulic components. The world map was
etched on the outside surfaces of the manifold block to reflect one’s entering the
“world”" of integrated hydraulic circuits.

The use of cartridge valves in ported manifold blocks provides a number of
advantages over discrete, conventional, ported valves mounted at various loca-
tions in pipelines of hydraulic systems. The advantages include the following:

1. Reduced number of fittings to connect hydraulic lines between various com-
ponents in a system,

Figure 8-47. Cutaway views of
threaded cartridge valves. (Courtesy of
Parker Hannifin Corp., Elvria, Ohio.)
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Figure 8-48. Manifold block contain-
ing cartridge valves. (Courtesy of
Parker Hannifin Corp., Elyria, Ohio.)

2. Reduced oil leakages and contamination due to fewer fittings.
3. Lower system installation time and costs.

4. Reduced service time since faulty cartridge valves can be easily changed
without disconnecting fittings.

5. Smaller space requirements of overall system.

Figure 8-49. Solenoid-operated directional control cartridge valves. (Courtesy of
Parker Hannifin Corp., Elyria, Ohio.)
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Figure 8-52. Cartridge solenoid oper-
ated flow control valve. (Courtesy of
Parker Hannifin Corp., Elvria, Ohio.)

valve, solenoid directional control valve, and flow control (proportional) valve are
shown in Figs. 8-53 through 8-56, respectively.

Integrated hydraulics technology can provide easier installation and servic-
ing, greater reliability, reduced leakage, expanded design flexibility, and lighter,
neater hydraulic packages for a variety of hydraulic applications. Figure 8-57
shows several manifold blocks superimposed on a symbolic hydraulic circuit dia-
gram to represent a complete integrated hydraulic system.

8.7 HYDRAULIC FUSES

Figure 8-58(a) shows a schematic drawing of a hydraulic fuse, which is analogous
lo an clectric fuse. It prevents hydraulic pressure from exceeding an allowable
value in order to protect circuit components from damage. When the hydraulic
pressure exceeds a design value, the thin metal disk ruptures to relieve the pres-
sure as oil is drained back to the oil tank. After rupture, a new metal disk must be
inserted before operation can be started again. Hydraulic fuses are used mainly
with pressure-compensated pumps for fail-safe overload protection in case the
compensator control on the pump fails to operate. Figure 8-58(b) shows the sym-
bolic representation of a partial circuit consisting of a pressure-compensated
pump and a hydraulic fuse. A hydraulic fuse is analogous to an electrical fuse
because they both are one-shot devices. On the other hand, a pressure relief valve
is analogous to an electrical circuit breaker because they both are resettable
devices.
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POPPET

No Flow Condition
» System pressure is lower than relief
valve setting.
» Poppet is seated, held in position by
spring force.
* Flow is blocked at Inlet.

Figure 8-53.
Elyria, Ohio.)
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POPPET

ouT

Throttled Flow Condition
* System pressure has reached relief
valve setting.
» Pressure has moved Poppet away
from Seat, allowing flow to pass
through valve.

» Valve is throttling flow to maintain
relief pressure at inlet.

Cartridge pressure relief valve. (Courtesy of Parker Hannifin Corp.,



352 Control Components in Hydraulic Systems Chap. 8

ouT POPPET
o
Ev
‘9; ’ii ; #
i i‘ ,; . £ SEAT
‘> & * %’ :
IN
No Flow Condition Full Flow Condition
* Poppet is held on Seat by ® Pressure on Inlet of valve creates force
spring and pressure forces. against Poppet.
» Flow is blocked. * Reverse flow through valve is blocked

by Poppet.
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force lifting Poppet.

* Flow passes through vaive.

Figure 8-54.  Cartridge check valve. (Courtesy of Parker Hannifin C orp., Elyria,
Ohio.)
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ARMATURE ARMATURE

SPOOL A SPOOL

Full Flow Between Ports C and B

Full Flow Between Ports Aand C

« Armature, Plunger and Spool are held down

* Armature, Plunger and Spool are held upward
by spring force.

by electromagnetic force of Solenoid.
e Plunger Spring extended but under tension. .

» Flow is blocked at Port A.

Spring is compressed.

Flow is blocked at Port C.

Fluid flows through valve (either direction). = Fluid flows through valve (either direction).

Hollow spool center is part of flow path.

Hollow spool center is part of flow path.

Figure 8.55. Cartridge solenoid directional control valve, (Courtesy of Parker Hannifin
Corp., Elyria, Ohio.)
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No Flow Condition Regulated Flow Condition

» Spool and Armature are held in neutral ® Spool and Armature are held partially down

position by spring force. by electromagnetic forces of Solenoid.
* Flow is blocked in either direction. ¢ Partial flow passes from Inlet to Outlet.

® Increasing or decreasing percent of current
to the Solencid changes controlled flow.

¢ Hollow Spool center is part of flow path.

Figure 8-56. Cartridge flow control valve. (Courtesy of Parker Hannifin Corp.. Elyria,
Ohio.)

8.8 PRESSURE AND TEMPERATURE SWITCHES

A pressure switch is an instrument that automatically senses a change in pressure
and opens or closes an electrical switching element when a predetermined pres-
sure point is reached. A pressure-sensing element is the portion of the pressure
switch that moves due to a change in pressure. There are four types of sensing
elements, which produce the following four different models:

1. Diaphragm (see Fig. 8-59): This model can operate from vacuum pressures
up to 150 psi. It has a weld-sealed diaphragm direct-acting on a snap-action
switch.



Sec. 8.8 Pressure and Temperature Switches 355

Figure 8-57.
Eiyria, Ohio.)

Integrated hydraulic circuil. (Courtesy of Parker Hannifin Corp.,
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Hydraulic fuse (schematic and graphic symbol.)
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Figure 8-59. Diaphragm pressure
switch. (Courtesy of Barksdale Con-
trols, Los Angeles, California.)

2. Bourdon tube (see Fig. 8-60): This model can operate with pressures varying
from 50 to 18,000 psi. It has a weld-sealed Bourdon tube acting on a snap-
action switch.

3. Sealed piston (see Fig. 8-61): This model can operate with pressures from [5
to 12,000 psi. It has an O-ring sealed piston direct-acting on a snap-action
switch.

4. Dia-seal piston (see Fig. 8-62): This model can operate with 0.5- to 1600-psi
pressures. It has a dia-seal piston direct-acting on a snap-action switch. This
design combines diaphragm accuracy with piston long life and high-proof
pressure tolerance.

Figure 8-60. Bourdon tube pressure Figure 8-61, Sealed piston pressure switch,
switch. (Courtesy of Barksdale Controls, (Courtesy  of  Barksdale Controls, Los
Los Angeles, California.) Angeles, California.)
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O 3

switch. (Courtesy of Barksdale Controls,

A Figure 8-62. Dia-Seal Piston pressure
% T Los Angeles, California,)

The electrical switching element in a pressure switch opens or closes an
electrical circuit in response to the actuating force it receives from the pressure-
sensing element. The designs shown use single-pole, double-throw snap-action
switches for maximum reliability,

There are two types of switching elements: normally open (N.O.) and nor-
mally closed (N.C.). A normally open switch is one in which no current can flow
through the switching element until the switch is actuated. In a normally open
switch, a plunger pin is held down by a snap-action leaf spring, and force must be
applied to the plunger pin to close the circuit. In a normally closed switch, current
flows through the switching element until the switch is actuated. In a normally
closed switch, a plunger pin is held down by a snap-action leaf spring, and force
must be applied to the plunger pin to open the circuit.

Figure 8-63. Temperature switch.
(Courtesy of Barksdale Controls, Los
Angeles, California.)
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Pressure switches have three electrical terminals identified: C (common),
N.C. (normally closed), and N.O. (normally open). When wiring in a switch, only
two terminals are used. The common terminal is always used, plus a second
terminal, either N.C. or N.O. depending on whether the switch is to operate as a
normally open or normally closed switch.

A temperature switch is an instrument that automatically senses a change in
temperature and opens or closes an electrical switching element when a predeter-
mined temperature point is reached. Figure 8-63 shows a temperature switch that
has a rated accuracy of +1°F maximum. This particular temperature switch incor-
porates a compensating device to cancel out the adverse effects of ambient fluctu-
ations. At the top end is an adjustment screw to change the actuation point. The
threads near the bottom end are used to mount locally on the hydraulic system
where the temperature is to be measured. As in the case of pressure switches,
temperature switches can be wired either normally open or normally closed.
Applications of pressure and temperature switches are presented in Chapter 3.

8.9 SHOCK ABSORBERS

A shock absorber is a device that brings a moving load to a gentle rest through the
use of metered hydraulic fluid. Figure 8-64 shows a shock absorber that can
provide a uniform gentle deceleration of any moving load from 25 to 25.000 1b or
where the velocity and weight combination equals 3300 in.:lb. Heavy-duty units
are available with load capacities of over 11 million in.-Ib. and strokes up to 20 in.

The construction and operation of the shock absorber of Fig. 8-64 is de-
scribed as follows:

These shock absorbers are filled completely with oil. Therefore, they may be
mounted in any position or at any angle, The spring-return units are entirely self-

Figure 8-64. Shock absorber. (Cour-
tesy of E.G.D. Inc., Glenview, lllinois.)
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CONVENTIONAL SNUBBER

/ (dashpot)

—— COMPRESSION SPRING

HANNA SHOCK ABSORBER
Figure 8-66. Shock absorbers create a

uniform stopping force. (Courtesy of

STROKE E.G.D. Inc., Glenview, Illinois.)

contained, extremely compact types that require no external hoses, valves, or
fittings. In this spring-returned type a built-in cellular accumulator accommodates
oil displaced by the piston rod as the rod moves inward. See Fig. 8-65 for a
cutaway view. Since the shock absorber is always filled with oil, there are no air
pockets to cause spongy or erratic action.

These shock absorbers are multiple-orifice hydraulic devices. The orifices
may be fixed in size as they are in the standard and heavy-duty types or of
adjustable size as they are in the adjustable types. When a moving load strikes the
bumper of the shock absorber, it sets the rod and piston in motion. The moving
piston pushes oil through a series of holes from an inner high-pressure chamber to
an outer low-pressure chamber.

The resistance to the oil flow caused by the holes (restrictions) creates a
pressure that acts against the piston to oppose the moving load. Holes are spaced

Figure 8-67. Crane application of shock absorbers. (Courtesy of E.G.D. Inc.,
Glenview, Hlinois.)

LA S B
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Figure 8-68. (Left) Schematic of automotive shock absorber. (Courtesy of Tex-
aco Inc., New York, New York.)

geometrically according to a proven formula that produces constant pressure on
the side of the piston opposite the load (constant resisting force) from the begin-
ning to nearly the end of the stroke. The piston progressively shuts off these
orifices as the piston and rod move inward. Therefore, the total orifice area
continually decreases and the load decelerates uniformly. At the end of the stroke,
the load comes to a gentle rest and pressure drops to zero gage pressure. This
results in uniform deceleration and gentle stopping, with no bounce back. In
bringing a moving load to a stop, the shock absorber converts work and kinetic
energy into heat, which is dissipated to the surroundings or through a heat ex-
changer.

Figure 8-66 illustrates various methods of decelerating the same weight from
the same velocity over the same distance. The area under each curve represents
the energy absorbed. The snubber or dashpot produces a high peak force at the
beginning of the stroke; then the resistance is sharply reduced during the remain-
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der of the stopping distance. The snubber, being a single-orifice device, produces
a nonuniform deceleration, and the initial peak force can produce damaging
stresses on the moving load and structural frame. Compression springs have 4 low
initial stopping force and build up to a peak at the end of the stroke. The springs
store the energy during compression only to return it later, causing bounce back.
The rising force deflection curve requires a longer stroke to stay below a given
maximum deceleration force. Liquid springs rely on the slight compressibility of
the hydraulic fluid to stop a load. The reaction of a liquid spring is similar to that of
a mechanical spring.

One application for shock absorbers is energy dissipation of moving cranes,
as illustrated in Fig. 8-67. Shock absorbers prevent bounce back of the bridge or
trolley and thus provide protection for the operator, crane, and building structure.

Perhaps the most common application of shock absorbers is for the suspen-
sion systems of automobiles. Figure 8-68 is a schematic showing design details of
such a shock absorber, whereas Fig. 8-69 provides a cutaway view of an actual
design. As shown, the coil spring compression and the replenishing valve provide
for smooth valve action and positive compression control.

Figure 8-69.
(Right) Cutaway
view of automotive
shock absorber,
(Courtesy of Tex-
aco Ine., New
York, New York,)
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EXERCISES

Questions, Concepts, and Definitions

8-1.
8-2.
8-3.
8-4.
8-5.
8-6.
8-7.
8-8.

8-9.
8-10.
8-11.
8-12.
8-13.
8-14.
8-15.
8-16.
8-17.
8-18.

8-19.
8-20.
8-21.
8-22.
8-23.
8-24.
8-25.
8-26.
8-27.
8-28.

8-29.

8-30.

8-31.

8-32.

What is the purpose of a directional control valve?

What is a check valve, and what does it accomplish?

How does a pilot check valve differ from a simple check valve?

What is a four-way directional control valve?

What is a four-way, spring-centered, three-position valve?

Name three ways in which directional control valves may be actuated.
What is a solenoid, and how does it work?

What is the difference between an open-center and closed-center type of directional
control valve?

What is a shuttle valve? Name one application.

What is the purpose of a pressure relief valve?

What is a pressure-reducing valve. What is its purpose?
What does an unloading valve accomplish?

Whalt is a sequence valve!? Whal is its purpose?

Name one application of a counterbalance valve.

What is the purpose of a flow control valve?

What is a pressure-compensated flow control valve?
What is a servo valve? How does it work?

What is the difference between a mechanical-hydraulic and an electrohydraulic servo
valve?

Explain what is meant by a closed-loop system by drawing a block diagram.

What is a hydraulic fuse? What electrical device is it analogous to?

What is a pressure switch? Name four types.

What is a temperature switch?

What is the difference between a normally closed and normally open electric switch?
What is the purpose of a shock absorber? Name two applications.

Explain how the pilot-operated check shown in Fig. 8-4 works.

Name one application for a pilot-operated check valve.

Explain how the four-way directional control valve of Fig. 8-5 operates.

Name two advantages of the shear-seal rotary directional control valve as compared
to the spool type.

How do a simple pressure relief valve and a compound relief valve differ in opera-
tion"?

How does an unloading valve differ from a sequence valve in mechanical construc-
tion?

Explain the operational features of the pressure-compensated flow control valve of
Fig. 8-41.

Describe how the Bourdon tube pressure switch of Fig. 8-60 operates.
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Discuss the construction and operating features of the shock absorber of Fig. §-64.
How many positions does a spring-offset valve have?

How many positions does a spring-centered valve have?

What are rotary valves, and how do they operate?

How are solenoids most often used in valves?

Name two ways of regulating flow to a hydraulic actuator.

What is cracking pressure?

Where are the ports of a relief valve connected?

8-41. Name the three basic functions of valves.

8-42. What is the difference in function between a pressure-relief valve and a hydraulic
fuse?

8-43. Relative to directional control valves, distinguish between the terms position. way,
and port.

8-44. What is a cartridge valve?

8-45. What is the difference between slip-in and screw-type cartridge valves?

8-46. Name five benefits of using cartridge valves.

8-47. Name five different valve functions that can be provided using cartridge valves.

8-48. Relative to the use of cartridge valves, what are integrated hydraulic circuits?

Problems

Note: The letter E following an exercise number means that English units are used. Simi-
larly, the letter M indicates metric units.

Power Losses in Valves

8-49E. A pressure relief valve has a pressure setting of 2000 psi. Compute the horsepower

loss across this valve if it returns all the flow back to the tank from a 25-gpm pump.

8-50E. An unloading valve is used to unload the pump of Exercise 8-49. If the pump

discharge pressure during unloading equals 30 psi, how much hydraulic horse-
power is being wasted.

8-51M. A pressure relief valve has a pressure setting of 140 bars. Compute the kW power

loss across this valve if it returns all the flow back to the tank from a 0.0016-m?/s
pump.

8-52M. An unloading valve is used to unload the pump of Exercise 8-51. If the pump

discharge pressure during unloading equals 2 bars, how much hydraulic kW power
is being wasted?
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Learning Objectives

Upon completing this chapter, you should be able to

1. Describe the purpose, construction, and operation of various directional

control valves.

2. Differentiale between two-way, three-way, and four-way directional control

valves.

3. Identify the graphical symbols used for directional, pressure, and flow con-

trol valves.

4. Explain how valves are actuated using manual, mechanical, fluid pilot, and

electric solenoid methods.

5. Describe the purpose. construction, and operation of various pressure con-

trol valves.

6. Differentiate between a pressure relief valve, a pressure-reducing valve, a

sequence valve, and an unloading valve,

7. Describe the purpose, construction, and operation of various flow control

valves.

8. Differentiate between a noncompensated and a compensated flow control

valve.

9. Describe the purpose, construction, and operation of mechanical-hydraulic

and electro-hydraulic servo valves.

—
=

Discuss the purpose, construction, and operation of cartridge valves.

315
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11. Understand the operation of a hydraulic fuse and how it compares to a
pressure relief valve.

12. Explain the operation of the various types of pressure and temperature
switches.

13. Describe the purpose, construction, and operation of shock absorbers.
14. Calculate the power loss in pressure relief and unloading valves.

8.1 INTRODUCTION

One of the most important considerations in any fluid power system is control. If
control components are not properly selected, the entire system will not function
as required. Fluid power is controlled primarily through the use of control devices
called valves. The selection of these control devices involves not only the type but
also the size, the actuating technique, and remote-control capability. There are
three basic types of control devices: (1) directional control valves, (2) pressure
control valves, and (3) flow control valves.

Directional control valves determine the path through which a fluid traverses
within a given circuit. For example, they establish the direction of motion of a
hydraulic cylinder or motor. This control of the fluid path is accomplished primar-
ily by check valves, shuttle valves, and two-way, three-way, and four-way direc-
tional control valves.

Pressure control valves protect the system against overpressure, which may
occur due to a gradual buildup as fluid demand decreases or due to a sudden surge
as valves open or close. The gradual buildup of pressure is controlled by pressure
relief, pressure reducing, sequence, unloading, and counterbalance valves. Of
course, pressure-compensated pumps can also be used. Pressure surges can pro-
duce an instantaneous increase in pressure as much as four times the normal
system pressure. Shock absorbers are hydraulic devices designed to smooth out
pressure surges and to dampen out hydraulic shock.

In addition, fluid flow rate must be controlled in various lines of a hydraulic
circuit. For example, the control of actuator speeds depends on flow rates. This
type of control is accomplished through the use of flow control valves. A variable
displacement pump can also be used to control actuator speed unless the system
contains several actuators, each of which must operate at different speeds. In
such a case separate flow control valves are required. Noncompensated flow
control valves are used where precise speed control is not required since flow rate
varies with pressure drop across a flow control valve. Pressure-compensated flow
control valves automatically adjust to changes in pressure drop to produce a
constant flow rate,

It is important to know the primary function and operation of the various
types of control components. This type of knowledge is not only required for a
good functioning system, but it also leads to the discovery of innovative ways to
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improve a fluid power system for a given application. This is one of the biggest
challenges facing the fluid power system designer. Circuit applications of each of
the control devices discussed in this chapter are presented in Chapter 9.

8.2 DIRECTIONAL CONTROL VALVES

As the name implies, directional control valves are used to control the direction of
flow in a hydraulic circuit. The simplest type is a check valve (see Fig. 8-1), which
is in reality a one-way directional control valve. It is a one-way valve because it
permits free flow in one direction and prevents any flow in the opposite direction.

Figure 8-2 shows the internal operation of a check valve. As shown, a light
spring holds the poppet in the closed position. In the free-flow direction, the fluid
pressure overcomes the spring force at about 5 psi. If flow is attempted in the
opposite direction, the fluid pressure pushes the poppet (along with the spring
force) in the closed position. Therefore, no flow is permitted. The higher the
pressure, the greater will be the force pushing the poppet against its seat. Thus,
increased pressure will not result in any tendency to allow flow in the no-flow
direction.

Figure 8-3 shows the free-flow direction implied when using the symbolic
representation of a check valve. This symbol, which clearly shows the function of
a check valve, will be used when drawing total hydraulic circuits. Note that a
check valve is analogous to a diode in electric circuits.

A second type of check valve is the pilot-operated check valve, shown in
Fig. 8-4 with its symbol. This type of check valve always permits free flow in one
direction but permits flow in the normally blocked opposite direction only if pilot
pressure is applied at the pilot pressure port of the valve. In the design of Fig. 8-4,
the check valve poppet has the pilot piston attached to the threaded poppet stem
by a nut. The light spring holds the poppet seated in a no-flow condition by
pushing against the pilot piston. The purpose of the separate drain port is to
prevent oil from creating a pressure buildup on the bottom of the piston. The

Figure 8-1. Check valve. (Courtesy of
Sperry Vickers, Sperry Rand Corp.,
Troy, Michigan.)
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Figure 8-2.  Operation of check valve. (Courtesy of Sperry Vickers, Figure 8-3. Symbol for a
Sperry Rand Corp., Troy, Michigan.) check valve with its free-
flow direction defined.

dashed line (which is part of the symbol shown in Fig. 8-4) represents the pilot

pressure line connected to the pilot pressure port of the valve. Pilot check valves
are frequently used for locking hydraulic cylinders in position,

Additional types of directional control valves are the two-way and four-way
valves used to direct inlet flow to either of two outlet ports. As illustrated in Fig.

PILOT PRESSURE PORT

NUT

PISTON

DRAIN OR
PILOT PRESSURE
PORT TO CLOsE
POPPET

A

FREE FLOW INLET

SEAT

FREE-FLOW OUTLET

Figure 8-4. Pilot-operated check valve. (Courtesy of Sperry Vickers, Sperrv Rand € orp.,
Troy, Michigan.)
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CYLINDER PORT A
PUMP TANK
PORT "p" PORT "T'

&

CYLINDER PORT "B

TAN/ =

TWO-WAY VALVE
; GRAPHICAL SYMBOLS

]
LN

FOUR FLOW
PATHS

Figure 8-5. Two-way and four-way directional control valves. (Courtesy of
Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)

8-5. flow entering at the pump port P (this is the port that is connected to the pump
discharge line) can be directed to either the outlet port A or B. Most directional
control valves use a sliding spool to change the path of flow through the valve. For
a given position of the spool, a unique flow path configuration exists within the
valve. Directional control valves are designed to operate with either two positions
of the spool or three positions of the spool. The flow path configuration for each
unique spool position is shown symbolically by a rectangle, sometimes called an
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envelope. Therefore, the valves of Fig. 8-5 are two-position valves (the graphical
symbols show two side-by-side rectangles for each valve).
The following is a description of each valve of Fig. 8-5:

1. Two-way valve: Notice that the flow can go through the value in two unique
ways depending on the spool position.

a. Spool position 1: Flow can go from P to B as shown by the straight-
through line and arrowhead. Ports A and T are blocked as shown.

b. Spool position 2: Flow can go from P to A. Notice that the ports are
labeled for only one envelope so that the reader must mentally identify
the ports.

2. Four-way valve: Observe that the flow can go through the valve in four
unique ways depending on the spool position.

a. Spool position 1: Flow can go from P to A and B to T.

b. Spool position 2: Flow can go from A to T and P to B.

Two-way valves can be used to direct pump flow to either of two different
parts of a circuit. Four-way valves are typically used to control double-acting
hydraulic cylinders. The spool of a directional control valve can be positioned
manually, mechanically, by using pilot pressure, or by using electrical solenoids.

A physical understanding of the flow path configuration of two-way and
four-way valves is provided by Figs. 8-6 and 8-7, respectively. Notice that a spool
is a cylindrical member that has large-diameter lands machined to slide in a very
close-fitting bore of the valve body. The radial clearance is usually less than 0.001
in. The grooves between the lands provide the flow passages between ports.

LAND ON GROOVE BETWEEN
VALVE SPOOL LANDS COMPLETES
BLOCKS PASSAGE 4 B/ FLOW PASSAGE BETWEEN 4 B

TWO PORTS

1 P T 1 P I
PRESSURE TO 8" PRESSURE TO "A"
A BLOCKED A B “B" BLOCKED
L L SLIDING SPOOL TO
LEFT CHANGES FLOW
GRAPHICAL SYMBOL T T PATH
P T

Figure 8-6. Spool positions inside two-way valve. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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T P T
PRESSURE TO "B" PRESSURE TO "A"
AN TO TANK A B "B" TO TANK

3 T

Figure 8-7. Spool positions inside four-way valve. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)

Observe that the graphical symbol shows only one tank port T even though the
physical design may have two. The tank port is the port of the valve that is piped
back to the hydraulic oil tank. Therefore, each tank port provides the same func-
tion. Recall that the graphical symbol is only concerned with the function of a
component and not its internal design.

T (TANK) PASSAGE

"B" PASSAGE

P (PRESSURE) PASSAGE
"A" PASSAGE

e o,

"A" GAUGE PORT
"B" GAUGE PORT

Figure 8-8. Manually actuated, spring-centered, three-position, four-way valve.
(Courtesy of Sperry Vickers, Sperry Rand Corp., Troy, Michigan.)
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A B
| =l ; /
y Figure 8-9. Symbol for a four-way,
/ i it
Y 1|/ \ A spring-centered, three-position, manu-
P T ally actuated valve.

Figure 8-8 is a photograph of a cutaway of a four-way valve. Notice that it is
manual-actuated (see hand lever). Since the spool is spring-loaded at both ends, it
is a spring-centered. three-position, directional control valve. Thus. when the
valve is unactuated (no hand force on lever), the valve will assume its center
position due to the balancing opposing spring forces.

In Fig. 8-9 we see the symbolic representation of the four-way valve of Fig.
8-8. Notice that the ports are labeled on the center envelope, which represents the
flow path configuration in the spring-centered position of the spool. Also observe
the spring and lever actuation symbols used at the ends of the right and left
envelopes. These imply a spring-centered, manually actuated valve. It should be
noted that a three-position valve is used when it is necessary to stop or hold a
hydraulic actuator at some intermediate position within its entire stroke range.

In Fig. 8-10 we see a two-position, four-way valve that is spring offset. In
this case the lever shifts the spool, and the spring returns the spool to its original
position when the lever is released. There are only two unique operating posi-
tions, as indicated by the graphical symbol. Notice that the ports are labeled at the
envelope representing the neutral (spring offset or return) or unactuated position
of the spool.

SPRING HOLDS
VALVE SHIFTED

Figure 8-10. Two-position, spring-offset, four-way valve. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy, Michigan.)
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Figure 8-11. Mechanically actuated
four-way valve. (Courtesy of Sperry
Vickers, Sperry Rand Corp., Troy,
Michigan.)

The directional control valves of Figs. 8-8 and 8-10 are manually actuated by
the use of a lever. Figure 8-11 shows a two-position, four-way spring offset valve
that is mechanically rather than manually actuated. This is depicted in the cut-
away view, with the spool end containing a roller that is typically actuated by a
cam-type mechanism. Notice that the basic graphical symbol is the same but that
actuation is depicted as being mechanical rather than manual.

Directional control valves can also be shifted by applying air pressure
against a piston at either end of the valve spool. Such a design is illustrated by the
cutaway view of Fig. 8-12. As shown, springs (located at both ends of the spool)
push against centering washers to center the spool when no air is applied. When

AIR INTRODUCED THROUGH CENTERING SPRINGS PUSH AGAINST
THIS PASSAGE PUSHES WASHERS CENTERING WASHERS TO
AGAINST THE PISTON CENTER THE SPOOL WHEN
WHICH SHIFTS THE NO AIR IS APPLIED

SPOOL TO THE RIGHT

PISTONS SEAL THE
AIR CHAMBER FROM
THE HYDRAULIC CHAMBER

Figure 8-12, Air pilot-actuated four-way valve. (Courtesy of Sperry Vickers,
Sperry Rand Corp., Troy, Michigan.)
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A B
RS Y I T ----  Figure 8-13. Graphic svmbol for a
J >< pilot-actuated, four-way, three-position,
R M spring-centered directional control
P T valve.

air is introduced through the left end passage, its pressure pushes against the
piston to shift the spool to the right. Removal of this left end air supply and
introduction of air through the right end passage causes the spool to shift to the
left. Therefore, this is a four-way, three-position, spring-centered, air pilot—actu-
ated directional control valve. It is graphically represented in Fig. 8-13, which
gives a complete story of its operation. Once again the dashed lines represent pilot
pressure lines.

A very common way to actuate a spool valve is by using a solenoid, illus-
trated in Fig. 8-14. As shown, when the electric coil (solenoid) is energized, it
creates a magnetic force that pulls the armature into the coil. This causes the
armature to push on the push rod to move the spool of the valve.

Figure 8-15 is a cutaway view of an actual solenoid-actuated directional
control valve, This valve has a flow capacity of 12 gpm and a maximum operating
pressure of 3500 psi. It has a wet armature solenoid, which means that the plunger
or armature of the solenoid moves in a tube that is open to the tank cavity of the
valve. The fluid around the armature serves to cool it and cushion its stroke
without appreciably affecting response time. There are no seals around this arma-
ture to wear or restrict its movement. This allows all the power developed by the
solenoid to be transmitted to the valve spool without having to overcome seal
friction. Impact loads, which frequently cause premature solenoid failure, are
eliminated with this construction. This valve has a solenoid at each end of the

1. WHEN COIL IS 2. ARMATURE IS

ENERGIZED PULLED AGAINST
PUSH ROD
ARMATURE COIL
PUSH ROD
{ /
. / A
- i
LA\ 3
5
SPOOL

3. PUSH ROD MOVES
SPOOL

Figure 8-14. Operation of solenoid to shift spool of valve. (Courtesy of Sperry
Vickers, Sperry Rand Corp,, Troy, Michigan.)
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Figure 8-15. Actual solenoid-actuated
directional control valve. (Courtesy of
Continental Hydraulics, Division of
Continental Machines Inc., Savage,
Minnesota.)

A B

spool. Specifically, it is a solenoid-actuated, four-way, three-position, spring-
centered directional control valve and is represented by the graphical symbol in
Fig. 8-16. Notice the symbol used to represent the solenoid at both ends of the
spool.

Figure 8-17 shows a single solenoid-actuated four-way, two-position, spring-
offset directional control valve. Its graphical symbol is given in Fig. 8-18.

In Fig. 8-19 we see a solenoid-controlled, pilot-operated directional control
valve. Notice that the pilot valve is actually mounted on top of the main valve
body. The upper pilot stage spool (which is solenoid-actuated) controls the pilot
pressure, which can be directed to either end of the main stage spool. This 35-
gpm, 3000-psi valve is of the four-way, three-position, spring-centered configura-
tion and has a manual override to shift the pilot stage mechanically when trouble-
shooting.

Solenoids are commonly used to actuate small spool valves. This is illus-
trated in Fig. 8-20, which compares the size of a micro miniature directional
control valve to the size of a U.S silver dollar. This three-way valve is specially
designed to be used with small cylinders and other similar devices requiring low
flow rates.

Most three-position valyes have a variety of possible flow path configura-
tions. Each four-way valve has identical flow path configurations in the actuated
positions but different spring-centered flow paths. This is illustrated in Fig. 8-21.

Notice that the open-center type connects all ports together. In this design
the pump flow can return directly back to the tank at essentially atmospheric

H*
Hew

jr Figure 8-16. Graphic symbol for a
I- I] solenoid-actuated, four-way, three-

Y A position, spring-centered directional
control valve.

~H
-H
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Figure 8-17. Single solenoid-actuated, four-way. two-position.
spring-offset directional control valve. (Courre. v of Continental Hy-
draulics, Division of Continental Machines Inc., Savage, Minne-
sotd.)

H*
Hwm

» va

Figure 8-18.  Graphic symbol for valve
of Figure 8-17.

oH
—-H

Figure 8-19. Solenoid-controlled,
pilot-operated. directional control
valve. (Courtesy of Continental Hy-
draulics, Division of Continental Mu-
chines fne., Savage, Minnesota.)
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Figure 8-20. Micro miniature solenoid valve. (Courtesy of Skinner Precision
Industries, Inc., New Britain, Connecticut.,)

pressure. At the same time, the actuator (cylinder or motor) can be moved freely
by applying an external force.

The closed-center design has all ports blocked, as is the case for the valve of
Figs. 8-8 and 8-12. In this way the pump flow can be used for other parts of the
circuit. At the same time, the actuator connected to ports A and B is hydraulically
locked. This means it cannot be moved by the application of an external force.

The tandem design also results in a locked actuator. However, it also un-
loads the pump at essentially atmospheric pressure. For example, the closed-
center design forces the pump to produce flow at the high-pressure setting of the
pressure relief valve. This not only wastes pump design horsepower but promotes
wear and shortens pump life, especially if operation in the center position occurs
for long periods of time. Another factor is that the wasted horsepower shows up as
heat, which raises the temperature of the oil. This promotes oil oxidation, which
increases the acidity of the oil. Such an oil tends to corrode the critical metallic
parts not only of the pump but also of the actuators and valves. Also affected is
the viscosity of the oil. Higher temperature lowers the viscosity, which in turn
increases leakage and reduces the lubricity of the oil. To keep the temperature at a
safe level, an expensive oil cooler may be required.

Although most directional control valves are of the spool design, other types
are in use. One such design is the rotary four-way valve, which consists simply of
a rotor closely fitted in a valve body, as shown in Fig. 8-22. Passages in the rotor
connect or block off the ports in the valve body to provide the four flow paths as
illustrated. The design shown is a three-position valve in which the centered
position has all four ports blocked. Notice that the graphical symbol indicates the
flow path configuration through the valve for cach of its three positions. The
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Figure 8-21. Various center flow paths for three-position. four-way valves.
(Courtesy of Sperry Vickers, Sperry Rand C orp., Troy, Michigan.)

symbolic representation of a valve is not affected by the physical construction of
the valve. Rotary valves are usually actuated manually or mechanically.

The operating features of an actual rotary valve are illustrated in Figs. 8-23
and 8-24. This design (called a shear-seal valve by its manufacturer) contains
lapped metal-to-metal sealing surfaces, which form a virtually leakproof seal. The



Sec. 8.2

Directional Control Valves 329

ROTOR TURNS 1IN
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Figure 8-22. Rolary four-way valve. (Courtesy of Sperry Vickers, Sperry Rand
Corp., Troy, Michigan.)

gradual overlapping of the round flow passages produces a smooth shearing
action, which results in a low handle load and no sudden surges. There is no
external leakage because of a static seal on a rotating shaft (not reciprocating and
not under pressure). The high-pressure regions are confined to flow passages. This
type of valve can take higher velocities and more flow than a spool valve of the
same pipe size. For example, a 3-in., 2000-psi valve will experience only a 14-psi
pressure drop for a 14-gpm flow rate, which corresponds to a velocity of 20 ft/s.
Although the design shown is manually operated, solenoid and air pilot-actuated
models are available. These valves can be obtained in a variety of three-way and
four-way, two- and three-position flow path configurations. Certain models oper-
ate with working pressures as high as 10,000 psi.

A shuttle valve is another type of directional control valve. It permits a
system to operate from either of two fluid power sources. One application is for
safety in the event that the main pump can no longer provide hydraulic power to
operate emergency devices. The shuttle valve will shift to allow fluid to flow from
a secondary backup pump. As shown in Fig. 8-25, a shuttle valve consists of a
floating piston that can be shuttled to one side or the other of the valve depending
on which side of the piston has the greater pressure. Shuttle valves may be spring-
loaded (biased as shown in Fig. 8-25) in one direction to favor one of the supply
sources or unbiased so that the direction of flow through the valve is determined
by circuit conditions. A shuttle valve is essentially a direct-acting double-check
valve with a cross-bleed, as shown by the graphical symbol of Fig. 8-25. As shown
by the double arrows on the graphical symbol, reverse flow is permitted.
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Figure 8-23. Shear-flow rotary directional control valve. (Courtesy of DeLaval Turbine,
Inc., Barksdale Controls Division, Los Angeles, California.)

8.3 PRESSURE CONTROL VALVES

The most widely used type of pressure control valve is the pressure relief valve,
since it is found in practically every hydraulic system. It is a normally closed valve
whose function is to limit the pressure to a specified maximum value by diverting
pump flow back to the tank. Figure 8-26 illustrates the operation of a simple relief
valve. A poppet is held seated inside the valve by a heavy spring. When the
system pressure reaches a high enough value, the poppet is forced off its seat.
This permits flow through the outlet to the tank as long as this high pressure level
is maintained. Notice the external adjusting screw, which varies the spring force
and, thus, the pressure at which the valve begins to open (cracking pressure).
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NO CREEPINE CYLINDERS

Lapped metal to metal sealing surfaces form a virtually leakproof seal, which
actually improves with use through continued lapping action.

Note un-retouched mirror-like sealing surfaces of this rotor after 4 years of wateg
service. (5% soluble oil is recommended minimum for normal applications.)

COMPLETE CONTROL
ON — OFF — THROTTLING TO ANY DEGREE.

The gradual overlapping of round flow passages produces a smooth shear-
ing action — low handle |pad — no sudden surges. »

DIRT CANNOT SCORE SEALS

because FLOW 1S THROUGH ‘SHEAR-SEAL' RINGS rather than across sealing
surfaces, Sealing surfaces remain in constant intimate contact and thus
wipe away any dirt (like a window squeegee).

LONE MAINTENANCE-FREE SERVICE

because a SPRING COMPENSATES FOR THE WEAR as ‘Shear-Seals’ and rotor
continue to lap-in with use. Sealing qualities do not diminish even after this
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dale Valves.
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the *0.EM." Tine, offers the installation which is most attractive and least
expensive for your application. PANEL MOUNTING PROVISION 1S STANDARD,

LOW MAINTENANCE COST

because 3 'SHEAR-SEALS’ AND '0' RINGS GENERALLY MAKE A NEW
VALVE. Without removing valve from line, all parts are easily accessible.
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Figure 8-24. Operating features of the shear-flow rotary valve. (Courtesy of
DelLaval Turbine, Inc., Barksdale Controls Division, Los Angeles, California.)
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Figure 8-25. Shuttle valve (schematic and graphic symbol.)

It should be noted that the poppet must open sufficiently to allow full pump
flow. The pressure that exists at full pump flow can be substantially greater than
the cracking pressure. This is shown in Fig. 8-27, where system pressure is plotted
versus flow through the relief valve. The pressure at full pump flow is the pressure
level that is specified when referring to the pressure setting of the relief valve. It is
the maximum pressure level permitted by the relief valve.

The symbolic representation of a simple relief valve is given in Fig. 8-28. As
can be seen, the symbol shows the function of a relief valve but not its internal
configuration.

Figure 8-29 shows a partial hydraulic circuit containing a pump and pressure
relief valve, which are drawn symbolically. If the hydraulic system (not shown)

4. AND CAN BE
ADJUSTED

3. SPRING TENSION
[ DETERMINES SETTING ...

-

SCINLET
(FROM PUMP)

1. SPRING HOLDS [
PISTON SEATED “ws;

5. WHEN VALVE SETTING
IS REACHED, PUMP FLOW

2. WHEN PRESSURE HERE IS DIRECTED TO TANK

15 LESS THAN VALVE
SETTING, VALVE REMAINS
CLOSED.

Figure 8-26. Simple pressure relief valve. (Courtesy of Sperry Vickers, Sperry
Rand Corp., Troy, Michigan.)




Learning Objectives

Upon completing this chapter, you should be able to

1. Describe the operation of a complete hydraulic circuit drawn with symbols
for all components.

2. Troubleshoot hydraulic circuits to determine causes of malfunction.
Determine the operating speeds and load-carrying capacities of regenerative
cylinders.

. Discuss the operation of air-over-oil circuits.

. Describe the purpose, construction, and operation of various accumulators.
Explain the operation of accumulator circuits.

Understand the operation of a mechanical-hydraulic servo system.
Analyze a hydraulic circuit to evaluate the safety of operation.

Design a hydraulic circuit to perform a desired function,

10. Perform an analysis of hydraulic circuit operation, including the effects of
frictional losses.

L]

S R

9.1 INTRODUCTION

The material presented in previous chapters dealt with basic fundamentals and
system components. In this chapter we discuss basic hydraulic circuits. A hydrau-
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lic circuit is a group of components such as pumps, actuators, control valves, and
conductors so arranged that they will perform a useful task. When analyzing or
designing a hydraulic circuit, the following three important considerations must be
taken into account:

1. Safety of operation
2. Performance of desired function
3. Efficiency of operation

It is very important for the fluid power technician or designer to have a
working knowledge of components and how they operate in a circuit. Hydraulic
circuits are developed through the use of graphical symbols for all components.
Before hydraulic circuits can be understood, it is necessary to know these fluid
power symbols. Figure 9-1 gives a table of symbols that conform to the American
National Standards Institute (ANSI) specifications. Many of these symbols are
presented in previous chapters, and ANSI symbols are used throughout this book.
Although complete memorization of basic symbols is not necessary, Fig. 9-1
should be studied so that the symbols become familiar. The discussions that
follow will cover circuits that represent basic hydraulic technology.

9.2 CONTROL OF A SINGLE-ACTING
HYDRAULIC CYLINDER

Figure 9-2 shows how a two-position, three-way, manually actuated, spring offse:
directional control valve (DCV) can be used to control the operation of a single-
acting cylinder. In the spring offset mode, full pump flow goes to the tank via the
pressure relief valve. The spring in the rod end of the cylinder retracts the piston
as oil from the blank end drains back to the tank. When the valve is manually
actuated into its left envelope flow path configuration, pump flow extends the
cylinder. At full extension, pump flow goes through the relief valve. Deactivation
of the DCV allows the cylinder to retract as the DCV shifts into its spring offset
mode,

9.3 CONTROL OF A DOUBLE-ACTING
HYDRAULIC CYLINDER

Figure 9-3 gives a circuit used to control a double-acting hydraulic cylinder.
The operation is described as follows;

1. When the four-way valve is in its spring-centered position (tandem de-
sign), the cylinder is hydraulically locked. Also the pump is unloaded back to t
tank at essentially atmospheric pressure.
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